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ABSTRACT

The continuous augmentation of environmental laws for refrigerants has forced the HVACR sector
to re-consider natural refrigerants, with Carbon Dioxide (R744) being a promising candidate due
to its competitive heat transfer properties and negligible environmental impact. When operated in
a transcritical heat pump cycle, R744 can heat water to above-conventional temperatures such as
90°C without a severe downgrade in cycle efficiency. Recent literature revealed that 18.8% of the
total industrial energy demand in South Africa is integrative with this system when operating at
such high water temperatures. Although the system’s ability and potential market have been
pointed out, actual cycle performance data is limited to low ambient temperatures only, which is
unusual for South Africa. Thus, the need exists to predict the cycle performance at the mentioned

water outlet temperatures over a range of high ambient temperatures, typically beyond 25°C.

In this study, a thorough literature study was carried out to evaluate the component types, methods
and correlations typically used to numerically model the cycle in question. The relevant theory that
governs the thermo-physical behaviour of each component was compiled and integrated into a
simulation model. The verification revealed that the component models were able to predict their
reference data within an absolute maximum deviation of 3.17%. The individual component model
validations (relative to experimental data) and the full cycle simulations (relative to literature data)

proved the model to deliver satisfactory accurate and tangible results for the purpose of this study.

After sizing the system to criteria that provide a sufficient capacity to satisfy all intended operating
conditions, various simulations followed. At a water outlet temperature of 90°C, subject to an
ambient temperature rise from 25°C to 40°C, the best-recorded COP value enhanced from 3.02 to
3.37 (+11.6%), whilst the heating capacity rose from 32.7 kW to 41.1 kW (+25.7%). This was
accompanied by a moderate rise in optimal discharge pressure. Other parameters such as the
heat transfer rates, mass flow rates, and power consumption were also studied. Normalised to the
most appropriate literature, the noted efficiencies were found lower than Yamaguchi et al. (2011),
yet, higher than Wang et al. (2013a). It was concluded that the high ambient temperatures did not
result in significantly higher efficiencies than those of literature, which is linked to lower ambient
temperatures, yet, at higher humidity. Hence, the important influence of ambient humidity was also
considered. At an ambient temperature of 40°C, a rise in relative humidity from 30% to 60% led to
a COPy improvement from 3.37 to 3.77 (+11.9%). At such high ambient conditions, it was also
revealed that the evaporation temperature needs to be maintained at a low enough value (in this
case 16.4°C) for the R744 discharge temperatures to still be satisfactory for the application of such
high water temperatures. Supplementary, at the conditions of interest, it was found that an increase

in water inlet temperature heavily degrades the cycle efficiency.
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1. CHAPTER 1: INTRODUCTION

1.1 Background

In modern times, global warming is a problem faced by countries worldwide, especially
industrialising countries. Engineering sectors of heating, ventilation, air conditioning and
refrigeration (HVACR) have been forced by legislation to govern the usage of refrigerants in
vapour-compression cycles. Worldwide treaties such as the Montreal- and Kyoto protocol have
enforced refrigerant regulations on ozone depletion and greenhouse gas emissions (Harris,
2014). The most common indexes used to quantify the environmental harmfulness of a refrigerant
are the Ozone Depletion Potential (ODP) and Global Warming Potential (GWP). The former
measures the ability of refrigerants to diminish the stratospheric ozone relative to an equal mass
of R11 refrigerant, whereas the latter measures the heat-trapping effect of a gas over a fixed
period in the atmosphere (usually 100 years), relative to an equal mass of carbon dioxide (Calm
& Didion, 1998).

Thus far, extensive research has gone into technology with the potential to improve the
environmental friendliness and energy efficiency of the HVACR sector. A recent area where
potential has been identified for both these aspects is the application of heat pumps in the
industrial industry. In particular, for the heating of water or process fluids to high temperatures
(beyond 60°C), which are typically required within this industry (IEA, 2014). According to the
World Energy Outlook report of 2021, the industrial sector is accountable for almost 40% of the
current global energy consumption (IEA, 2021).

Although heat pumps may be viable for heating fluids in the industrial sector, few refrigerants exist
with the ability to do so efficiently as well as an environmental-friendly essence. During the early
use of industrial heat pumps in the 1970s and 1980s, the chlorofluorocarbon (CFC) refrigerant
R114 was typically applied. This came as a result of its high critical temperature and low pressure,
which are beneficial for the application. However, this refrigerant is part of the chlorofluorocarbon
(CFC) group, which is among the hydro-chlorofluorocarbons (HCFC) group of synthetic
refrigerants, banned today (Wolf, et al., 2012)

The latest generation of synthetic refrigerants developed up to date, namely hydrofluoro-olefins
(HFOs), entails both a zero ODP and low GWP rating. The properties of a typical HFO refrigerant,
namely R1234ze, are illustrated in Table 1-1 relative to other common refrigerants. The
mentioned R1234ze has the theoretical ability to provide heat sink temperatures of 105-125°C,
making it applicable for high-temperature industrial applications. Although, this is only possible

when the heat sink enters the system at temperatures beyond 60°C (Bamigbetan, et al., 2018).
1



Moreover, despite the newer generations of synthetic refrigerants that have been developed thus
far, history has proven that unforeseen environmental consequences came forward and that the
greatest proportion of synthetic refrigerants remains flammable and or toxic. Thus, it can be

reasoned that natural refrigerants should be the focus of the future (Bamigbetan, et al., 2017).

One such natural refrigerant, namely carbon dioxide (R744), was re-introduced in 1994 as a
competitive vapour-compression cycle option when operated as a transcritical cycle, i.e., both
sub-critical and supercritical. Unlike conventional heat pump cycles, a gas cooler is incorporated
in place of the condenser. This cycle takes advantage of a large temperature glide on the heat
sink in the gas cooler, which makes it beneficial for high-temperature heating applications
(Bamigbetan, et al., 2017). Ever since its re-introduction, R744 has been proven to be viable for
high-temperature heat pump applications by researchers such as Neksa et al. (1998) and more.
A study conducted by White et al. (2002) investigated the potential of R744 to heat water to above-
conventional temperatures, i.e., above 65°C. A prototype water-to-water heat pump was
constructed, after which experimental results were recorded at water outlet temperatures of up to
90°C. The authors concluded that a relatively small degradation in heating capacity and system
efficiency was observed at such temperatures.

Apart from R744’s ability to heat water to above-conventional temperatures, it includes many
advantages over Freon refrigerants, as is evident in Table 1-1. Notably, R744 has relatively
superior eco-friendliness considering its zero ODP and GWP of one. Considering R744’s
refrigeration capacity, it can also be regarded as a relatively good choice for heat transfer
applications. Additionally, R744 is one of a few recognised natural refrigerants that is both non-
flammable and non-toxic. However, R744 also has disadvantages such as a) its low critical
temperature, which results in less effective heat transfer to ambient conditions lower than its
critical temperature, and b) its particularly high operating pressures, which require expensive and
specialised components (Kaiser & Van Eldik, 2019). Even so, this natural refrigerant has evolved
into the leading refrigerant choice for a multitude of refrigeration and heat pump applications (Cao
et al., 2020).

A recent study by Kaiser (2021) investigated the potential of integrating transcritical R744 heat
pumps into the South African industrial sector for the heating of water/process fluids with
temperature requirements up to 100°C. Hence, the author indicated a potential heat demand of
219.5 PJ, which corresponds to 18.8% of the total industrial energy demand in South Africa. This
potential integration will also reduce the environmental impact of coal and electricity, which are

the country’s primary sources of process heat generation.



Although literature has revealed the system’s ability and potential market for R744 heat pumps to
supply water in the proximity of 90°C, its performance data is limited under such conditions. This
is especially the case when the system is operated at ambient conditions exceeding 25°C — which
are typical conditions found in South Africa. It has been found from literature that most studies of
R744 heat pumps include water outlet temperatures of roughly 65°C and ambient temperatures
ranging from -15°C to 25°C. Only three studies could be identified that reported on the cycle
performance at water outlet temperatures of 90°C or higher (Cao, et al., 2020; Yamaguchi, et al.,
2011; Ye, et al., 2020). Note that this included air-to-water R744 heat pumps only and that the
highest ambient temperature investigated by these studies was that of Yamaguchi et al. (2011)
at 28°C.

Table 1-1: Basic properties of common natural and Freon refrigerants (Nawaz, et al. 2018, Rony, et al. 2019).

PROPERTIES R12 R22 = RI134A R1234ZE R744 R717
(CFC) |(HCFC)| (HFC) (HFO) (NATURAL) | (NATURAL)

ODP 0.9 0.05 0 0 0 0

GWP 8100 | 1700 | 1300 4 1 0
FLAMMABILITY Non Non Non Low Non Low
TOXICITY Non Non Non Low Non High
CRITICAL PRESSURE [MPA] 4.06 4.97 4.07 3.63 7.38 112.8
CRITICAL TEMPERATURE [°C] 100.9 96.0 101.1 109.4 31.3 132.3
REFRIGERATION CAPACITY* [KJ/M3] 2734 4356 2868 2725 22545 4382

* Volumetric refrigeration capacity at 0°C.

Since 2010, various research on R744 heat pumps has been conducted within the North-West
University (NWU). This included the accuracy evaluation and development of heat transfer
correlations for the cooling and heating of R744. Furthermore, numerical models of the cycle’s

compressor and heat exchangers have been established.

The integration of the above-mentioned studies may allow for research to be performed on the
cycle as a whole. Sian and Wang (2017) reported that although experimental studies add
practicality and useful data to the understanding of transcritical R744 cycles, they require hefty
financial and time resources. In contrast, modern and more cost-effective research techniques
such as numerical simulations have evolved into a robust alternative to continue investigating this

technology.

In summary, considering that a potential market exists for transcritical R744 heat pumps to supply
water for industrial processes with temperature requirements below 100°C, an investigation of
this technology’s performance at South African ambient temperatures may be beneficial to the

field of knowledge.



1.2 Problem statement

Despite the ability of transcritical R744 heat pumps to supply water at high temperatures,
performance data thereof remains limited to low ambient temperatures. Recent literature
indicated the potential of integrating this system in the industrial sector of South Africa, a country
known for its typical hot weather conditions. Thus, the need exists to simulate the system’s
performance when supplying water in the proximity of 90°C at ambient temperatures beyond 25°C
(dry-bulb).

1.3 Objectives

The objectives of this study include:

e Research literature on the performance of R744 heat pump systems. Focus on operating
conditions that include high water outlet temperatures such as 90°C as well as ambient
temperatures exceeding 25°C. Furthermore, review literature available on the typically
used component types, methods, and theory previously used to develop numerical models
of air-to-water transcritical R744 heat pump cycles. Include previous studies conducted

within the NWU regarding the cycle and its components.

¢ Based on the above findings of literature, develop a detailed numerical model to predict
the performance of a transcritical R744 heat pump system. Subsequently, verify and
validate the model by comparing simulation results to results available from credible and

independent sources.

e Use the developed model to size the system in such way that it will be able to satisfy all
intended operating conditions to be simulated. Hence, generate data on the system’s
performance by simulating the cycle performance at high water outlet and ambient

temperatures.

1.4 Research methodology

The study will be introduced by conducting a thorough literature study of the existing performance
data of transcritical R744 heat pumps, especially when operating at the desired conditions of this
study. In addition, the numerical modelling strategies applied by previous researchers to model
such systems will be analysed. These findings will serve as a rationale for the numerical model
development and include the component types, correlations, assumptions, and modelling

methods.



Based on the findings of the literature review, the relevant theory of a transcritical R744 heat
pump cycle and its subcomponents will be reviewed. This includes the conservation laws,
compressor theory, heat and mass transfer theory, thermo-physical correlations, as well as heat

exchanger analysis as applicable to the respective subcomponents of the cycle.

Subsequently, the theory will be integrated into a systems-computational-fluid-dynamics (SCFD)
model. The model will be coded in a simulation software package, namely Engineering Equation
Solver (EES). The mentioned simulation software consists of built-in thermodynamic property
functions as well as a numerical solver with iterative solving abilities. The model will then be
verified by comparing the simulation results of the model to results available from credible and
independent sources such as published experimental data and other simulation software.

For the literature study, theory review, and model development, references will often be made to
former studies published in the NWU regarding R744 heat pump cycles. These studies will aid as
valuable contributions to the current study.

Using the developed model, the system will be concisely designed to allow for the simulation of
all intended operating conditions. Hence, results will be thoroughly evaluated by simulating the
desired operating conditions.



2. CHAPTER 2: LITERATURE REVIEW

In this chapter, a review follows of previous investigations on transcritical R744 heat pump cycles
with focus on the ambient temperature’s influence on the system efficiency. For this reason, only
air-to-water transcritical R744 heat pump cycles will be considered. The literature study is grouped
into the following two sections:

1. Performance of the system: The effect of various operating conditions on the system

performance will be discussed with emphasis on the ambient temperature and water outlet
temperatures. Literature that covers the cycle performance at conditions closest to the
current interest will also be highlighted.

2. Numerical modelling of the cycle: This section will focus on the approaches and

correlations used by previous researchers to develop numerical models of the cycle. This
includes the modelling on both a systems and component level. Focus will also be placed
on the specific component types and configurations previously used. This will serve as a
foundation to appropriately select the component types and configurations to be later used

in the numerical model of this study.

2.1 Performance of air-to-water transcritical R744 heat pump cycles

Historical studies have been conducted on the performance of air-to-water transcritical R744 heat
pump cycles. For background, this section will briefly review one of the earlier studies performed
by Neksa et al. (1998) on the system. Subsequently, literature regarding the influence of relevant
operating conditions will be reviewed. Ultimately, an analysis is carried out of the performance
data available at the desired conditions of this study, i.e., water outlet temperatures in the region

of 90°C and ambient temperatures beyond 25°C.

Note that where the considered sources included information about the ambient wet-bulb (WB)
temperature or moisture content to derive so, the air temperature will be indicated in terms of both
dry-bulb (DB) and WB. Where this is not the case, no indication will be given and the air

temperatures should be solely interpreted as DB.
2.1.1 Initial investigation conducted on transcritical R744 heat pump cycles

Neksa et al. (1998) conducted one of the earliest experimental studies on a transcritical R744
heat pump cycle. Nevertheless, this air-to-water prototype provided a 50 kW heating capacity and

heated water from 8°C to 60°C. At an ambient temperature of 5°C and evaporation temperature
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of 0°C, the authors recorded a cycle heating coefficient of performance (COP4) of 4.3. The authors
pointed out that for any operating condition, a maximum system efficiency exists at a specific
discharge pressure known as the optimal discharge pressure (ODP). In other words, more than
one R744 discharge pressure can satisfy the operating condition, yet, at different system
efficiencies. At the aforementioned condition, the ODP was found to be roughly 9.3 MPa. The

accompanying cycle layout and T-s diagram are portrayed in Figure 2-1.

In addition, Neksa et al. (1998) investigated the cycle behaviour when heating water to above-
conventional temperatures (above 60°C) by increasing the R744 discharge pressure. Whilst doing
so, the evaporation temperature and water inlet temperature were held constant at 0°C and 8°C,
respectively. A moderate degradation from 4.3 to 3.6 in COPy was indicated when the water outlet
temperature was raised from 60°C to 80°C. Compared to electrical and gas systems, it was
concluded that transcritical R744 heat pumps are effective systems for water heating and provide
a further advantage, which is their ability to heat water to higher temperatures such as 90°C
without operational difficulties.
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Figure 2-1: An early transcritical R744 heat pump cycle alongside its accompanying T-s diagram (Neksa, et al.,
1998).

2.1.2 Influence of operating conditions on cycle performance

The performance of vapour compression cycles is affected by their operating conditions.
Literature regarding the main influences of relevant operating parameters on the performance of

transcritical R744 heat pumps will now be considered. These parameters include:

o R744 discharge pressure



e Water inlet temperature
e Water outlet temperature

¢ Ambient temperature and evaporation temperature
2.1.2.1 R744 Discharge Pressure

Wang et al. (2013a) analysed the efficiency of the considered cycle subject to the discharge
pressure. Figure 2-2 illustrates the recorded cycle COPy values as a function of the discharge
pressure over a range of water outlet temperatures. A higher water outlet temperature was
reached when the discharge pressure increased. Analogous to Neksa et al. (1998), it was
revealed that the discharge pressure has a non-monotonical influence on the cycle efficiency. At
the instance of a 25°C DB (20°C WB) ambient temperature and water outlet temperature of 65°C,
a 9.8 MPa discharge pressure resulted in a cycle COPy of 3.8.
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Figure 2-2: Effect of discharge pressure on the heating COP at 25°C ambient temperatures over a range of
water outlet temperatures (Wang, et al., 2013a).

Note that the interdependence between the ODP and COPy may primarily be attributed to the
unique thermophysical properties of R744, especially around the pseudocritical region. When
considering the P-h plot of R744, as shown in Figure 2-3, it can be seen that the isotherms are
relatively flat close to the critical point. As the discharge pressure increases, the R744 gas cooler
outlet temperatures and evaporating pressure decrease correspondingly. Therefore, both the
heating capacity and required compressor power increase. However, as the supercritical region

near the critical region and beyond are reached, the unique thermophysical properties of R744
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are enhanced. At this point, the increase in heat capacities for the corresponding decrease in
R744 gas cooler outlet temperatures and increase in discharge enthalpy are greater than the
increase in required compressor power. Hence, the cycle COPyincreases (Wang, et al., 2013a).
Yet, with a further increase, the R744 discharge reaches the ODP at which the cycle efficiency
realises a maximum value. From Figure 2-2, it can be seen that the ODP is unique for each given
water outlet temperature. As the discharge pressure increases beyond this point, the rise in heat
capacity for the corresponding decrease in R744 gas cooler outlet temperatures and rise in
discharge enthalpy is no longer greater than the increase in required compressor power.
Consequently, the cycle’s COPy starts to decrease (Wang, et al., 2013a).

40.00

/

180 200 220 240 260 280 300 320 340 360 380 400 420 440 460 480 500 520

Enthalpy [kJ-kg™]

30.00

Figure 2-3: P-h plot of R744 with an increase in R744 discharge pressure

Supplementary studies investigating the effect of discharge pressure and ODP on system
performance include: (Cao, et al., 2020; Kauf, 1999; Wang, et al., 2012a; Wang, et al., 2013b;
Yang, et al., 2016; Yang, et al., 2019).

2.1.2.2 Water inlet temperature

Lin et al. (2013) reported that for a constant water mass flow rate, a rise in water inlet temperature
leads to a considerable decrease in system COPy and heating capacity. From Figure 2-4, it can
be seen for a water mass flow rate of 0.08 kg/s that the COPx downgraded from around 3.7 to 3.1
subject to a water inlet temperature increase from 5°C to 30°C. It can also be seen that the greater
water mass flow rate of 0.20 kg/s resulted in overall higher cycle efficiency. Nevertheless, subject

to an increase in this parameter, the authors further revealed that the R744 discharge pressure



rose, whilst the compressor power slightly increased and the heating capacity decreased. These

results were recorded at a 27°C DB (20°C WB) ambient temperature.
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Figure 2-4. Effect of water inlet temperature on the cycle COPH at two respective water mass flow rates (Lin, et
al., 2013).

This negative trend in COPy with an increase in water inlet temperature is similar to the findings
of Cao et al. (2020), where a decrease in COPuxfrom 3.0 to 2.2 was realised when the water inlet
temperature rose from 10°C to 40°C. Considering that the R744 gas cooler outlet temperature is
restricted by the water inlet temperature, it rises accordingly and reduces the enthalpy difference
between the R744 inlet and outlet states (this decrease is also intensified by the R744 transcritical
nature). As a result, the gas cooler capacity deteriorates (Fronk & Garimella, 2011). This is the
principle reason for the change in cycle COPy (Dai & Qin, 2022). Furthermore, due to the higher
R744 gas cooler outlet temperature, to improve the heat transfer temperature difference between
the R744 and water, the R744 discharge pressure and thus R744 discharge temperature is
increased (Song, et al.,, 2019). As the R744 discharge pressure rises, the pressure ratio
increases. Consequently, the compressor volumetric and isentropic efficiencies degrade and lead

to an increase in compressor power consumption (Fronk & Garimella, 2011).

Additional studies investigating the influence of water inlet temperature on system performance
include: (Laipradit, et al., 2008, Yamaguchi, et al., 2011, Yokoyama, et al., 2007, Wang, et al.,
2020, Lin et al., 2013).

2.1.2.3 Water outlet temperature

The study by Wang et al. (2013a) also investigated the effect of water outlet temperature on the

system performance at a fixed water inlet temperature of 12°C. Figure 2-5a portrays the reported
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experimental influence of the water outlet temperature on the cycle efficiency and discharge
pressure over a range of ambient temperatures. A general downward trend in cycle COPy was
revealed due to a rise in water outlet temperature. At an ambient temperature of 25°C DB (20°C
WB), a decrease in cycle COPy from roughly 4.1 to 3.3 (-19.5%) was recorded as the water outlet
temperature rose from 55°C to 80°C (+45.5%).
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Figure 2-5: Influence of ambient temperature on (a) heating COP and (b) ODP over a range of water outlet
temperatures (Wang et al. 2013a).

The authors accredited this downgrade in cycle efficiency to the higher R744 discharge pressures
that are required to deliver the greater water outlet temperatures. For the same variation in
conditions, Figure 2-5b demonstrates that the ODP rose from around 8.8 MPa to 11.7 MPa. As a
result of the increased discharge pressures, despite the increase in heating capacity, higher
compressor power is required, which leads to the observed degrading in cycle COPy.

Although literature contains several investigations conducted on air-to-water transcritical R744
heat pump cycles, few could be found that explicitly analysed the cycle performance subject to
the water outlet temperature. Nevertheless, similar findings were reported by Neksa et al. (1998)
and Ye et al. (2020).

2.1.2.4 Ambient temperature and evaporation temperature

Saikawa and Koyama (2016) examined the influence of ambient temperature on the cycle COP.

An improvement from roughly 3.2 to 3.8 was recorded when the ambient temperature rose from

4.6°C to 22.5°C, whilst the heating capacity increased from 4.0 kW to 5.5 kW. The influence of

ambient temperature on the system behaviour was also included by Wang et al. (2013a). At

respective water inlet and outlet temperatures of 12°C and 60°C, the COPy advanced from 1.9 to
11



4.3 due to an ambient temperature increase from -15°C to 35°C DB (-16.4°C to 25°C WB), as

shown in Figure 2-5a.

Note from Figure 2-5b that the ODP also increased with a rise in ambient temperature. For the
same variation in conditions, a rise in ODP from around 8.0 MPa to 9.2 MPa was recorded. The
authors stated that for a fixed water inlet and outlet temperature, R744 discharge temperature is
the influential factor for the heat transfer that occurs in the gas cooler. Due to the varying
thermophysical properties of R744 near the pseudocritical region, the resulting heat transfer in
the gas cooler is influenced. With an increase in pressure and temperature, the specific heat and
Prandtl number decrease. Since the evaporation temperature rises with ambient temperature, the
pressure ratio decreases, which leads to a reduced discharge temperature. Since this affects the
heat transfer, a higher temperature difference than that is required in the gas cooler to yield the
best heat transfer. As a result, the discharge temperature needs to be increased, which implies a
higher ODP (Wang, et al., 2013a).

It was further reported by Wang et al. (2013a) that the evaporation temperature is a function of
the ambient temperature and that the difference between these two variables remains
approximately constant within the evaporator. Likewise, Qi et al. (2013) also stated that the
evaporation temperature is a function of the ambient temperature and that these two variables
trend in the same direction. Nevertheless, respective to the amount of literature available subject
to the ambient temperature, little information could be found regarding the difference in fluid
temperatures within the evaporator. Despite the statement of Qi et al. (2013), no numerical data
thereof was reported by these authors. The rest of this subsection will focus on literature that

could be found on the relationship between these two parameters.

For a water outlet temperature of 60°C, Wang et al. (2013a) revealed an approximately linear rise
in evaporation temperature due to an increase in ambient temperature, as depicted in Figure 2-6.
Over a DB ambient temperature range of 15°C to 35°C DB (11°C to 25°C WB), the evaporation
temperature rose from -1°C to 13°C. Over this range, the temperature difference between the WB
air temperature and evaporation temperature was approximately 12°C. The authors further stated
that in an actual plant, the evaporation temperature is slightly affected by the discharge pressure.
As a result, the experimentally recorded evaporation temperatures were implemented into the

author’s numerical model by use of interpolation functions.
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Figure 2-6: Effect of ambient temperature on evaporating temperature when heating water to 60°C (Wang, et

al., 2013a).

Yamaguchi et al. (2011) reported the compressor suction pressure subject to the ambient
temperature, as portrayed by the lower line in Figure 2-7. For the current argument, the pressure
loss difference between the suction pressure and evaporation pressure is neglected. From the
figure, it can be seen that the evaporation pressure linearly increased from approximately 3.9
MPa (=4.3°C evaporation temperature) to 5.0 MPa (=14.3°C evaporation temperature) when the
ambient temperature rose from 13°C to 28°C. These results were reported at an inlet water

temperature of 20°C. No information on the air's relative humidity (RH) was included.
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Figure 2-7: Recorded pressure values of an air-to-water transcritical R744 heat pump as a function of ambient

temperature (Yamaguchi, et al., 2011).

13




Ye et al. (2020) incorporated a constant temperature difference within their numerical model used
to investigate the cycle performance subject to a varying ambient temperature and water inlet
temperature. Unlike Wang et al. (2013a) and Yamaguchi et al. (2011), as far as reported, the
authors did not have experimental results to verify or calibrate their evaporation temperatures.
Nevertheless, an approximation approach of 10°C between the evaporator fluids was used at
operating conditions that include ambient temperatures between -10°C and 20°C, water outlet

temperatures of 60°C to 90°C, and water inlet temperatures with a range of 15-45°C.

Supplementary studies that involved the individual influence of ambient temperature or
evaporation temperature on the system performance include: (Cao, et al., 2020, Laipradit, et al.,
2008, Neksa, et al., 1998, Qi, et al., 2013, Wang, et al., 2012a, White, et al., 2002, Yamaguchi,
et al., 2011, Yang, et al., 2016, Wang, et al., 2020, Lin, et al., 2013).

2.1.3 Performance of air-to-water transcritical R744 heat pump cycles at above

conventional water outlet temperatures and relatively high ambient temperatures

As mentioned in Chapter 1, limited literature could be found on the cycle performance at
conditions including water outlet temperatures in the region of 90°C, as well as ambient
temperatures beyond 25°C. Yet, in an attempt to gain an underlying understanding of the cycle
performance at these conditions, literature pertaining to operating conditions closest thereto will
be evaluated. In this way, a perspective is gained of the typical values and trends that can be
expected of the cycle behaviour when operated at the desired conditions of this study. Note that
only one of the below studies included information on the WB ambient temperatures (or relative

humidity to derive so).

Table 2-1 outlines the cycle behaviour data from four different studies that involved operating
conditions closest to the desired values of the current investigation. These correspond to the three
air-to-water R744 heat pump studies that entail water outlet temperatures of 90°C, as were also
pointed out in Chapter 1. As will be justified below, the study of Wang et al. (2013a) is also
included. Note that the values reported in the table are subject to the indicated ambient
temperature. Also, only the most relevant data of the respective studies are listed in the table. In
other words, only data relating to the highest recorded ambient temperature and water outlet

temperatures.

From the table, it is seen that despite Wang et al. (2013a) investigating a water outlet temperature
as high as 80°C. Over an ambient temperature range of 15 — 35°C DB (11 — 25°C WB), the

authors reported an improvement in system COPy from 2.85 to 3.50, whilst the accompanying
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ODP increased from 11.7 MPa to 12.3 MPa. These results were recorded at a water inlet

temperature of 12°C and are also shown in Figure 2-5.

Table 2-1: Review of previously reported cycle performance at operating conditions most relevant to high water
outlet temperatures and/or high ambient temperatures (Varying values are subject to the ambient temperature).

STUDY / PARAMETER Wang et al. Yamaguchi et al. Ye et al. Cao et al.
(2013A) (2011) (2020) (2020)
Water outlet temperature 80 90 90 90
[°C]
Ambient temperature 25-35DB/ 13 — 28* (-10) — 20* 2%
[°C] 11-25WB
Evaporation temperature Unspecified 43-14.3 (-20) - 10 Unspecified
[°C]
CRE 11.7-12.3 +125 10.2-12.7 11.89
[MPa]
Water inlet temperature 12 20 15 10
[°Cl]
ot 2.85—3.50 3.2-36 Unspecified 2.75
[-]
Heating capacity Unspecified 22 - 27 Unspecified 55.8
[kw]
e Unspecified 6.5-5.5 Unspecified 20.3
[kW]
R744 mass flow rate Unspecified 0.085-0.128 Unspecified Unspecified
[kg/s]
Water mass flow rate Unspecified 0.075 — 0.092 Unspecified 0.167
[kg/s]

*No information of the WB temperature was included (or of the air humidity to derive so).

Of all the studies listed in the table, Yamaguchi et al. (2011) included the most cycle performance
data subiject to their investigated ambient temperature. As mentioned before, this is also the study
with the highest reported ambient temperature for an outlet water temperature of 90°C. At a water
inlet temperature of 20°C, an improvement in cycle COPy from 3.2 to 3.6 was experienced as the
ambient temperature rose from 13°C to 28°C. As portrayed in Figure 2-7, the ODP remained fairly
constant at around 12.5 MPa, whilst the evaporation temperature increased from around 4.3°C
to 14.3°C (as earlier derived from the suction pressure). The authors did not justify the unchanged
ODP. The recorded R744 mass flow rate increased from 0.085 kg/s to 0.128 kg/s, compared to
the less significant water mass flow rate that rose from 0.075 kg/s to 0.092 kg/s. Moreover, Figure
2-8 illustrates that the heating capacity rose from roughly 22 kW to 27 kW, whilst the power

consumption decreased from approximately 6.5 kW to 5.5 kW.

15



40

I
—— Gas cooler (Simulation) © Gas cooler (Experiment)
---- Evaporator (Simulation) 4 Evaporator (Experiment)
—-— Compressor (Simulation) O Compressor (Experiment)

T

=
=
w L
.3 30F N
= e = %
38 W
[ eR B
5 E FAYAVAN _
gg 20— AAFA__&____A;—%“—__F
g2 [ _AAADA= T
T3 E -
CDE L
T2 10
S  L._._ Qoo 0 0 00 0 oo
5 C T T T T T T T T e e
=
@ 0 1 | I | 1 | I | 1 | 1 | | 1 | 1 | 1

—
o
n
—
s
—
»
—
fes}
n
o
n
N
)]
5
n
»
)]
o
w
o

Outside air temperature T, °C

Figure 2-8: Influence of ambient temperatures on the system heat transfer rates and power consumption
(Yamaguchi, et al., 2011).

Despite for ambient temperatures below 25°C, other studies that also included a water outlet
temperature of 90°C are Ye et al. (2020) and Cao et al. (2020). Over an ambient temperature
range of -10°C to 20°C, the former recorded a rise in ODP from 10.2 MPa to 12.7 MPa (+24.5%)
at a water inlet temperature of 15°C. The latter only included a single condition at which the
ambient and water inlet temperatures were 2°C and 10°C, respectively. In this case, an ODP of
11.98 MPa, COPy of 2.75, and a water mass flow rate of 0.167 kg/s were recorded. In addition,
the heating capacity and power consumption were indicated as 55.8 kW and 20.3 kW,

respectively.

Aside from the effect of ambient temperature at such high water temperatures, the influence of
an internal heat exchanger (IHX) was also included by Ye et al. (2020) and Cao et al. (2020).
Both studies pointed out that the addition of an IHX reduces the required R744 discharge
pressure, which improves the system efficiency. With the addition of an IHX, the former indicated
that the above-mentioned ODP range lowered from 10.2-12.7 MPa to 9.6-12.3 MPa. The latter
indicated that the ODP reduced from 11.89 MPa to 11.25 MPa, which resulted in a COPy
enhancement from 2.75 to 2.91 (+5.8%). However, note than conditions included by the latter as
well as Kim et al. (2005) also reported a reduction in heating capacity due to the addition of an

IHX due to the higher suction temperature and thus R744 mass flow rate.

Furthermore, the influence of water inlet temperature was additionally considered by Yamaguchi
et al. (2011) and Ye et al. (2020). Similar trends to those in the previous section were reported.
At a constant ambient temperature of 16°C, when the water inlet temperature varied from 10°C

to 40°C, the former indicated that the cycle COPx downgraded from roughly 3.5 to 2.6, whilst the
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heating capacity decreased from approximately 24.5 kW to 21.0 kW. Also, the R744 mass flow
rate marginally rose from around 0.091 kg/s to 0.096 kg/s, whilst the compressor power
consumption slightly rose from 6.0 kW to 7.0 kW. The latter reported that although the ODP
increases due to higher water inlet temperatures, the effect that ambient temperature has on the
ODP lessens. At a water inlet temperature of 40°C instead of 10°C, the above-mentioned ODP
range of the latter rose from 11.1 MPa to 13.3 MPa (+19.8%), rather than from 10.2 to 12.7
(+24.5%).

Based on the above, an overview of the cycle performance has now been gained at operating
conditions closest to the interest of this study. This is especially the case for Wang et al. (2013a)
and Yamaguchi et al. (2011), which will later (Chapter 7) be brought into perspective with the
findings of the current study.

2.1.4 Summary

The first part of this literature study considered the historical performance information of air-to-
water R744 transcritical heat pumps. The section was introduced by briefly reviewing the early
study of Neksa et al. (1998), which pointed out that the best cycle efficiency can be achieved by
operating the system at its corresponding ODP. Also, the system is capable of heating water to
above-conventional temperatures such as 90°C without a severe downgrade in efficiency and

operational difficulties.

Subsequently, literature on the effect of various operating conditions on the cycle behaviour was
studied. Not all studies indicated whether their reported ambient temperatures are DB or WB and
neither included information of the air RH to derive so. Nevertheless, analogous to Neksa et al.
(1998), it was noted that higher water outlet temperatures can be achieved as a result of increased
R744 discharge pressures and moderately downgraded system efficiency. An increase in R744
discharge pressure leads to an improvement in system efficiency up until the ODP is reached,
after which a reduction occurs with a further increase in R744 discharge pressure. The
relationship between the ODP and maximum cycle efficiency was also described and attributed
to the unique transcritical nature of R744. Furthermore, subject to an increase in water inlet
temperature, it was reported that the system COPy and heating capacity heavily decreases, whilst
the compressor power slightly increases. In addition, due to an increase in water mass flow rate,
an improvement in the cycle efficiency was indicated. The influence of ambient and evaporation
temperatures was also considered. It was reported that the latter is a relatively linear function of

the former and that the concurrent increase of these two parameters leads to an improvement in
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system efficiency. As will be discussed in the second part of this chapter, some researchers used

experimental data to relate these two variables, whereas others used an approximation approach.

The final part of this section focussed on system performance literature that involved water outlet
temperatures as high as 90°C and/or ambient temperatures exceeding 25°C. Of the considered
studies, Yamaguchi et al. (2011) and Wang et al. (2013a) included operating conditions closest
to the interest of this study. The former involved a water outlet temperature of 90°C, yet at ambient
temperatures of only up to 28°C, whereas the latter included ambient temperatures of up to 35°C,
although, at a maximum water outlet temperature of only 80°C. Furthermore, also at a 90°C water
outlet temperature, the influence of water inlet temperature and the addition of an IHX on the
cycle behaviour were considered. It was reported than an IHX improves the system efficiency,
yet, tends to have a negative impact on the heating capacity. Note that these findings will be
brought into perspective in Chapter 7 when evaluating the results of the present investigation.

In conclusion of the first part of the literature review, the performance and underlying influences
of an air-sourced transcritical R744 heat pump system have been examined. As a result,
perspective has been gained on the aforementioned. The second part of the literature review will
specifically focus on the numerical models used by previous researchers to predict the

performance of the technology in question.

2.2 Numerical modelling of a transcritical R744 heat pump cycle

In this section, the typically used component types, modelling approaches and correlations used
in previous studies will be reviewed. As mentioned at the beginning of this chapter, this will serve
as an appropriate guideline for the decisions to be made regarding the aforementioned aspects
in the numerical model of this study. Note that the current study focuses only on air-to-water
transcritical R744 heat pumps used for water heating. Eight prior studies that entailed the

numerical modelling of the cycle have been identified from literature and are listed below:

e Kim et al. (2005)

e Laipradit et al. (2008)

e Yamaguchi et al. (2011)
e Linetal. (2013)

e Wang et al. (2013a)

e Sian and Wang (2017)
e Yeetal (2020)

e Heetal. (2020a)
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The models employed in the above-listed studies will be reviewed on a systems modelling level.
Thereafter, a detailed review follows of the specific correlations and methods used on a

component modelling level.
2.2.1 Systems modelling level

In all eight of the above-listed studies, the following common assumptions or approaches were

included in the numerical model:

¢ The model will be simulated in steady-state only.

e Heat losses to the environment are negligible within the heat exchangers.

¢ Changes in kinetic and potential energy are negligible (All studies except Yamaguchi et
al. (2011), which accounted for changes in kinetic energy).

e The connecting pipelines between the cycle components have a negligible pressure drop
(All studies except Laipradit et al. (2008)).

e The finite volume method is used to evaluate the heat exchangers.

e Apart from heat transfer through convection, conduction through the lateral heat

exchanger walls is also accounted for (except Kim et al. (2005) and Laipradit et al. (2008)).
2.2.1.1 Study by Kim et al. (2005)

The cycle model of Kim et al. (2005) consisted of a semi-hermetic compressor, counterflow tube-

in-tube gas cooler and -evaporator, expansion valve, and counterflow tube-in-tube IHX.
The following assumptions or approaches were further reported:

¢ A finite volume method was used to model the heat exchangers
e For each finite volume, the log mean temperature difference (LMTD) method was used to
perform the heat balance calculations.

e A constant degree of superheat (DOS) of 5°C was assumed.
2.2.1.2 Study by Laipradit et al. (2008)

The cycle model of Laipradit et al. (2008) consisted of a reciprocating compressor, counterflow

tube-in-tube gas cooler, smooth finned-tube evaporator, and expansion valve.

The following assumptions and approaches were further reported:

19



e The evaporator is divided into three zones, namely superheated R744 with dry air, two-
phase R744 boiling with dry air, and two-phase R744 boiling with wet air.

e The enthalpy-based method proposed by Threlkeld (1962) is used to calculate the heat
balance in the evaporator. Note that this method accounts for the effect of moist air as
well as fin efficiency.

e The heat balance in the gas cooler is calculated with the aid of the effectiveness-NTU
method.

e Both frictional pressure loss and acceleration pressure loss are accounted for in the
R744’s two-phase boiling zone.

e Pressure drops in the connecting pipes are accounted for as determined by the Darcy-
Weisbach (1942) equation.

2.2.1.3 Study by Yamaguchi et al. (2011)

The cycle model of Yamaguchi et al. (2011) consisted of a reciprocating compressor, helically
coiled counter-flow tube-in-tube gas cooler, smooth finned-tube evaporator, expansion valve, and

counterflow twin-tube IHX.
The following assumptions and approaches were further included:

o Water flow in the gas cooler is assumed to have a flow pattern that is identical to fully
developed laminar flow.

e Pressure loss in the gas cooler and IHX’s high-pressure side consists of losses caused
by friction- and deceleration loss, whilst pressure loss in the evaporator and IHX’s low-
pressure side consists of the losses caused by friction and momentum.

e Fin efficiency is accounted for in the heat transfer of the evaporator.
2.2.1.4 Study by Lin et al. (2013)

The cycle model of Lin et al. (2013) consisted of a semi-hermetic compressor, counterflow tube-

in-tube gas cooler, smooth finned-tube evaporator, and capillary tube (expansion device).
The following assumptions and approaches were further stated:

e The enthalpy-based method suggested by Threlkeld (1962) is used to calculate the heat
balance in the evaporator.
e Inthe capillary tube pressure drop calculation, both single- and two-phase conditions are

accounted for.
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2.2.1.5 Study by Wang et al. (2013a)

The cycle model of Wang et al. (2013a) consisted of a semi-hermetic compressor, helically coiled
counter-flow tube-in-tube gas cooler, wavy finned-tube evaporator, expansion valve, and

counterflow tube-in-tube IHX.

The following assumptions and approaches were also reported:

e The water flow regime in the gas cooler is assumed to be turbulent flow.

e Threlkeld (1962)’s enthalpy-based method is utilised to calculate the heat balance in the
evaporator.

e In the capillary tube pressure drop calculation, both single- and two-phase conditions are
accounted for.

e Because there are two rows in the evaporator, at the airside, for every infinitesimal length
of the tube, the air outlet parameters of the first row are assumed equal to those at the
inlet of the second row.

¢ On the evaporator’s airside, two rows of tubes are encountered where the R744 flows
through. For every segment of the tube, the outlet conditions of the first row are substituted
as the inlet conditions for the second row.

e The evaporation temperatures are based on experimental data and are incorporated into

the model with linear interpolation functions.
2.2.1.6 Study by Sian and Wang (2017)

The cycle model of Sian and Wang (2017) consisted of a semi-hermetic compressor, counter-
flow plated gas cooler, smooth finned-tube evaporator, expansion valve, and counter-flow plated
IHX.

The following assumptions and approaches were reported within the model of Sian and Wang
(2017):

e The enthalpy-based method from Threlkeld (1962) is used to calculate the heat balance
in the evaporator.
e The maximum R744 flow rate for the expansion valve is defined as a function of the orifice

size as well as the pressure drop over the valve.
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2.2.1.7 Study by Ye et al. (2020)

The cycle model of Ye et al. (2020) consisted of a reciprocating compressor, counter-flow plated

gas cooler, wavy finned-tube evaporator, and expansion valve.
The following approaches and assumptions were further pointed out:

¢ An approximation approach of 10°C is used between the evaporation temperature and
ambient temperature.
e The minimum pinch points within the heat exchangers are set to 4°C.

¢ The finite volume approach is employed to evaluate the heat exchangers.
2.2.1.8 Study by He et al. (2020a)

The cycle model of He et al. (2020a) consisted of a reciprocating compressor, counter-flow plated

gas cooler, wavy finned-tube evaporator, and expansion valve.
The following approaches and assumptions were pointed out in the model of He et al. (2020a).

¢ Homogeneous flow in the two-phase boiling region is assumed.

e Threlkeld (1962)'s enthalpy-based method is used to calculate the evaporator heat
balance.

¢ The finite volume approach is employed to evaluate the heat exchangers.

e The heat transfer in the evaporator is divided between the two-phase R744 region and
superheated R744 region.

2.2.2 Detailed modelling level

In this section, a detailed review of the correlations and types of correlations used to model the

individual components of the cycle, follows.
2.2.2.1 Modelling of the compressor

A concise overview follows on the compressor modelling of the eight air-to-water transcritical
R744 heat pump cycles identified in this literature review. Although the compressor modelling of
water-source systems is also relevant, it was decided to limit the investigation to air-to-water
systems for conciseness. In addition, a discussion follows on a recently published universal

method used to characterise the operation of an R744 compressor.
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Table 2-2 lists the different correlational approaches used by the identified studies to evaluate
compressor performance. It is clear that the reciprocating type of compressor was used in each
of the listed studies. A volumetric, mechanical, and isentropic efficiency was commonly included,
opposite to the adiabatic efficiency. Note that all these correlations have been empirically
developed, i.e., their polynomials were calibrated by the experimental data of the respective
compressors (Wang, et al., 2013a). Except for the compressor correlations of Kim et al. (2005)
and Laipradit et al. (2008) which are computed as a function of both pressure ratio and degree of

superheat (DOS), all others are calculated as a function of the pressure ratio only.

Table 2-2: Review of previous correlation approaches to the compressor modelling.

CORRELATIONS USED
STUDY COMPRESSOR
CONFIGURATION Volumetric Mechanical Isentropic Adiabatic
efficiency efficiency efficiency efficiency
WANG ET AL. Reciprocating X X X -
(2013A)
SIAN AND WANG Reciprocating X - X -
(2017)
LINETAL. Reciprocating X X X -
(2013)
KIMETAL. Reciprocating X X X -
(2005)
YAMAGUCHI ET Reciprocating X X - X
AL. (2011)
LAIPRADIT ET Reciprocating X - X -
AL. (2008)
YEETAL. Reciprocating X - X -
(2020)

In the recent study by He et al. (2020a), a polynomial model was employed to predict the
performance of their reciprocating compressor. The mass flow rate and compressor power were
directly calculated by the correlation equations as a function of the pressure ratio. Note that the

coefficients of the polynomial model were acquired directly from the compressor manufacturer.

Bester (2018) published a novel universal numerical method for developing empirical equations
to characterise the performance of a variable speed R744 reciprocating compressor. According
to the author, the methodology originated from analytical approaches being too complex and
inaccurate, and also from available empirical correlations being non-universal. Moreover, the
methodology entails four out of six specific compressor operating parameters to be known for the

remaining two parameters to be determined. These six parameters consist of the compressor
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operating frequency, refrigerant mass flow rate, suction and discharge temperature, as well as

suction and discharge pressure.

Bester (2018) further demonstrated the universal method on a set of experimental data recorded
from a relevant reciprocating compressor. In this instance, the two unknown parameters were
assigned to the refrigerant mass flow rate and discharge temperature. The developed empirical
equations were able to predict the experimental mass flow rate and discharge temperature to
within absolute error values of 0.43% and 0.99%, respectively. Furthermore, the author reported
that certain statistical decisions were made within the application of the method, which may affect
the method’s simplicity, accuracy, and applicability to other compressors. A typical example would
be to choose the least-squares method instead of the mean value, which may cause the method
to be more accurate, yet more complex (Bester, 2018).

Note that the reciprocating compressor utilised by Bester (2018) was also specifically for a
transcritical R744 application, and the manufacturer was Bitzer, which is a broadly used
compressor producer and industry leader for transcritical R744 applications (Bitzer, 2022, Opalic,
et al., 2019).

2.2.2.2 Modelling of the gas cooler

A short overview is given of the correlations used in the gas cooler models of the eight identified
studies, followed by a more detailed investigation of the convection heat transfer coefficient
(CHTC).

2.2.2.2.1 Gas cooler modelling within air-to-water transcritical R744 heat pump cycles

Table 2-3 lists the various CHTC and pressure drop correlations used in both the R744 and
watersides of the gas cooler. Also listed are the gas cooler type and configuration. It can be
identified that the tube-in-tube gas cooler, both straight and helical coiled types, are the most
popular choices for gas coolers. Note that in all these tube-in-tube gas coolers, a counterflow
configuration was used, where the R744 flowed through the inner tube, and the water flowed

through the annular tube.

In terms of the reported CHTCs employed on the waterside of the gas coolers, the correlations of
Dittus-Boelter (1985) and Gnielinski (1976) were mainly used. Only two of the studies reported
waterside friction factors, of which both were the Ito (1959) correlation and intended for helical
coiled tube-in-tube gas coolers. Note that the pressure drop was neglected by some of the

previous researchers. Where not neglected, for the R744 friction factor, excluding the helical
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coiled tube-in-tube gas coolers, the Petrov and Povov (1985) correlation was mainly used.
Furthermore, the Dang and Hihara (2004) correlation is noted as the dominant choice of CHTC
for R744.

Note that the two predominant friction factor correlations mentioned above, namely Ito (1959) and

Petrov and Povov (1985), are modified versions of the Filonenko (1954) friction factor correlation.

Table 2-3: Review of previous approaches to the gas cooler modelling in air-to-water transcritical R744 heat
pump cycles.

WATERSIDE CORRELATIONS SUPERCRITICAL R744-SIDE
S GAS COOLER CORRELATIONS
CONFIGURATION —
CHTC Friction CHTC Friction factor
factor
WANG ET AL. Tube-in-tube, Dittus-Boelter Dang and Hihara
(2013A) counterflow, helical (1985) Ito (1959) (2004) Ito (1959)
coiled
YAMAGUCHI Tube-in-tube, . Dang and Hihara
ET AL. (2011) Counte:—':fcl)ci)lg’d he“cal Not SpeCIerd Ito (1959) (2004) Ito (1959)
LIN ET AL. Tube-in-tube, Gnielinski Neglected Dang and Hihara Neglected
(2013) counterflow (1976) 9 (2004) 9
KIM ET AL. Tube-in-tube, Gnielinski Not specified Krasnoshchekov Petrov and
(2005) counterflow (1976) P et al. (1969) Popov (1985)
LAIPRADIT Tube-in-tube o o Petrov and
' Not specified Not specified Fang (2001
ET AL. (2008) counterflow P P g (2001) Popov (1985)
SIAN & o o Martin et al. Martin et al.
WANG (2017) Brazed-plated Not specified Not specified (2010) (2010)
Tube-in-tube, - . o
YE(ZI%);(')A)L. counterflow. helical Not specified Not specified Not specified Neglected
coiled
HE ET AL. o . Dang and Hihara Nilpueng and
(2020A) Brazed-plated Not specified Not specified 9(2004) Wongwises
(2015)

2.2.2.2.2 Recent studies conducted on the gas cooler correlations of R744

Harris (2014) determined that available Nusselt number correlations that were specifically
developed for the in-tube cooling of supercritical R744, are only accurate for fluid conditions with
low Reynolds numbers (<300 000) and tubes with smaller diameters (1-7.5 mm). Accordingly, a
generic correlation that is applicable to a rather broad range of in-tube supercritical R744, will be
delivered. The author investigated these specifically developed Nusselt number correlations for
the in-tube cooling of supercritical R744 in a larger 16 mm diameter tube over a broad range of

relatively high Reynolds numbers, i.e., 350 000 to 680 000. This range was also described as
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representative of a gas cooler being embodied in a full heat pump system. The investigation

indicated that the evaluated correlations overpredicted the experimental results with an average

relative error between 62% and 458%.

Table 2-4: Average relative error of different Nusselt correlations relative to the experimental values under in-
tube cooling conditions of R744 at relatively higher Reynolds number ranges (Harris, 2014).

GENERIC CHTC PARTICULARLY DEVELOPED CORRELATIONS FOR SUPERCRITICAL
REYNOLDS CORRELATIONS R744 COOLING

NUMBER Dittus &  Gnielinski Zhao & Son & Dang & Pitlaet  Yoon et Oh &

RANGE Boelter (1976) Jiang Park Hihara al. al. Son
(1985) (2011) (2006) (2004) (2003) (2003) (2010)

350K - 400K 28% 97% 118% 110% 95% 162% 300% 127%
400K - 450K 59% 138% 158% 133% 173% 275% 346% 566%
450K - 500K 24% 42% 56% 46% 75% 139% 139% 1169%
500K - 550K 12% 28% 43% 47% 98% 80% 99% 654%
550K - 600K 11% 24% 44% 56% 37% 63% 91% 554%
600K - 650K 9% 15% 34% 58% 23% 38% 75% 107%
650K - 700K 4% 4% 21% 53% 8% 17% 56% 29%
AVERAGE 20% 45% 62% 72% 73% 111% 158% 458%

In parallel, Harris (2014) also compared generic Nusselt number correlations such as Dittus &
Boelter (1985) and Gnielinski (1976) to the experimental data. As in the case of the above-
mentioned particularly developed correlations, an overprediction of the experimental values was
recorded. Although, in this case, an average relative error of only 20% and 45% were recorded
from the Dittus & Boelter (1985) and Gnielinski (1976) correlations, respectively. Table 2-4 lists
the average relative error of each correlation compared to the experimental values over the range
of Reynolds numbers. The correlations are sorted from left to right in the sequence of the best-
recorded accuracy. The investigation led to the conclusion that the Nusselt number and therefore
CHTC of R744 under cooling conditions in larger diameter tubes and relatively higher Reynolds
numbers are more accurately predicted by generic correlations. Opposite to the specifically
developed Nusselt correlations for R744, the improved accuracy was accredited to the absence

of thermo-physical property ratios within the generic correlations (Harris, 2014).

2.2.2.3 Modelling of the expansion device

From reviewing the eight identified studies listed earlier in this section, it was found that seven of
the eight studies employed an expansion valve in the modelling of their systems, whereas the
other used a capillary tube. It is identified that all the expansion valves were modelled by simply

assuming an isenthalpic expansion process, i.e., the fluid enthalpy will remain constant over the
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expansion valve (Sian & Wang, 2017). Furthermore, the inlet pressure of the expansion valve
was set as the outlet pressure of the gas cooler, and the outlet pressure was set to the inlet
pressure of the evaporator. In the study of Laipradit et al. (2008), this was also the case, except

for including pressure loss in the connection pipes.

The capillary tube reported by Lin et al. (2013) was modelled by also assuming an isenthalpic
expansion process. The pressure drop over the capillary tube was calculated by accounting for
both wall friction and flow acceleration (Agrawal, et al., 2011). A homogeneous two-phase flow
approach was used by evaluating the mean two-phase viscosity model proposed by McAdams et
al. (1942), as well as by evaluating the two-phase friction factor with the Lin et al. (1991)

correlation.
2.2.2.4 Modelling of the evaporator

A brief overview is given of the correlations used in the evaporator models as reported in the eight
identified studies. In addition, a more detailed investigation follows of the correlations and
modelling approaches used for R744 evaporator models.

2.2.2.4.1 Evaporator modelling within air-to-water transcritical R744 heat pump systems

Table 2-5 lists the various CHTC and pressure drop correlations used on either side of the
evaporator. The correlations on the R744-side include both single-phase and two-phase states.
Also listed are the evaporator type and configuration. It can be seen that smooth and wavy finned-
tubes are the predominant types, being listed four and three times, respectively. However, the
wavy type has been used more frequently in more recent studies. Furthermore, for finned tube
evaporators, experimental data of only a wavy-finned type is available to the present author, which
can later be used for model validation. Considering these arguments, it is viewed as logical to

only consider wavy-finned-tube evaporators further.

On the airside CHTC, it is evident that Li et al. (1997) and Wang et al. (1999) are equally listed in
terms of frequency. Even so, Wang et al. (1999) involve correlations for both the CHTC and friction
factor and can be used for both. It is further seen that the majority of the listed studies neglected
the pressure drop, or did not specify whether the pressure drop was considered nor which friction

factor was used (if considered).

On the R744-side, it is notable that Gnielinski (1976) is the most used correlation for the single-
phase CHTC. From the studies that reported on a correlation used for single-phase friction factor,

the correlations of Blasius (1913), Filonenko (1954), and Dang and Hihara (2004) are equally
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common. Although, since the Dang and Hihara (2004) correlation is a slightly modified (and more

recent) version of the Filonenko (1954) correlation, it can be regarded as the favourable choice

of friction factor correlation for the single-phase R744. Similar to the airside, the unspecified or

neglection of the pressure drop is commonly seen, which is likely due to its small margin
(Mastrullo, et al., 2019).

Table 2-5: Review of previous approaches to the evaporator modelling (in sequence of ascending date).

AIRSIDE SINGLE-PHASE R744 TWO-PHASE R744
sTupy | EVAPORATOR CORRELATIONS CORRELATIONS CORRELATIONS
CONFIGURATION
CHTC Friction CHTC Friction CHTC Friction
factor factor factor
KIMET AL. | Tube-in-tube, | Gnielinski Not Gnielinski  Blasius Yoon et al. Jung &
(2005) counterflow (1976) specified (1976) (1913) (2004) Radermacher
(1989)
LAIPRADIT Finned-tube, Not Not Gnielinski  Filonenko Modified Filonenko
ETAL. smooth fins | specified  specified (1976) (1954) | Bennet-Cheng (1954)
(2008) (1980)

YAMAGUCHI|  Finned-tube, Seshimo  Seshimo Dittus- Dang & Chengetal. Chengetal.
ET AL. smooth fins and Fujii and Fujii Boelter Hihara (2008a&b) (2008a&b)
(2011) (1991) (1991) (1985) (2004)

LIN ET AL. Finned-tube, |Wang et al. Gnielinski Hihara and
Neglected Neglected Neglected
(2013) smooth fins (1997) (1976) Tanaka (2000)
WANG ET Finned-tube, Lietal. Wangetal. Dittus- Not Chengetal. Chengetal.
AL. (2013A) wavy fins (1997) (2000a) Boelter specified (2008a&b) (2008a&b)
(1985)
SIAN & Finned-tube, |Wang et al. Not Gnielinski Not Hihara and B
) » » Not specified
WANG smooth fins (2000a)  specified (1976) specified | Tanaka (2000)
(2017)
YE ET AL. Finned-tube, Not Not Not
] » Neglected -~ Neglected » Neglected
(2020) wavy fins specified specified specified
HE ET AL. Finned-tube, |Wangetal. Wang et al. Not Not Gungor and Choi et al.
(2020A) wavy fins (1999) (1999) specified specified Winterton (1999)
(1986)

In terms of the CHTC correlation used for the two-phase state, the correlations of Hihara and

Tanaka (2000) and Cheng et al. (2008a&b) are equally common. Furthermore, the correlation of

Cheng et al. (2008a&b) is identified as the mainly used friction factor correlation for the two-phase
state of R744.
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2.2.2.4.2 Recent studies conducted on the correlations and modelling of an R744 evaporator

A study performed by Strydom (2013) included the development of a numerical model for an R744

finned coil evaporator. Since the present study will also develop such a model to be used in the

full heat pump cycle model, the following information as elaborated by the aforementioned

publishment is regarded as highly relevant:

c:

The accuracy of such a thermal-fluid model is highly dependent on the heat transfer and
pressure drop correlations. Therefore, with verification and validation, the acceptable
margin of deviation should be decided in line with the correlations’ accuracies.

Generic correlations used for R744 flow boiling tend to result in an underprediction of heat
transfer and, in contrast, an overprediction of pressure drop. This is due to the unique
thermal-fluid characteristics of R744 within its two-phase region. Also, most correlations
are developed from experimental data of fluids with lower pressures.

Correlations specifically developed for either side of the evaporator can only accurately
predict data within the operational ranges they were developed from. As mentioned in
Section 2.2.2.2, this is also the case for R744 correlations within the gas cooler.

Per element (as created by the finite volume method), fluid properties are generally
determined at the average state, i.e., the mean of the inlet and outlet values. Yet, on
account of simulation time and stability, it was argued that the fluid properties should rather
be evaluated at the element’s inlet, which is also known as an upwind discretisation. As
was the case for Strydom (2013), this approach is suitable for adequately sized elements

with small variations.

R744-side modelling highlights of Strydom (2013):

From the eight R744 flow boiling and pressure drop correlations considered, Cheng et al.
(2008a&b) relatively covers the largest range of operational conditions, i.e. a tube
diameter of 0.6 — 10.0mm, mass flux of 50-1500 kg/m?, heat flux of 1.8 to 46 W/m?, and
saturation temperature ranging from -28°C to 25°C.

The correlation of Cheng et al. (2008a&b) was able to predict 71.4% of their own heat
transfer data to within +30%, and 81.5% of their own pressure drop data to within £30%.
These levels of accuracy were termed as a good agreement.

As a result, Cheng et al. (2008a&b)’s correlation was chosen for the evaporator model’s

two-phase R744 heat transfer and pressure drop.
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e Gnielinski (1976) and Filonenko (1954) correlations were chosen for the single-phase heat

transfer and pressure drop, respectively.

Note that even more recently, Mastrullo et al. (2019) performed a state-of-the-art review on the
heat transfer correlations for R744 flow boiling with and without oil. Of the extensive database of
considered correlations, only Fang et al. (2017) involved applicable ranges as broad as Cheng et
al. (2008a&b). Relative to the extensive database considered by the authors, Fang et al. (2017)
was reported as the most accurate, however, a downside is that its mathematical essence is
unsuitable for iterative design purposes (Shah, 2019). Thus, up to date, Cheng et al. (2008a&b)
is still regarded as the most accurate two-phase R744 correlation to be used in a numerical model
for the simulation of broad applications. Even so, this correlation yielded a 51.6% absolute
deviation with respect to the extensive database considered by Mastrullo et al. (2019).

Airside modelling highlights of Strydom (2013):

e From the five wavy-finned airside heat transfer and friction factor correlations considered,
Wang et al. (2002a) relatively covers the vastest range of applicable conditions, i.e., a
Reynolds number of 300 — 10 000, collar diameter of 7.66 to 16.85 mm, transversal pitch
of 21.0 to 38.1 mm, longitudinal pitch of 12.7 to 33.0 mm, fin spacing of 1.21 to 6.43 mm,
and also total tube rows from one to six.

e Of the data considered by Wang et al. (2002a), their correlation was able to predict 91%
of the heat transfer values to within £15%, and 85% of the pressure drop values to within
+15%. These margins were stated as a good agreement. Moreover, this correlation is a
refinement of the Wang et al. (1999) correlation (as listed in Table 2-5).

e Accordingly, the Wang et al. (2002a) correlation was chosen for the heat transfer and
pressure drop.

e The effect of moist air was accounted for. The fin temperatures of finned tube heat
exchangers often drop below the dew point of the approaching air, causing
dehumidification to take place. In such a case, parallel to the heat transfer, mass transfer
also occurs and has a considerable influence on the heat exchanger performance.

e From the reported literature, Pirompugd et al. (2007) argued that the common assumption
of a 1:1 ratio between moist air’s ability to transport heat and mass is incorrect and hence
proposed a correlation therefor. Note that this ratio is presented by the Lewis number.
Researchers such as Bourbaraa et al. (2011) and Wang et al. (2000b) have also published

similar correlations therefor.
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e The nodes and elements model implemented by Oliet et al. (2010) accurately simulates
the temperature distributions of the evaporator’s outer surface. This allows the model to
account for surfaces that are both fully and partially wet due to the occurring
dehumidification. However, such a model requires hefty computational power and since
the heat exchanger will be discretised into smaller elements, the approach of only
considering fully wet and dry surface conditions per discretised element is sufficient. This
was also the modelling approach used by Potgieter (2013), who developed a similar
finned-tube R744 evaporator model.

The evaporator model of Strydom (2013) delivered a sufficient accuracy level since it was able to
predict 82% of the experimental data to within £20%. Moreover, when compared to EVAP-COND,
a relevant simulation software package for heat exchangers, 92.6% of the results were predicted
to within £20%.

2.2.3 Summary

The second part of this literature review analysed previous numerical models of the cycle and its
subcomponents. A number of eight studies that modelled air-to-water transcritical R744 heat
pumps were analysed on a systems and component modelling level. Also considered were recent
studies that specifically investigated the accuracy and applicability of R744 heat transfer

correlations.

Key assumptions that were pointed out include that the models are simulated in steady-state, the
heat exchangers have negligible heat losses to the environment and are modelled using a finite
volume method, the connection pipes between the components have a negligible effect on the
system performance, and the variations in kinetic and potential energies are insignificant. It was
also noted that a moderate part of the considered studies either neglected the heat exchanger
pressure drops, or did not specify whether it was accounted for not which correlations were used

(if not neglected).

Subject to the compressor, they reciprocating type was undoubtedly reported as the preferred
option for transcritical R744 heat pump systems. For this application, Bitzer was pointed out as a
well-suited manufacturer choice. The universal method from Bester (2018) that derives a
reciprocating compressor’s empirical equations was also discussed. For the expansion process,
an expansion valve was indicted as the typically used expansion device and in all cases, its
expansion process was assumed to be adiabatic. Respective to the evaporator, the assumption

of a unity Lewis number was revealed as inaccurate, and the use of a correlation was suggested
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to rather define the ratio between the heat and mass transfer of the incoming air. In the case of a
discretised evaporator model with an adequate number of elements, the use of an upwind
discretisation as well as the assumption of only fully wet/dry surface conditions were indicated as
suitable. Furthermore, researchers such as Ye et al. (2020) did not have experimental data to
base their evaporation temperatures on and made use of an approximation approach between

the evaporation temperature and ambient temperature.

Aside from the methods and approaches, the various correlations previously used to model the
R744 and secondary-medium sides of the heat exchangers were listed and compared in terms of
frequency. Recent studies that evaluated the accuracy and applicability of these correlations were
also described. The typically modelled gas cooler was identified as the tube-in-tube type with the
R744 and water flowing through the inner and annular tube, respectively. The following
correlations were reckoned most applicable for the gas cooler model: Dittus-Boelter (1985) for
the R744 CHTC; Dang and Hihara (2004) for the R744 friction factor; and Gnielinski (1976) for
the water CHTC.

Subject to the evaporator, the finned-tube type with wavy fins was pointed out as the most
appropriate, and the following correlations were deemed most relevant for its modelling: Cheng
et al. (2008a&b) model for the CHTC and pressure drop of the two-phase R744 region; Gnielinski
(1976) and Dang and Hihara (2004) for the CHTC and pressure drop of the superheated R744
zone, respectively; Wang et al. (2002a) for the CHTC and friction factor of dry air; and Wang et
al. (2000a) for the CHTC of wet air.

The author of this study would like to emphasise that the aforementioned R744 CHTCs were
chosen not only due to their presence in previous studies, yet, also due to their generic attributes
that allow them to be applied over a broad range of operating conditions, unlike the other R744
CHTC correlations reported in literature (Harris, 2014; Strydom, 2013).

2.3 Conclusion

In this chapter, a literature review was carried out on two aspects of the air-to-water transcritical
R744 heat pump system. The first part focussed on the historical performance data of the system
and a summary thereof can be found in Section 2.1.4. The corresponding findings will be used to
set boundary values and inputs for the verification (Chapter 5) and component design (Chapter
6) of the cycle model to be developed in this study. These findings will also be used to compare

the results of this study with (Chapter 7). This is especially the case for the findings of Yamaguchi
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etal. (2011) and Wang et al. (2013a), which included operating conditions closest to that focussed

on by this study.

The second part of the literature review considered the typical component types, methods, and
correlations used by previous researchers to numerically model the system. A summary hereof is
available in Section 2.2.3. Based hereon, the numerical model of this study will be developed. It
is concluded that the reciprocating compressor, tube-in-tube gas cooler, expansion valve, and
wavy-finned tube evaporator are logical component choices for the present study and will
accordingly be used for the rest of this study. Based on the findings particularly relating to the
numerical modelling methods and correlations, a theoretical study will be performed in the next
chapter that describes the background theory governing the thermophysical behaviour of the
system and its subcomponents (Chapter 3). Moreover, the findings specifically relating to the
modelling methods and assumptions will later be used to appropriately integrate the compiled
theory into a numerical model (Chapter 4).
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3. CHAPTER 3: THEORETICAL STUDY

In the previous chapter, literature concerning transcritical R744 heat pump cycle performances,
as well as the typical component types and modelling approaches thereof, were discussed. Based
on the findings relating to the typical component types and their modelling approaches, this
chapter focuses on the required theory to numerically model a transcritical R744 heat pump cycle.

An analysis follows of the conservation equations applied to a control volume (CV), after which it
will specifically be applied to the different components of the cycle. Thereafter, a discussion
follows on the operational, heat transfer, and correlation theory as relevant to the respective
components of the cycle. In the final section of this chapter, the theory relevant to the unified heat

pump cycle will be reviewed.

3.1 Conservation laws
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ot

P 40

ot
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Figure 3-1: Schematic illustration of a finite control volume (Rousseau, 2013).

Conservation laws are known as the conservation of mass, momentum, and energy. These laws
serve as foundation for the modelling of all thermal fluid cycles. When applied to a finite control
volume (CV), as typically shown in Figure 3-1, the conservation laws outlined by Rousseau
(2013). can be defined below. Recall that a CV can be defined as a fictional boundary that

encloses a finite volume of physical matter (Cengel & Boles, 2015).
3.1.1 Conservation of mass

When considering a control volume, the conservation of mass law in integral form is given by:
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%(fﬂpdxz)+#pl7-ﬂ=o (3.1)

Where:

e ¥ :Volume [m3]
e p: Fluid density [kg/m3]
e V : Fluid velocity [m/s]

e A:Cross sectional flow area [m?]

The conservation of mass equation applied to a CV can be derived resulting in:

ap . . 3.2
¥E+me—mi=0 (32)

Where:

e m: Mass flow [kg/s]

Note that the subscripts i and e will be used to denote the inlet and outlet states of a fluid. Where

no subscript is specified, the mean state between the inlet and outlet is referred to. For steady-

state flow, i.e., VZ—’Z = 0, the conservation of mass equation further simplifies to:
me, =m; =m (3.3)

3.1.2 Conservation of energy

When considering a control volume, the conservation of energy law in integral form is given by:

. . d 1 1 _

Q+Ww =§<J‘ff (u+EV2 +gz>pd¥> +#(h+EV2 + 9z) pV - dA (3.4)
Where:

e (:Heat transfer rate [W]

e W :Work performed [W]

z : Elevation [m]

u : Internal energy [ J/kg]

h : Static enthalpy []/kg]

e g : Gravitational constant [m/s?]
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The conservation of energy equation applied to a control volume can be derived to give:

o G
Q + W =¥ (pho = ) + thehoe = thiho; + 1hegze + g2, (3.5)

Where:
e hy: Total enthalpy [J/kg]

Note that the subscript O denotes the total stagnation condition of a fluid. However, under the

assumption of negligible changes in kinetic energy, the subscript 0 can be omitted for the
difference in total enthalpy values. Furthermore, for steady-state flow, i.e., ¥%(ph0 —p) =0,

and the assumption of negligible elevation differences, i.e., z, — z; = 0, the conservation of

energy equation further simplifies to:
Q + W =m,h, —m;h; (3.6)
3.1.3 Conservation of momentum

When considering a control volume, the conservation of momentum law in integral form is given

#ﬂ+w§pd¥=%(vad¥)+#mpv-71) -

Where:

e B : Body forces acting on the control surface [N]

e 1:Shearing stress [N/m?]

When incompressible flow is under consideration, the conservation of momentum equation can

be derived to yield:

av 3.8
pL—-+ (Poe = Poi) + pg(ze = ) + Apo, = 0 (38)
Where:
e L : ControlVolume Length [m]

e Ap,, : Total pressure drop [m3]

e po: Total pressure [Pa]
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. d . .
For steady-state flow, i.e., Va(pho —p) = 0, the conservation of momentum equation for

incompressible flow can further be simplified to:

(Poe — Poi) + pg(ze — z;) + Apo, = 0 (3.9)

When compressible flow is under consideration, the conservation of momentum equation can be

derived to:

v p

1 1
pL——+—(Poe — Poi) +5PV? = (Toe — Toi) + pg(2ze — z;) + Apo, = 0 (3.10)
ot  po 2 T,

Where:
o T, : Total temperature [K]

. d . .
For steady-state flow, i.e., Va(pho —p) = 0, the conservation of momentum equation for

compressible flow can be simplified to:

(Poe — Poi) + pg(ze — z;) + Apo, = 0 (3.11)

Under the assumption of negligible elevation and kinetic differences, Equations (3.9) and (3.11)
can further be reduced to:

Apy, = pi — De (3.12)

Up till this point, the conservation laws applied to a general CV have been discussed. According
to the described assumptions, the conservations of mass, energy, and momentum were reduced
to their simplest forms and are represented by Equations (3.3), (3.6), and (3.12), respectively. In
the subsection to follow, these conservation laws will be applied to the individual components of

the heat pump cycle.
3.1.4 Application of conservation laws

When applying the conservation laws as stated in the previous subsections to the individual
components of the heat pump cycle, further component-specific assumptions can be made where
relevant. This is done to better describe the thermo-physical behaviour of the respective

components.
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3.1.4.1 Applied to the compressor

In a compression process, mechanical work is added to the fluid. Thus, the temperature and
pressure increase. It is generally assumed that this process occurs under isolated conditions with
zero heat absorbed or rejected by the fluid (Cengel & Boles, 2015). Accordingly, the conservation

of energy stated in Equation (3.6) can further be derived resulting in:
We = m(he — hy) (3.13)

Where WC represents the total work rate performed by the compressor and is also referred to as

the power consumption of the cycle.
Furthermore, the compressor’s conservation of mass is represented by Equation (3.3).
3.1.4.2 Applied to the gas cooler

In the gas cooler, heat is rejected by the R744 stream and simultaneously absorbed by the water
stream. It is assumed that no work is done onto or by these fluids (Incropera, et al., 2013). As a

result, the conservation of energy given by Equation (3.6) can be written as follow:
Qu = m(h; — h,) (3.14)
QW =my (he,w - hi,w) = mwcp,w(Te,w - Ti,w) (3.15)

Where Qy ascribes the rate of heat rejected by the R744 (heating capacity), and Q,, the rate of
heat absorbed by the water. Identify that the subscript w denotes the parameters in terms of the

water fluid.

Furthermore, for both fluid streams present in the gas cooler, the conservation of mass and

momentum are represented by Equations (3.3) and (3.12), respectively.
3.1.4.3 Applied to the expansion valve

In the expansion process, the fluid is throttled, which results in a local pressure decrease. It is
assumed that the expansion process is adiabatic (Q = 0). Since no work is performed onto or by
the fluid during this process, the conservation of energy stated in Equation (3.6) can be simplified
to (Yamaguchi et al. 2011):

h; = h, (3.16)



In a practical heat pump, the expansion valve opening is adjusted to control parameters such as
the pressure drop and refrigerant mass flow rate (Kim, et al., 2005; Sian & Wang, 2017). For
simplicity, the mass flow rate and pressure drop are assumed independent of the expansion valve

openness. Therefore, the conservation of mass can be given by Equation (3.3).
3.1.4.4 Applied to the evaporator

For fluency purposes of this subsection, the conservation laws applied to the R744 and airside
will be discussed independently. This is done due to the added complexity of the moisture

entrained in the air.

3.1.4.4.1 Refrigerant side

Analogous to the gas cooler R744-side, the conservation of energy given by Equation (3.6) is
written without the work rate term. Yet, in this case, heat is added to the R744. The energy
conservation is therefore given by:

Qr = m(he — hy) (3.17)

Where QL represents the total evaporator heat transfer rate (cooling capacity). Also, similar to the
gas cooler R744-side, the conservation of mass and momentum is represented by Equations
(3.3) and (3.12), respectively.

3.1.4.4.2 Airside

On the airside of the evaporator, a distinction is made between dry-surface and wet-surface
conditions on the evaporator fins. Wet surfaces occur when the fin temperature drops below the
dew point temperature of the inflowing moist air. Note that dry and wet surface conditions will be

discussed in more detail in Section 4.3.4.

The conservation of mass for dry conditions is represented by Equation (3.3). Nonetheless, moist
air contains both air and water, which brings both fluids into consideration with the conservation
of mass for wet conditions. Note that water is present in two forms, namely the vapour entrained
in the air as well as the condensate film forming on the evaporator surface. The mass conservation

of water can be written in integral form as:

(o) frtamofor oo
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In this equation, the first term ascribes the water mass change within the CV. The second term
ascribes the net condensate water mass flow rate from the CV, whereas the last term ascribes

the net vapour water mass flow rate from the CV. This simplifies to:

mw’e — Thw’i + ma'e(l)e — Tha‘ia)i =0 (319)

Where:

e m,, : Condensate mass flow rate [kg/s]

o w : Absolute humidity ratio [kg/s]

Note that the subscripts a and w denote air and water, respectively. Considering the tiny amount
of water existent in moist air, as well as the additional complexity it brings to the simulation, the
water mass conservation will be neglected. Alternatively, the moist air mass flow rate is assumed
identical to that of the dry air and is constant. The effect of the moist air is accounted for by the

wet condition correlations, as will be described in Section Error! Reference source not found.

The conservation of momentum for the airside can be given by Equation (3.12) and is valid for

both dry and wet conditions.

The conservation of energy can be simplified by assuming the moist air as an ideal gas. Therefore,
the change in enthalpy of the air can be determined by the difference in DB temperature multiplied
by the specific heat capacity (Cengel & Boles, 2015). Also, as in the case of the refrigerant side,
zero work is assumed to be performed onto or by the fluid. By considering these two assumptions
whilst evaluating Equation (3.6), the following equation results for the conservation of energy

under dry conditions:
Qa,s = man,a (Ta,i - Ta,e) (3.20)
Where:
. Qa,S : Sensible heat transfer rate of air [W]

e T, :Dry— bulbtemperature of air [°C]

o (,q : Specific heat capacity of air at constant pressure [J/kg.K]

Under dry conditions, only sensible heat transfer is present. However, for wet conditions, a water
condensate film is formed on the evaporator surface and must also be accounted for. The

conservation of energy under wet conditions can be written in its integral form:
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Qawee + W =3 (JIf (uw +3Vi+924)p,, d¥,) + (R + 5V + 92,) p, V- dA,,

(3.21)
42 ([If (ua +3V2 + 924) p A¥) + B (ha + 3V + 920) paVa - dA 1

The first integral term represents the energy change rate ascribed to the condensate film within
the CV, whereas the second integral term represents the net energy flow ascribed to the
condensate film from the CV. The third integral term represents the energy change rate within the
CV, whereas the last integral term represents the net energy flow from the CV. Considering that
no work is done onto/by the fluid and that gravitational differences can be neglected, this simplifies

the heat transfer under wet conditions to:
Qa wet = My ihy i — My oy o + Mg ihg i — Mg ehg e (3.22)

By rendering the small energy contribution of the condensate film insignificant, the energy

conservation further reduces to:

Qa wet = Mg g — Mg ehge (3.23)

Note that Equation (3.23) accounts for both sensible- and latent heat transfer of the moist air, and

can also be written as:
Qawet = Qas + Qay (3.24)
With the latent heat transfer rate, Qa,z, equated by:
Qa1 = Mahy(w; — w,) (3.25)
Where h,, represents the enthalpy of the vapour carried by the air.

3.2 Compressor theory

The theory that defines the numerical model of the compressor other than the conservation laws

is the isentropic efficiency and pressure ratio.

The isentropic efficiency describes the degree of energy degradation in steady-flow equipment.
For a compressor, the isentropic efficiency is defined as the ratio of isentropic work rate over

actual work rate, i.e. (Borgnakke and Sonntag 2014):
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_ WC,isentropic

= 3.26
Nc W, ( )

With the isentropic work rate calculated as follow:
WC,isentropic = Tﬁ(he,s — h;) (3.27)

Note that the subscript s denotes the isentropic state of the fluid. In other words, the state where
the outlet entropy is equal to the inlet entropy, considering that the entropy of an isentropic

process remains constant.

The pressure ratio (PR) of a compression process is known as the ratio of the discharge pressure
over the suction pressure and can be written as (Borgnakke and Sonntag 2014):

pp = Fais (3.28)

RS"U.C

3.3 Gas cooler theory

In this section, the heat transfer, pressure drop, and accompanying correlations of the R744 and
water streams will be discussed. Thereafter, a review will be given on the relevant free flow and
surface areas of the gas cooler. In the final subsection, a discussion follows on the approach used

to analyse the heat exchanger, as well as on the thermal resistance present in the gas cooler.

Consistent with the studies reviewed in literature, the R744 and water will flow through the inner

and annular tubes of the gas cooler, respectively.
3.3.1 Heat transfer

The local CHTC of a fluid is calculated by the following equation (Incropera et al. 2013):

k
h, = NuE (3.29)

Where:

e k : Fluid thermal conductivity [W /(m.K)]
e Dy : Hydraulic diameter [m]

e Nu: Nusselt number [—]
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For the R744-side, the Nusselt number is approached as a constant value for laminar flow and is

correlated by the generic Dittus-Boelter equation for turbulent flow (Cengel & Boles, 2015):

_ { 4.36 (for laminar flow: Re < 2300)
“=10.023Re®8 pro3 (for turbulent flow: Re > 2300)

Where:

e Re : Reynolds number [—]

e Pr: Prandtl number [—]

The non-dimensional Reynolds and Prandtl numbers are equated by:

VD
Re:P H
u
uc
Pr=—2C
k

With:

o V : Fluid velocity [m/s]
e u: Fluid dynamic viscosity [Pa.s]

o k: Fluid thermal conductivity [W /m.K]

The waterside Nusselt number is computed by the Gnielinski (1976) correlation:

(%) (Re — 1000)Pr

Nu,, =
frit
8

Where f;;; is determined as follows:

fru = [1,8210g(Re) — 1.64] 72

3.3.2 Pressure drop

05 5
14127 (—) (Pr3 —1)

(3.30)
(3.31)

(3.32)

(3.33)

(3.34)

(3.35)

The effect of dynamic pressure losses is small and therefore neglected. Accounting for only

frictional pressure losses, the pressure drop can be calculated with (Incropera et al. 2013):
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_pVESL
Apor = 2 D, (3.36)

Where L and f represent the tube length and friction factor, respectively.

The friction factor for the in-tube cooling of R744 is given by the Dang and Hihara (2004) equation:

foen = [1.821og(Re;) — 1.64] (3.37)

Furthermore, the friction factor for the waterside is determined with the Darcy-Weisbach (1942)
friction factor and can be obtained from the moody chart supplied in Appendix C (Cengel & Boles,
2015).

3.3.3 Free flow and surface areas
The hydraulic diameter of the gas cooler can be determined as follow (Incropera et al. 2013):

D, — { D;; for the R744 side (inner tube) (3.38)
H ™Dy — Dy for the water side (annular tube) (3.39)

Where:

e D;; : Inner tube inside diameter [m]
e D;, :Inner tube outside diameter [m]

e D, ;: Annular tube inside diameter [m]

The free flow area of the R744 and water streams are independent of the tube length and can be

determined with (Incropera et al. 2013):

T 3.40
Appr = ZDi,i2 ( )

And

T 3.41
Afrw = 7 (Do, — Dy p?) (3.41)

Unlike the free flow areas, the surface areas of the two fluid streams are dependent on the tube

length and can be equated by:
AT‘ = T[Di,iL (342)

And
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Ay = DL (3.43)

3.3.4 Heat exchanger analysis and thermal resistance

When analysing the gas cooler, it is assumed that the outside of the heat exchanger is well
isolated and that energy losses to the environment can be neglected. Accordingly, the total heat
rejected and absorbed by the two individual heat-exchanging fluids in the gas cooler are deemed

equal, i.e.:
QOn = Qw (3.44)

One method of determining the heat transfer rate of two fluids with temperature fluctuations
between the inlet and outlets of a heat exchanger is the logarithmic mean temperature difference
(LMTD) method. The LMTD method for counterflow is equated as follows (Incropera et al. 2013):

Qy = UA-LMTD (3.45)
with
LMTD = (Th,i - Tc,o) - (Th,e - Tc,i)
In (Th,i - Tc,o) (3.46)
Th,e - Tc,i
Where:

e T, : Hot fluid temperature [°C]

o T.:Cold fluid temperature [°C]
In this case, the hot- and cold fluid refers to the R744 and water, respectively.
The overall heat transfer coefficient (UA) for a tube-in-tube heat exchanger (no fins) can be

determined by the total thermal resistance between the two fluid streams, i.e. (Incropera et al.
2013):

(3.47)

Where:
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* Rs: Fouling factor onthe refrigerant side [m2s/W]
* Ry, : Fouling factor on the water side [m?s/W]

o k; : Tube conductivity [W /(m.K)]

3.4 Evaporator theory

Similar to the gas cooler theory section, the heat transfer, pressure drop, and accompanying
correlations relevant to the evaporator will be discussed. Yet, to aid with the fluency of this section,
the theory will individually be discussed for the R744 and airside. Hence, the geometrical
parameters and thermal resistance of the evaporator are evaluated, as well as the approach used

to analyse the heat exchanger.

Note that for conciseness and fluency purposes of this section, the numerical correlations will only

be referred to, with an outline of their fully defined equations available in Appendix C.
3.4.1 Refrigerant side

In the evaporator, the R744 is present as both a two-phase mixture and superheated vapour.
Therefore, the CHTC- and pressure drop correlations are analysed independently for single-

phase and two-phase conditions.
3.4.1.1 Heat transfer and pressure drop

Note that the R744 heat transfer rate, Q,, given in Equation (3.17) can also be calculated
respective to the thermal resistance present between the bulk of the R744 stream and the inner
tube wall of the evaporator, i.e.:

QL = hrAr(Tt,i - Tr,avg) (3.48)
Where:

e h, : R744 convection heat transfer coef ficient [W/m?. K]
e A, :Tube wall inner surface area [m?]

o T¢;:Tubewall inside temperature [°C]
3.4.1.1.1 Two-phase region

For two-phase R744 under flow boiling conditions, the set of correlations developed by Cheng et
al. (2008a&b) is adopted to evaluate both the CHTC and pressure drop. This set of correlations
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is based on an empirical study where eight discrete flow patterns were identified. The boundaries
where the transition between these flow patterns occurs are defined in terms of critical quality and

mass flux values.

As time progressed, various researchers such as Wang et al. (2012b) and Wang et al. (2013a)
have concluded that only four of the eight flow patterns’ mass flux values are typically encountered
in industrial R744 finned coil evaporators. Therefore, only the following four flow patterns will be

applied:

e |ntermittent

e Annular
e Dryout
e Mist

The fully outlined set of equations that define the CHTC (h,. from Equation 3.48) and pressure
drop (Ap, from Equation 3.12) for the correlation set of Cheng et al. (2008a&b) is outlined by
Equations (C.1 — C.38).

3.4.1.1.2 Superheated region

For superheated R744 under heating conditions, the Nusselt number, Nugy, is approximated by
the Gnielinski (1976) correlation given by Equation (3.34). Subsequently, the CHTC for single-

phase conditions can be calculated by substituting Nugy and D; into Equation (3.29).

Furthermore, the pressure drop of R744 within the superheated region can be computed by
substituting the Dang and Hihara (2004) friction factor supplied by Equation (3.37) into Equation
(3.36).

3.4.2 Airside

As reported earlier, both dry and wet surface conditions exist for the airside of the evaporator.

The corresponding heat transfer and pressure drop theory for the airside now follows.

3.4.2.1 Heat transfer

The sensible heat transfer, Q'a,s, given in Equation (3.20) can also be calculated with respect to

the thermal resistance present between the bulk of the air stream and the outer tube wall of the

evaporator. For dry air, this can be equated as follow (Strydom 2013):
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Qa,s,dry = hc,dryAa,ono,dry(Ta - Tt,o) (3-49)

Where A,, and T;, represent the total air surface area and tube wall outer temperature,
respectively. The dry air CHTC, h. 4., is adopted by the correlation proposed by Wang et al.
(2002a), which is outlined by Equations (C.39 — C.46). The overall surface efficiency under dry

conditions, 1, 4y, is calculated as follow (Incropera et al. 2013):

Ar
Nary,o = 1- 2 1- Tldry) (3.50)
a0

Where Afand n4., represent the fin surface area and single dry fin surface efficiency,

respectively. The single dry fin surface efficiency is determined using the Schmidt (1949)

approach as defined by Equations (C.48 — C.53).

The sensible heat transfer for wet air, Qa,s,wet7 is calculated likewise to Qa,s,dryi

Qa,s,wet = hewetAa,oMowet (Ta — Tew,0) (3.51)

In this case, the overall wet surface efficiency, 7, ,,.;, can be calculated with Equation (3.50) by
replacing the single dry fin efficiency, n4,,, with the single wet fin efficiency, 1,,.;. The single wet
fin efficiency, n.e¢, IS also approximated with the Schmidt (1949) approach and is computed by

replacing hy,¢; with hg,-, in Equation (C.49), and hence that calculated value into Equation (C.48).

Moreover, the wet air CHTC is calculated using the correlation proposed by Kuvannarat et al.
(2006) as defined by Equation (C.47).

Note that the latent heat transfer, Qa_l, given in Equation (3.25) can also be determined in terms

of the mass resistance present between the bulk of the air stream and the outer tube wall of the

evaporator. This is represented by the following equation (Strydom 2013):
Qa,l = hmAg oMo wet(@Wyw — w)(hy, — hy) (3.52)

With h,,, the condensate film enthalpy at the tube outer wall temperature (T ,). Moreover, w,,
represents the absolute humidity at the condensate film surface. The mass transfer coefficient,
hm, is correlated as a function of h.,,e.. This correlation is proposed by Pirompugd et al. (2007)

and is defined by Equations (C.54 — C.55).
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3.4.2.2 Pressure drop

The frictional pressure drop for air is calculated from the equation proposed by Waltrich et al.
(2010):

AP :m—?‘ 1_(ﬂ>2 <@—1>+2f Aa’°< Pa,i ) (3.53)
oL 2paAff,a Afrontal pa,e “ Aff,a pa,i + pa,e

Where:

o Ags,t Free flow area of air [m?]

o Afrontar : Frontal area of evaporator [m?]

and f, the friction factor, which is adopted from the correlation proposed by Wang et al. (2002a)
as outlined by Equations (C.56 — C.65).

3.4.3 Free flow and surface areas
The hydraulic diameter of the evaporator can be calculated as follow (Wang et al. 2002a):
D; for the R744 side (inner tube) (3.54)

Dy = 4AspaWe

3 for the air side (finned side) (3.55)
a,o

where W, is the width of the finned coil.

The surface and free flow area of the R744 stream can be calculated as follow (Kays and London
1998):

_To2 (3.56)
Afpr = ZDi
And
A, = DL (3.57)
With respect to the air stream, the free flow area can be calculated as (Kays and London 1998):

Aff,a = Afrontalo- (3.58)

Where o represents the ratio of the free flow area over the frontal area. The frontal area can be

calculated as follow:
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Arontar = LeHe (3.59)
Where L, and H, ascribe the length and height of the evaporator, respectively.
Also, for the air stream, the total surface area can be calculated as (Kays and London 1998):
Ago =Voloa (3.60)

Where a ascribes the ratio of surface area over the volume of the evaporator. Furthermore, the

volume of the evaporator can be calculated as follow:
Vol, = L,W,H, (3.61)

Note that for an increment, the values of L,, W,, and H, are equal to L;,,., P;, and P;, respectively.
Also, note that the values of a and ¢ are dependent on the specific finned-tube configuration of

the evaporator and will be described in Section 4.3.4.
3.4.4 Heat exchanger analysis

The total heat rejected and absorbed by the moist air and refrigerant in the evaporator is

considered equal, i.e. (Incropera et al. 2013):

QL = Qq (3.62)

The tube wall between the R744 and air stream acts as a common medium for the heat transfer

taking place. This heat transfer occurs completely as conduction and can be calculated as:

Q _ 2mk,L T T.)

- —D to — 1t
In (%o (3.63)
“(DJ

3.5 Combined heat pump cycle
The theory relevant to the complete cycle will now be briefly discussed (Incropera et al. 2013).

The first law of thermodynamics applied to any cycle deems that the net change to a CV'’s total

energy is zero, therefore:

We+0Q,—0Qy =0 (3.64)
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When evaluating the efficiency of a vapour-compression cycle, the following performance

parameters become relevant:

_Qu (3.65)
COPy =37
QL (3.66)
P, =L :
COP =

Where:

e (COPy : Heating coefficient of performance [—]

e (COP; : Cooling coefficient of performance [—]

3.6 Conclusion

In this chapter, the theory that defines the heat pump cycle and its subcomponents were
described. This content was based on the findings of the literature review and involved the
conservation laws and theory of the compressor, heat transfer, pressure drop and correlations.
Furthermore, the free flow and surface areas of the heat exchangers were described, as well as
the approach used to analyse the heat exchangers. In the next chapter, the described theory will

be integrated into a numerical model of the heat pump cycle.
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4. CHAPTER 4: MODEL IMPLEMENTATION

The preceding chapter concentrated on the required theory required to develop the numerical
model of the transcritical R744 heat pump cycle. In this chapter, the focus is directed on the
integration of this theory into a numerical model. Consistent with the previous chapter, the specific
component types and modelling approaches are based on the literature review compiled in
Chapter 2.

The present chapter will be introduced with a brief overview of the cycle in question. The focus
will then be refined to the development of each component’s numerical model. Subsequently, the

integration of these component models into an integrated cycle model is explained.

4.1 Cycle overview

A schematic flow diagram of the basic heat pump cycle and it’s four sub-components namely the
compressor, gas cooler, expansion valve and evaporator, is illustrated in Figure 4-1. The
numbering configuration and increments used to discretize the heat exchangers are also shown,
which will be elaborated on in the next chapter. In Figure 4-2, a typical transcritical heat pump
R744 cycle is depicted on a T-s diagram. These two figures will be used in the succeeding

paragraph as visual aids to briefly explain the cycle under examination.

16 Increments
Gas cooler (water)
(18) (2)
A 4
Expansion valve Compressor
(19) (51=1)
» Evaporator (air) m,

32 Increments

Figure 4-1: Schematic illustration of the air-to-water R744 transcritical heat pump cycle, adapted from (Lin, et
al., 2013).

Starting at the denoted cycle point (1) shown in Figure 4-2, R744 at low pressure and superheated
vapour state is compressed through a semi-hermetic reciprocating compressor to a higher

pressure and temperature — cycle point (2). The R744 exits the compressor in a supercritical
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gaseous state and enters the counterflow tube-in-tube gas cooler to be cooled down. Within the
gas cooler, the high-temperature R744 is cooled down by rejecting heat to the inflowing cold-
water stream — cycle point (18). Simultaneously, the cold water is heated by absorbing the heat
from the R744 stream. The exiting R744 from the gas cooler may then be in either a supercritical
gaseous or supercritical liquid state. Hence, the R744 is throttled by an expansion valve and
consequently experiences a significant pressure and temperature drop — cycle point (19). At this
point, the R744 is in a resulting two-phase mixture state and enters the evaporator. Whilst
progressing through the finned tube evaporator, the R744 absorbs heat from the inflowing
airstream and consequently undergoes heating. The R744 is then heated beyond its saturated
gas state into a vapour state — cycle point (51). Simultaneously within the evaporator, the air
stream undergoes cooling by rejecting heat to the R744. The superheated R744 then re-enters
the compressor to complete the cycle — cycle point (1).

400 T-s diagram

380

]
Key: / fa [ | ]

360+ i
——R744 loop /,/ /
2 //" /
340+ / //
I / /'/
320 t/
p— Teriticat 3 ,/
——— 140 bar — = —— =55
X, 300 120 bar /
80 b /
= 60 b:: (61=1)

280+ 40 bar /

225 -2.00 -1.75 -1.50 -1.25 -1.00 -0.75 -0.50 -0.25
s [kJ/kg-K]

Figure 4-2: Typical transcritical R744 heat pump T-s diagram, adapted from (Uren, et al., 2020).

As highlighted in the literature chapter, the finite volume method is a frequently used method to
model heat exchangers. The aforementioned figures also show that the present gas cooler and
evaporator will be modelled with 16 and 32 increments, respectively. The rationale of these

specific increment quantities follows in Sections 5.2 and 5.3.

Furthermore, as mentioned in literature, an IHX tends to have a negative impact on the heating

capacity. Seen that this study focuses on the heating of water, it is decided to exclude an IHX
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from the cycle. Also, the simulation software available to the author (more information thereof to
follow shortly) has a limited computing capacity and the addition of a third heat exchanger with
sufficient increments will worsen the simulation stability and time. As will be stated in Chapter 8,
a recommendation for future studies is the use of more powerful simulation software, which will
allow the inclusion of more cycle components without the possible compromising of heat

exchanger increments and accuracy.

4.2 Overview of the modelling approach

Note that under operational conditions, the cycle’s components are interdependent. The

implementation of the theory can be divided into two parts, namely:

o Development of a simulation model applicable to each component.
e The integration of the component simulation models to form the integrated simulation of
the heat pump cycle.

The former part is used to calculate component-specific parameters, whereas the latter part is
used to determine the interdependent behaviour between cycle components. Whenever a cycle
with series-connected components is under operation, interdependence is found between cycle
components as they interact with and influence their pre- and succeeding cycle components

(Incropera, et al., 2013).

The numerical model of this study will be executed on simulation software, namely Engineering
Equation Solver (EES). This simulation software is considered applicable due to its built-in
thermodynamic and transport property functions as well as its built-in numerical solver, which can

perform both simple and iterative calculations (Klein, 2021).

4.3 Component models

In the following sub-sections, the modelling of the heat pump cycle’s components will be
discussed. When considering inputs for the individual component models, a distinction can be
made between fixed and non-fixed inputs. The former mentioned involves heat exchanger
geometry and material, whereas the latter mentioned involves boundary conditions of the R744
and secondary fluids, which may vary according to cycle operating conditions and cycle

component interdependence.

In the subsections to follow, component-specific assumptions will be stated where relevant. Yet,

assumptions that are applicable in general can be summarised as follow:

54



¢ All heat transfer-, compression-, and decompression processes occur under steady-state
conditions.

¢ Changes in kinetic- and potential energy are neglected.

e The heat exchangers are well isolated and therefore their associated heat transfer is
unaffected by the environment.

e The heat exchangers have constant fluid properties per discretised increment.

e Thermo-physical effects of the non-defined tube paths in the heat exchangers (junctions,
return bends, inlet distributor, fin tips, etc.) are neglected.

e Axial conduction within the heat exchangers is assumed insignificant. In other words,

thermal conduction alongside the heat exchanger circuit is not considered.
4.3.1 Compressor

As revealed in Section 2.2.2.1, every study considered in the literature review employed
reciprocating compressors in their transcritical R744 heat pump cycles. Furthermore, Bitzer was
described as an appropriate choice of manufacturer. For the present model, it is thus logical to
employ an R744 semi-hermetic reciprocating compressor from Bitzer. As will be justified in
Chapter 6, the 4MTE-10K model is specifically regarded as the most suitable option for the
present study.

For the present compressor model, the universal method from Bester (2018) is used to develop
a set of characterisation equations to predict the R744 discharge temperature, T,, as well as the
R744 mass flow rate, m. It is assumed that all fluid dynamic property effects are accounted for

within the set of characterising equations and that the compressor is operated under a constant
frequency of 50 Hz.

Table 4-1: Required inputs for compressor model.

Symbol Name Unit
Py (Pgyuc) Suction pressure [Pa]
Ty (Tsue) Suction temperature [°C]
Py (Pgis) Discharge pressure [Pa]

Table 4-1 lists the required inputs of the compressor model, which entails the suction pressure
and temperature, as well as the discharge pressure. These inputs are substituted into the set of

characterising equations that are given as follows:
T, = [k1,1(P1) P + k1,o(P1)] T + [kO,l(Pl) P + ko,o(P1)] (4.1)
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m = [ky1(P1) - P+ kio(P)] Ty + [koa(Py) " P2 + koo(Py)] (4.2)

Where the coefficients k,, ,,(P;) for m = 0,1 and n = 0,1, are functions of P;. Note that these
two similar equations resemble the form of y = ax + b. In this view, the subscript m therefore
represents a (if m = 0) or b (if m = 1). Furthermore, a and b also resemble the form of y =

cx + d in their respective turns. Similarly, the subscript n represents c (if n=0) ord (if n =

1.

These mentioned coefficients are respectively defined for T, and m, as are listed in Table 4-2.
Note that the development thereof using Bester (2018)'s method can be found in Appendix D

along with the compressor’s datasheet (Bitzer, 2022).

Following the implementation of Equations (4.1) and (4.2), the values of T, and m are known.
Since two independent R744 properties are known at cycle points (1) and (2), all other fluid

properties can accordingly be determined therefrom. Note that this includes the enthalpy and
entropy values, namely h,, s4, h,, and s,. As a result, the compressor work rate (WC), isentropic
work rate (Wc,isentmpic), as well as isentropic efficiency (1.), are computed by substituting the

calculated outputs into Equations (3.13), (3.27), and (3.26), respectively.

Table 4-2: Coefficient values of the compressor characteristic equations.

Equation | Coefficient Value

ky 1(Py) = (—1.9948e72 - P3) + (3.0424e~1- P?) 4+ (—1.5261e° - P,) + 2.5922¢°

T, ki o(Py) = (2.3950e~1 - P3) + (—3.5242¢° - P2) + (1.7092¢' - P,) — 2.6687¢!
ko1 (Py) = (1.9083e1- P3) + (—3.1040€° - P2) + (1.4835e! - P;) — 1.3189¢
ko,0(Py) = (=2.7107e7° - P3) + (4.3891e' - P?) + (—2.4061e? - P,) + 4.2585¢2
ky1(Py) = (5.2808e75 - P3) + (—7.4167¢~* - P2) 4 (3.5035¢ 73 - P,) — 5.5059¢ 3

i kyo(Py) = (—9.1276e~* - P?) 4+ (1.2011e~2 - P?) 4 (—5.3817e "2 - P,) 4+ 7.9997¢ 2
ko1 (Py) = (—=7.0211e™* - P?) 4 (9.1382¢73 - P?) 4 (—4.1873e 2 - P,) + 6.0374e 2
koo (Py) = (2.0301e72 - P?) + (—2.4404e™1 - P?) + (1.0744e° - P;) — 1.4629¢°

4.3.2 Gas cooler

In this subsection, an overview of the model and the required inputs is described. Hence, the

simulation model and outputs will be discussed with aid of a logic diagram.
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4.3.2.1 Model overview and required inputs

A schematic overview of a typical counterflow tube-in-tube heat exchanger is illustrated in Figure

4-3. The R744 flows through the inner tube area, whereas the water flows through the annulus

area.

For the modelling of the gas cooler, the finite control volume method is employed. As illustrated
in Figure 4-3, the schematic gas cooler is discretised into equal-length sections along the R744
flow direction. These sections will be referred to as increments. Each increment is evaluated as

an individual counterflow heat exchanger and the outlet conditions of each increment are

considered the inlet conditions of the following increment.

(Annulus)

Myater o—

(Annulus)

Myparer *+— {

j-1 j

-

4}

n-1 n n+l

The n-th control volume for water

[7] The n-th control volume for R744

Sy 'hR744

(Inner tube)

Figure 4-3: Tube-in-tube gas cooler model overview (Kim, et al., 2005).

Table 4-3 groups the fixed inputs required by the gas cooler model, which composes of the
physical heat exchanger properties such as the geometry and tube material. Note that the
geometry entails the tube diameters, tube length, wall thickness, as well as the number of tubes

and increments.

Table 4-3: Required inputs for tube-in-tube gas cooler model: Heat exchanger properties.

Symbol Name Unit
$GCryupe Tube material [—]
Nige Number of tubes [-]
D;; Inner tube inside diameter [m]
D;, Inner tube outside diameter [m]
D,; Annular tube inside diameter [m]
twall Inner tube wall thickness [m]
Lgc Gas cooler tube length [-]
Ny Number of increments [m]
Linc Tube length per increment [m]
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Table 4-4 lists the variable inputs required by the gas cooler model, which composes of the fluid
boundary conditions. From the table, it can be seen that the boundary conditions of both the R744

and water include the input temperature and pressure, as well as the mass flow rate.

Table 4-4: Required inputs for gas cooler model: Boundary conditions of fluids.

Fluid Symbol Name Unit
T, (T,;) R744 inlet temperature [°C]

R744 P, (P,;) R744 inlet pressure [Pa]
m, R744 mass flow rate [kg/s]

Ty Water inlet temperature [°C]

Water Py; Water inlet pressure [Pa]
m,, Water mass flow rate [kg/s]

4.3.2.2 Simulation model and outputs

The simulation model employed for the gas cooler model will now be explained with aid of the
logic diagram depicted in Figure 4-4. Recognise that the inlet and outlet state of the R744
respectively correspond with points (2) and (18) as denoted in Figure 4-1 and Figure 4-2.

From Figure 4-4, it can be perceived that the parameters listed in Table 4-3 and Table 4-4 are
substituted as inputs into the gas cooler model. Pre-calculations are then performed to yield the
inlet enthalpies of both R744 and water, which are a function of their corresponding inlet
temperature and pressures. The pre-calculations also apply Equations (3.38 - 3.43) to calculate
the geometrical parameters such as the hydraulic diameter, free flow area and surface area of

the respective fluids.

Thereafter, the incrementing loop is initiated where the outlet properties for each increment are
solved iteratively. This entails the initial enthalpy and pressure inputs to be substituted into the
firstincrement, after which respective outlet enthalpy and pressure values are guessed. From this
point, the mean incremental enthalpy and pressure values are determined and used to evaluate
the incremental fluid properties as a function thereof. Hence, the Nusselt numbers and
corresponding CHTCs can be calculated using Equations (3.29 - 3.35). With these values known,

the incremental overall thermal resistance is computed with Equations (3.46) and (3.47).
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-
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Figure 4-4: Schematic of the gas cooler's simulation model.

Subsequently, the increment’s heat transfer rate is determined with Equations (3.44) and (3.45),
which allow the respective outlet enthalpies to be calculated. Simultaneously, the increment’s
pressure drop is calculated with aid of Equation (3.12). This process is repeated iteratively until
the guessed outlet enthalpy and pressure values are equal to the calculated outlet enthalpy and
pressure values. Since the outlet enthalpy and pressure values of the respective fluids are known

at this stage, their outlet temperatures can also be determined.
59



As indicated in Figure 4-4, this process is repeated for a number of n increments. Hence, the
outlet temperature and pressure values of the final increment are rendered as the outputs of the
gas cooler. Aside from the fluid state outputs, the total heat transfer rate is obtained by summing

the heat transfer rates of all the increments.
4.3.3 Expansion valve

As mentioned in Section 3.1.4.3, the expansion process is assumed adiabatic. Also, the mass
flow rate and pressure drop are considered independent of the expansion valve openness. For
those reasons, the simulation model of the expansion valve can be described as simply setting
the inlet enthalpy equal to the outlet enthalpy of the expansion valve. As will be described at the
end of this chapter, the effect of connecting pipes between the components is neglected. Thus,
the inlet pressure of the expansion valve is set to the outlet pressure of the gas cooler, and the
outlet pressure of the expansion valve is designated as the inlet pressure of the evaporator.

4.3.4 Evaporator
The evaporator model will now be described in the following three subsections:

1. Model overview
2. Inputs and assumptions

3. Simulation model and outputs
4.3.4.1 Model overview

A schematic frontal view of a typical finned-tube evaporator to be employed within the heat pump
cycle is shown in Figure 4-5. Note that the fins are left out to aid with the visual clarity of the coil
circuitry. Also shown are the inlet and outlet of the refrigerant (R744) that flows through the coil
circuitry, as well as the inlet and outlet of the air that flows across the coil circuitry. Furthermore,
it is notable that the incoming refrigerant splits into several parallel (and identical) circuits before

re-joining to exit at the indicated outlet.

When assuming that the incoming refrigerant mass flow rate is uniformly distributed over the
number of circuits, it can likewise be assumed that their thermo-physical behaviour is identical.
Accordingly, it was decided to model only a single circuit of the finned-tube evaporator and acquire

the total finned-tube evaporator values therefrom.

An isometric schematic view focussing on the inlet, outlet and return bends of a single circuit is

illustrated in Figure 4-6. Once again, the fins are omitted to emphasise the coil circuitry. It is
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evident that one circuit consists of four straight passes connected in series with 180° bends. The
R744 flows parallel to the x-direction from the inlet to the outlet of the tube, whilst the air flows
perpendicular to the x-direction across the tube. This is known as a crossflow configuration. Also,
note that with respect to the y-direction, the R744 widely moves from the back of the circuit to the
front. For this reason, a counterflow configuration is encountered with respect to the airflow
direction. This combined phenomenon represents a cross-counter flow configuration and is found

in practice due to the improved heat transfer from the added counterflow characteristics (Strydom,

2013).

§ Air outlet
Typical circuit
to be modelled e
Refrigerant
inlet
_
—
——; = = | —
Refrigerant & ——|
outlet Air inlet

Figure 4-5: Schematic frontal view of a typical finned-tube evaporator with omitted fins, adapted from Strydom
(2013).
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Figure 4-6: Schematic view of a single evaporator coil circuit with attention to the inlet, outlet and tube path
(Strydom, 2013).
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Consistent with the gas cooler model, the finite control volume method will be used to divide the
circuit into equal-length increments along the R744 flow direction. Figure 4-7 portrays a two-
dimensional overview of the coil circuit that is divided into 32 equal increments. Since the circuit

consists of four passes, the total amount of increments can only be a multiple of four.

Each increment is once again modelled as an individual heat exchanger. However, in this case,
a crossflow configuration with respect to the air stream is present, as illustrated in Figure 4-8.
Only the R744 outlet conditions from a single increment are equal to the inlet conditions of its

succeeding increment.

Refrigerant ; 1 P2 | 3 P4 | 5 ; 8 ; 7 ; 8

inlet ' ! ; ; ; ' ' ' -
P16 0 15 f 14 f 13 4 12 f o1 i 10 i 9
( 17 0 18 | 19 | 20 | 21 | 22 | 23 | 24 |

Refrigerant i 32 | 31 | 30 | 20 | 28 | 27 | 26 | 25 |
outlet ] | ' ] ] ] ] ]

Figure 4-7: Two-dimensional overview of the single evaporator coil circuit with discretised sections. Adapted
from Strydom (2013).
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Figure 4-8: Detailed schematic of an evaporator circuit increment. Adapted from Ding et al. (2011).

Unlike the R744-side, the interconnection of air properties between increments is not as simple
as that of the refrigerant and will now be interpreted with the aid of Figure 4-9. The figure depicts
a side view of the circuit in the positive x-axis direction as defined by Figure 4-6. From Figure 4-9,

the staggered tube arrangement can be identified. In this figure, a blue cross represents a
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refrigerant flow direction going into the page, whereas a blue circle represents a refrigerant flow
direction coming out of the page. With respect to the indicated airflow direction, it is clear that the
front row tubes (two and four) will receive air at pure ambient conditions, whereas the back row

tubes (one and three) will receive air at a mixture of outlet conditions coming from the front row.

It is assumed that the outlet air of the front row increments mixes adiabatically and is in
equilibrium. Thus, the inlet conditions of a back row increment are reckoned as the average of
the outlet conditions of the two preceding increments situated in the front row. Since the parallel
circuits are all assumed to be thermo-physically identical, it is accordingly assumed that the
incremental inlet conditions of tube one can also be reckoned from the outlet conditions from the

corresponding increments situated in tubes two and four.

Unlike the gas cooler model, the fluid properties for the evaporator model will be evaluated at the
inlet state of each increment. This is done as a result of computational capacity and can be
justified by the small variations occurring per increment, as well as by the scope of this study.

Figure 4-9: Schematic of the interconnection between incremental air properties (Strydom, 2013).

4.3.4.2 Inputs and assumptions

Table 4-5 lists the fixed inputs of the evaporator model, which composes of the physical heat
exchanger properties such as the geometry and material of the fins and tubes. Amongst others,
the evaporator geometry entails the fin pitch, transversal tube pitch, longitudinal tube pitch, and

tube increment length - which are illustrated in Figure 4-8. Table 4-5 further lists the area ratios,
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tube diameters, fin thickness, hydraulic diameter of air, as well as the number of tube rows,

parallel circuits, and increments into which the evaporator will be discretised.

Table 4-5: Required inputs for evaporator model: Heat exchanger properties.

Symbol Name Unit

$Evap.,p. | Tube material
$Evapy;, | Fin material

—
|_||

o Ratio of free flow area over frontal area

a Ratio of air surface area over volume

— | | | —

Agin/Aq, | Ratio of fin surface area over total air surface area

l—ir—\lTHH

D; Inner tube diameter m]
D, Outer tube diameter [m]
Ny, Number of tube rows [—]
F, Fin pitch [m]
P, Transversal tube pitch [m]
P, Longitudinal tube pitch [m]
8¢ Fin thickness [m]

Dy gir Hydraulic diameter of air
Levap Tube length (for a single parallel circuit)
N¢evap | Number of parallel circuits
W s Number of increments per tube
Line Tube length per increment

E

e

| —
|_|||_|

B

Error! Not a valid bookmark self-reference. reports the parameter inputs required by the
evaporator model, such as the fluid boundary conditions. For the R744-side, this entails the inlet
enthalpy and pressure, as well as the mass flow rate. On the airside, the boundary conditions
include the inlet temperature, pressure, velocity, and RH. Considering that a two-phase R744
region is present in the evaporator, pressure and temperature will no longer be independent
properties throughout the gas cooler. Thus, the boundary conditions on the R744-side are the

inlet pressure and enthalpy.

Table 4-6: Required inputs for evaporator model: Boundary conditions of fluids.

Fluid Symbol Name Unit
hqyg (h, ;) Inlet enthalpy [J/kg]

R744 Pio (Pyr) Inlet pressure [Pa]
m, Mass flow rate [kg/s]
_ T, Inlet temperature [J/kg]

Alr Pg,; Inlet pressure [Pa]
V, Inlet air velocity [kg/s]
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RH; Inlet RH %]
Apart from the general assumptions and those stated in terms of the modelling approach, further

assumptions relevant to the evaporator model are listed as follows:

¢ Constant thermal conductivity for the tube and fin materials.

¢ The fin base temperature is assumed equal to the outer surface temperature of the tube.

e The fins have a uniform temperature that is equal to the fin base temperature. Therefore,
no temperature gradient exists between the base and tip of the fin.

e The air heat transfer surface (both fin and outer tube surface) is considered either fully
wet or fully dry per increment - Since the fin temperature is uniform, only fully wet / fully
dry conditions can be considered.

¢ A uniform airflow distribution over the entire frontal area of the evaporator is assumed. Put
differently, the front row of parallel evaporator circuits and their respective increments will

receive ambient air at the same conditions (temperature, pressure, humidity, velocity).

The assumption of a uniform fin temperature and thus only fully wet or fully dry incremental
conditions can be justified as follow. A condition known as partially wet exists when the dewpoint
is lower than the fin tip temperature, yet greater than the fin base temperature. In such a condition,
only the surface areas below the dew point will induce condensation (Pirompugd, et al., 2007).
As mentioned in Section 2.2.2.4, the modelling of a fin temperature distribution requires hefty
computational power. Considering that the present model only requires the prediction of total heat
transferred between the R744 and air, the modelling approach of fully wet and fully dry conditions

per discretised increment is deemed sufficient.
4.3.4.3 Simulation model and outputs

The simulation model employed for the evaporator model will now be explained by way of the
logic diagram illustrated in Figure 4-10. Recognise that the inlet and outlet states of the R744
respectively correspond with the cycle points (19) and (51=1) denoted in Figure 4-1 and Figure
4-2.

The evaporator is modelled with an upwind discretisation and thus the fluid properties are
evaluated at the inlet of each increment. For this reason, no guessed outlet values are present in
the evaporator’s simulation model (unlike that of the gas cooler, where such is needed for the
fluid properties to be evaluated at the mean increment values). As highlighted in Section 2.2.2.4.2,
for increments with small variations, this approach aids with the simulation time and stability

(Strydom, 2013). As will be elaborated on in Section 5.3, to ensure this approach is suitable for
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the present study, the increment size of this evaporator model will thus be equal to or smaller
than that of Strydom (2013).

The logic diagram in Figure 4-10 firstly shows that the inputs from Table 4-5 and Error! Not a
valid bookmark self-reference. reports the parameter inputs required by the evaporator model,
such as the fluid boundary conditions. For the R744-side, this entails the inlet enthalpy and
pressure, as well as the mass flow rate. On the airside, the boundary conditions include the inlet
temperature, pressure, velocity, and RH. Considering that a two-phase R744 region is present in
the evaporator, pressure and temperature will no longer be independent properties throughout
the gas cooler. Thus, the boundary conditions on the R744-side are the inlet pressure and
enthalpy.

Table 4-6 are substituted as inputs into the evaporator model. From the inputs, the pre-
calculations are performed. This entails the geometrical parameters with aid of Equations (3.54 —
3.61), as well as the evaluation of the fluid properties, which are a function of the input boundary
conditions. Hence, the pre-calculations are continued to obtain the air CHTCs for dry and wet
conditions by using Equations (C.39 — C.47), mass transfer coefficient by using Equations (C.54)
and (C.55), and friction factor using Equations (C.56 — C.56). Furthermore, Equations (3.50) and

(C.48 — C.53) are applied to calculate the dry and wet fin efficiencies.

Subsequently, the deployment of the incrementing loop follows where the outlet properties for
each increment are solved iteratively. The incremental loop starts with two logical operations, of
which one is executed to classify the R744 as a single-phase or two-phase fluid. With respect to
the R744 state, Equations (C.1 — C.38) are applied to determine the CHTC and pressure drop in
the case of a two-phase mixture, whereas Equations (3.34), (3.29), (3.36), and (3.37) are used to
calculate those of superheated vapour. Hence, the incremental heat transfer rate is computed
with Equation (3.48) followed by the evaluation of the increment outlet enthalpy and pressure,
which are reckoned with Equations (3.17) and (3.12), respectively. With the increment outlet
enthalpy and pressure known, the corresponding fluid properties can be evaluated as a function

thereof.

In parallel, the second logical operation is performed to distinguish between dry and wet
conditions present on the evaporator's outside surface. In the case of dry surface conditions, the
pre-calculated dry CHTC and fin efficiency are called to calculate the incremental sensible heat
transfer with the aid of Equation (3.49). Under wet surface conditions, the wet air heat and mass
transfer coefficients are applied in Equations (3.51) and (3.52) to compute the increment sensible

and latent heat transfer rate. Thereafter, the outlet temperature, pressure (using the pressure
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drop in Equation (3.53)), and humidity of the air can be found by solving Equations (3.20), (3.12),
and (3.25), respectively. Accordingly, the increment outlet fluid properties can be evaluated as a

function of the known air outlet temperature, pressure, and humidity.

As illustrated in the figure, this process is repeated for a number of n increments. Hence, the total
heat transfer rates (sensible, latent, and overall) are obtained by summing the heat transfer rates
of all the increments. Aside from the total heat transfer rates, the outputs also include the R744
outlet enthalpy and pressure of the evaporator, which are deemed as those of the final increment’s
outputs. Since the air exits the evaporator at all the increments situated in the back two rows, the
outputs are therefore obtained by averaging the outlet temperature, pressure, and RH of each

back row increment.
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‘ Inputs: Evaporator geometry, 1th,., h,.;, P, ;, V5, T 1, Py i, RH;
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Figure 4-10: Schematic of the evaporator's simulation model.

4.4 Integrated heat pump cycle model

In this sub-section, a brief overview is given of the integration of the individual component models

into an integrated heat pump cycle model.
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As noted in literature, the effect of connection pipes between the cycle components is generally
neglected, which will also be the case for the model of this study. Thus, the outlet conditions of
one component are deemed equal to the inlet conditions of the next component. Furthermore,
considering that this is a fully theoretical study, similar to Ye et al. (2020), an approximation

approach will be used to relate the evaporation temperature to the ambient temperature (WB).

As mentioned before, the main purpose of this study is to investigate the performance of the cycle
over a wide range of operating conditions. As will be elaborated in Chapter 6, to do so, an
adequately designed system is required to ensure that the intended high-temperature water can
be achieved over the full range of operating conditions. This will be achieved by sizing the system
with a capacity large enough still fulfil the requirements at the worst possible case of operating
conditions. As a result, the system’s heat exchangers may be oversized when operating at more
favourable operating conditions. For this reason, to avoid the simulations yielding unpractical heat
transfer, a minimum temperature pinch point of 4°C was included within the heat exchanger
models. In other words, should the temperature difference between two fluids drop below 4°C in
a heat exchanger, any further heat transfer will be disregarded for that portion(s) of the heat
exchanger.

45 Conclusion

In this chapter, the models of the individual subcomponents of the cycle as well as the integration
thereof into a unified cycle model were described. The included the assumptions made and the
modelling approach followed for each component. The respective inputs and outputs of each
model were described, as well as where the theory discussed in Chapter 3 fits into the models.
Aside from this, the characteristic equations of the compressor were developed by applying the

universal method of Bester (2018), as outlined in Appendix D.

As for any study, the numerical model should be verified to confirm its accuracy, as will follow in

the next chapter.
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5. CHAPTER 5: MODEL VERIFICATION AND VALIDATION

The preceding chapter focussed on the simulation model of the four component models as well
as their integration into a heat pump cycle and the simulation model thereof. In this chapter, the
focus is directed on the validation and verification of the heat pump cycle model.

Note that verification is the method used to ensure that an analytical model is implemented
accurately, whereas validation is the process applied to confirm that the analytical model is

representative of the real-world application (Smuts, 2015).

Limited data in literature is available on the performance of transcritical carbon dioxide heat
pumps with the same cycle and component configurations as in this study (as justified by the
comprehensive literature review). That is i) a transcritical R744 heat pump cycle without an
internal heat exchanger, ii) a semi-hermetic reciprocating compressor, iii) a water source tube-in-
tube gas cooler, and iv) an air-source finned-tube evaporator with a wavy-fin configuration. Also,
a limitation to this study is that the does not have access to such an experimental test-bench.
Accordingly, it was decided to verify and validate the model per individual component by

comparing the simulated results of the model to results of independent and credible sources.
The component-based validation and verification will be reported on in the following sequence:

1. Semi-hermetic reciprocating compressor.
2. Water-source tube-in-tube gas cooler.

3. Air-source wavy-finned tube evaporator.

For each above-listed component, a description will be given of the reference sources (where
data will be gathered from to compare against the simulation results). Per component, five
independent conditions will then be discussed and used for the comparison between the

simulated and reference results.

Only the most important results will be evaluated in this chapter using a graphical format. A tabular
hereof format can be found in appendix E, which also includes the set ups and inputs of the
alternative simulation models (from commercial software) used for verification purposes. For the
compressor, this will include the mass flow rate, delta temperature, and work rate values. In the
case of the heat exchangers, this will include the heat transfer rate and delta temperature values.
Furthermore, as shown in the literature review, the heat exchanger pressure drops of the
considered system have been neglected in some of the previous studies, which motivates only a

concise verification check thereof at the end of this chapter.
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5.1 Reciprocating compressor model

As will be revealed in Section 6.2, a specifically sized compressor is selected as the most
appropriate choice for the present study. Unfortunately, the author of this study does not have
access to such an experimental test bench or direct experimental data. However, the compressor
manufacturer, Bitzer, has developed software that accurately predicts their products’ performance
according to the European Standard EN12900 (Bitzer, 2022). Furthermore, Bester (2018)
included a comparison between the accuracy of the Bitzer software relative to the experimental
test bench of a similar reciprocating R744 compressor. The software was reportedly able to
predict the mass flow rate and discharge temperature values within absolute average errors of
2.89% and 4.82%, respectively. Although the specific compressor model of Bester (2018) slightly
differs from that of the present, this further adds credibility to the Bitzer prediction software.

Based on the above discussion, performance data gathered from the Bitzer software are deemed
representative of the real-world compressors (in other words, validated). Moreover, since the
present study focuses on the whole heat pump cycle’s performance, it is deemed acceptable to
only verify the compressor model against the aforementioned manufacturer software. Note that a
study done by Opalic et al. (2019) relating to transcritical R744 cooling applications, made use of
the exact same approach, i.e., Bitzer prediction software for their reciprocating R744

compressors.

As described in Section 4.3.1, the compressor input parameters consist of the suction pressure,
suction temperature, and discharge pressure. Within the expected operating conditions and
manufacturer limits of the compressor, per input parameter, five random values will be generated
for the verification conditions of the compressor model. The rationale behind the expected

boundaries of these randomly generated parameters is briefly discussed below.

e According to Bitzer (2022), the present compressor’s operating conditions are confined to
the following limits: Minimum DOS of 5°C; maximum discharge pressure of 14.0 MPa; and
maximum discharge temperature of 160°C.

¢ The ambient temperature range considered by this study is 25-40°C. As will be discussed
in Chapter 6, a typical air RH of 30% is considered in this study. This corresponds to a
WB temperature range of 13.7-24.4°C.

e Input parameter 1: Suction pressure - For verification purposes, the expected suction

pressure is assumed equal to the evaporation temperature’s corresponding saturation
pressure. In other words, the pressure drop in the evaporator is neglected in this regard.

For the 8°C temperature approach between the WB air temperature and evaporation
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temperature, an evaporation temperature from 5.7°C to 16.4°C is expected. Thus, the
expected suction pressure will range between 4.04 MPa (5.7°C saturation pressure of
R744) and 5.26 MPa (16.4°C saturation pressure of R744).

e Input parameter 2: Suction temperature - Considering the minimum 5°C DOS specified by

the compressor manufacturer, the lower limit of the expected suction temperature range
is set to 10.7°C. In addition, since the minimum pinch point in the evaporator model may
not be lesser than 4°C, the upper limit of the expected suction temperature range is
assigned as 36.0°C. Thus, the expected suction temperature range was decided on as
~11-36°C.

e Input parameter 3: Discharge pressure - As indicated in the literature study, the expected

discharge pressure for a transcritical R744 heat pump that heats water to 90°, ranges
around 12.0 - 13.0 MPa. It was decided to expand the expected discharge pressure range
to 1.0 MPa above and below this range, i.e., 11.0 — 14.0 MPa.

The randomly generated verification conditions are listed in Table 5-1. The evaporation
temperature column is shown to interpret the suction pressure easier. Note that whenever a
generated suction temperature value resulted in a DOS value lower than 5°C, the value was

regenerated until satisfying the minimum DOS limit.

Table 5-1: Generated operating conditions for the compressor model verification.

Parameter 1. Parameter 2. | Parameter 3:
Condition T epap [°C] Py, [MPa] Tsuc [°C] P4is [MPa]
(5.7-16.4) | =(4.04-5.26) | (10.7-36.0) (11.0-14.0)
1 7.5 4.23 14.8 13.8
2 9.6 4.46 30.3 12.0
3 13.1 4.86 35.7 11.7
4 5.7 4.04 16.1 13.6
5 16.2 5.24 24.6 11.3

The simulated results of the compressor model relative to those of the Bitzer software are
illustrated in Figure 5-1. This includes the R744 mass flow rate, delta temperature (difference

between the compressor’s suction and discharge temperature), and compressor work rate.

Figure 5-1a shows the comparison of the mass flow rates generated by the compressor model
and Bitzer software at the verification conditions. The simulation generally overpredicted the mass
flow rate, yet within a maximum deviation of 0.62% and average deviation of 0.21%. Figure 5-1b

illustrates the comparison of the delta temperature values. The simulation slightly underpredicted
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the delta temperature, although within a maximum deviation of -0.29% and average deviation of
-0.06%. Figure 5-1c depicts the resulting compressor work rate values. Three values were
overpredicted and two underpredicted, yet within limited discrepancies. The average and
maximum errors were recorded as -0.06% and -0.68%, respectively.

m Compressor Model = Bitzer Software M Compressor Model M Bitzer Software
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Figure 5-1: Comparison of the compressor simulation and Bitzer-software results: a) Mass flow rate, b)
Temperature difference, and c) Compressor work rate.

The marginal discrepancies recorded in this section can be attributed to mathematical rounding-
off errors and the assumptions made within the application of Bester (2018)’s method, such as
the polynomial orders used to develop the compressor characteristic correlations (Appendix D).

Seen that the present compressor model predicted the Bitzer-software performance data within
very limited discrepancies (<1%), it is concluded as successfully verified. As mentioned before,
the values gathered from the Bitzer software are sufficiently representative of real-world data. The

compressor model is concluded as sufficiently accurate with tangible results and will be used for
the rest of this study.
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5.2 Water-source tube-in-tube gas cooler model

For the verification of the gas cooler model, reference will be made to an equivalent Flownex
software model. Flownex is a renowned one-dimensional thermo-physical network solver with the
capability of simulating a vast range of fluid engineering applications, including heat exchangers.
This software is especially suitable for the present verification since it also makes use of the finite
volume method and has R744 as a built-in refrigerant option. Furthermore, the same correlations
used in the gas cooler model, i.e., Dittus & Boelter (1985) for the R744 side and Gnielinski (1976)

for the waterside, are also available in this software (Flownex, 2022).

In parallel, the gas cooler model will be validated relative to experimental results published by
Harris (2014). The researcher performed experiments on the R744 tube-in-tube gas cooler test
bench at the NWU to analyse the accuracy and applicability of various Nusselt number
correlations for the in-tube cooling of R744. Similar to the present study, this test bench also used
a counterflow heat exchanger configuration and water as a heat sink.

This verification and validation will be conducted by adapting the physical gas cooler design of
the present model and Flownex model to that of Harris (2014)’s test bench. These design
specifications are listed in Table 5-2 and include the geometrical parameters, tube material, and
flow configuration. Note that Harris (2014) used a number of 12 increments to model a 24.0 m
gas cooler, which corresponds to an incremental length of 2.0 m. As will be revealed in Section
6.3, the maximum possible length (in the worst case) of the gas cooler to be used in the desired
simulations of this study is 30.32 m. Thus, for the present gas cooler model, a minimum total of
16 increments (rounded up) are used to ensure that the mentioned incremental length will be
maintained throughout this study, even for the worst case of the gas cooler design.

Table 5-2: Physical heat exchanger inputs for the gas cooler model verification and validation. Adapted from
Harris (2014).

Symbol Name Value Unit
D;; Inner tube inside diameter 0.016 [m]
D;, Inner tube outside diameter 0.0215 [m]
D,; Outer tube inside diameter 0.026 [m]
twall Inner tube wall thickness 0.00275 [m]
Lgc Gas cooler tube length 24.0 [m]
Nige Number of tubes 1 [—]

Nincge Number of increments 16 [—]
$GC onfig Heat exchanger configuration ‘Counterflow’ [—]
$GCiype Tube material ‘AlSI 304 Stainless Steel’ [—]
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Similarly, the same operating conditions at which the experimental results of Harris (2014) were
gathered, will be used as inputs for the present simulations. Hence, the simulation results of the
gas cooler model will be compared to those of the Flownex simulation and Harris (2014)’s
experimental data. Table 5-3 lists the inlet pressure, inlet temperature, and mass flow rate of the
R744 stream, as well as the corresponding inlet temperature and mass flow rate of the water

stream.

Table 5-3: Operating conditions for the gas cooler model verification and validation (Harris, 2014).

Condition Refrigerant side Waterside
Py [MPa] | T.;[°C] | my[kg/s] | Tw:[°C] | my [kg/s]
1 9.0 103.5 0.150 23.9 0.181
2 9.5 108.1 0.162 24.2 0.169
3 10.0 115.2 0.165 23.9 0.159
4 10.5 116.8 0.175 24.5 0.129
5 11.0 120.6 0.180 24.5 0.119

The simulation results of the gas cooler model relative to the Flownex simulation and Harris
experimental data are portrayed in Figure 5-2. This includes the gas cooler heat transfer rate and

delta temperature values of both the R744 and water sides.
5.2.1 Verification: Comparison to Flownex simulation

Relative to the Flownex simulation results, Figure 5-2a to Figure 5-2c show that the two fluid
temperature differences and heat transfer rates are almost identical. Of all three considered
parameters, the largest inaccuracy was found at the water temperature difference, where a
maximum deviation of -0.25% was noted at condition one. Furthermore, the average relative
errors for the R744 temperature difference, water temperature difference, and heat transfer rate
were recorded as -0.06%, -0.03%, and -0.02%. Seen that the exact same Nusselt correlations
are used by the two simulations in question, these close results are expected. The very limited
deviations (<1%) may only be due to small inconsistencies such as rounding-off errors in built-in
fluid properties. Nevertheless, the gas cooler model is deemed as accurately implemented and

thus successfully verified.
5.2.2 Validation: Comparison to experimental data of Harris (2014)

Figure 5-2c¢ show that relative to Harris (2014), the heat transfer rate was generally overpredicted.
In this case, the maximum error was +4.50% at condition four, and the average deviation over all

the conditions was +3.46%. No explicit relation between the magnitude of this inaccuracy and the
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input conditions could be identified, and no experimental uncertainty on the heat transfer rates
was reported by the data source.

This overprediction may be caused by correlation inaccuracy. As described in Chapter 2, over the
experimental range of Harris (2014), the Dittus & Boelter (1985) Nusselt correlation was reported
as the most accurate, yet, with a relative average error of +20%. Accordingly, an overprediction

is expected. This inaccuracy may also be due to unaccounted fouling effects in the gas cooler.
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Figure 5-2: Results comparison of the gas cooler simulation, Flownex simulation, and Harris (2014)
experimental data: a) R744 temperature difference, b) Water temperature difference, and c) Gas cooler heat
transfer rate.

Figure 5-2a and Figure 5-2b show that the fluid temperature differences in the gas cooler are also
overpredicted. Seen that fluid temperature differences in a heat exchanger are functions of the
heat transfer rate, these recorded deviations are argued to be functions of the heat transfer rate’s
underprediction. Even so, the margin of overprediction differs on the R744 side (relative average
of 1.01%) relative to the water side (relative average of 3.92%). This may be accredited to the

present model’s assumption that thermal losses to the environment are negligible, and also to the
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uncertainty of the experimental measurements. No measurement tolerances for any of the

discussed outputs were explicitly reported by Harris (2014).

Nevertheless, for the purpose of this study, the above-described deviations relative to the
experimental data of Harris (2014) are on an acceptable level. Over all the considered conditions
and parameters, the largest individual error was recorded as 4.50%, and the overall relative error
was averaged as 2.80%. It is argued that the gas cooler model yields representative data of a

real-world application and is thus successfully validated.

5.3 Air-source wavy-finned tube evaporator model

For the verification of the evaporator model, reference will be made to EVAP-COND (NIST 2020),
which is a software package developed by NIST that contains simulation models specifically for
finned-tube heat exchangers. This software is highly relevant for the present comparison since it
also makes use of the finite control volume method and offers R744 as a built-in refrigerant option.
Although Flownex also has the aforementioned characteristics, EVAP-COND is preferred in this
case since it has specific correlations for the two-phase region. This software also allows for the
specifying of assorted refrigerant circuits and includes local parameters for each tube such as
temperature, enthalpy, entropy, and mass flow rate (NIST, 2020).

Concurrently, the model will be validated relative to the experimental data of Strydom (2013). The
researcher performed experiments on the R744 air-source wavy-finned evaporator at the NWU

to study its performance and in parallel, develop and validate an accompanying numerical model.

Similar to the previous section, the verification and validation will be conducted by setting up the
present model and EVAP-COND software with the same heat exchanger properties as those of
Strydom (2013). These specifications are listed in Table 5-4 and include the geometrical
parameters, tube and fin material, and evaporator configuration. Note that Strydom (2013) used
32 increments to model the 4.8 m evaporator circuit, which corresponds to an incremental length
of 0.15 m. As will be revealed in Section 6.3, the maximum length (in the worst case) of the
evaporator to possibly be used in the actual simulations of this study is 4.15 m. Thus, rounded up
to the nearest four, a minimum total of 28 increments are used for the present model to ensure
that the aforementioned incremental length will be maintained throughout this study, even for the
worst case of the evaporator design. Also note that Strydom (2013) used an upwind discretisation,
and that the aforementioned incremental length was thus rendered as sufficient with the inclusion
thereof. As mentioned in Section 4.3.4.3, such a discretisation method is applicable for

applications with small enough variations. Since the present investigation will later involve a broad
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range of ambient temperatures, it is decided to add another four increments, which increases the

total number of evaporator increments to 32.

Subsequently, the same set of experimental conditions used by Strydom (2013) will be simulated
by both the present evaporator model and the EVAP-COND software. These conditions are
outlined in Table 5-5 and entail the R744 evaporation temperature, inlet quality, mass flow rate,
as well as the air temperature, relative humidity, and velocity. For each condition, the air pressure
is fixed at 85 kPa and the R744 inlet pressure is equal to the corresponding saturation pressure.

Table 5-4: Physical heat exchanger inputs for the evaporator model verification and validation (per parallel
circuit), adapted from Strydom (2013).

Symbol Name Value Unit
Afin Total fin area 2.23914 [m?]
Apube Total tube area 0.14281 [m?]
Ago Total outside surface area 2.38195 [m?]
Agf Total free flow area 0.03245 [m?]

D; Inner tube diameter 0.00928 [m]

D, Outer tube diameter 0.01010 [m]

F, Fin pitch (excluding fin thickness) 0.0021166 [m]

P, Transversal tube pitch 0.0254 [m]

P, Longitudinal tube pitch 0.022 [m]

N,y Number of tube rows 2 [—]

0 Fin wave angle 16 [°]

Ly Fin thickness 0.00014 [m]
Leyap Tube length 4.8 [m]
Nincevap | Number of increments 32 [—]
N evap Number of parallel circuits 12 [—]
$Evapi,pe | Tube material ‘Copper’ [-]
$Evapy;, |Fin material ‘Aluminium’ [—]
$Evap ,nfig | Evaporator configuration ‘Wavy-finned tube’ | [—]

Table 5-5: Operating conditions for the evaporator model verification.

Condition Refrigerant side Airside
T, [°C] xi[-] | m,[kg/s] | Ta;[°C] RH; [%] | Vq[m/s]
1 0.3 0.823 0.1435 16.5 34.8 5.25
2 4.8 0.838 0.1705 15.6 35.8 9.71
3 8.9 0.928 0.2204 15.7 35.3 9.61
4 0.0 0.429 0.1662 29.1 30.1 8.95
5 5.0 0.429 0.2039 29.4 30.4 8.94
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Considering that the evaporator model is more complex in nature and delivers more outputs than

the other models, the verification and validation results will be grouped and discussed as follow:

Overall heat transfer rate
R744 side temperature

Airside temperature and humidity

5.3.1 Overall heat transfer rate
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Figure 5-3: Heat transfer rate comparison of the evaporator model simulation, EVAP-COND simulation, and
Strydom (2013) experimental data.

5.3.1.1 Verification: Comparison to EVAP-COND simulation

Figure 5-3illustrates the evaporator heat transfer rates obtained by the present simulation, EVAP-
COND, and Strydom (2013). The simulated values are in good agreement with those of EVAP-
COND. On average, the heat transfer rate was overpredicted by 0.24%, with the greatest margin
being +1.00% at condition one.

This discrepancy is a result of different correlations being used to predict the two-phase heat
transfer. EVAP-COND and the present simulation make use of the Thome (2005) and Cheng et
al. (2008a&b). The latter is regarded as more accurate than the former since it is a refined version
thereof and was also developed specifically for R744, unlike the former, which was developed on
R22 and R410 data (Cheng, et al, 2008a&b; Thome, 2005). In general, literature also reports that
an increase in heat transfer rate is linked to an improvement in correlation accuracy (Strydom,
2013).
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5.3.1.2 Validation: Comparison to Strydom (2013)’s experimental data

From Figure 5-3 it can be seen condition one and two were predicted within the uncertainty bands
of the experimental heat transfer rates. For condition three, an underprediction of 7.64% was
recorded, and in contrast, for conditions four and five, an overprediction of 1.93% and 3.56%,

respectively. Furthermore, the mean relative error was found as -0.43%.

Neither the present simulation nor EVAP-COND accounts for the effect of compressor oil. As will
be elaborated in Section 5.3.2.2, the presence of oil in an evaporator (as was the case for Strydom
(2013)) may affect the heat transfer in either a positive or negative manner. Thus, the inaccuracy
of this comparison is not due to the simulation (or due to EVAP-COND), but rather due to the

influence of oil in the experimental measurements.

In conditions one to three, vapour qualities of 0.823 to 0.928 were present, whereas conditions
four and five involved a relatively lower vapour quality of 0.429. For this reason, larger two-phase
regions were present at conditions four and five than at conditions one to three. As will also be
described in Section 5.3.2.2, due to the oil within the evaporator, it is reasoned that these
overpredictions and underpredictions are amongst others, related to greater and smaller two-

phase regions, respectively (Strydom, 2013).

5.3.2 R744 side temperature

A Evaporator Model EVAP-COND Strydom (2013)

30
T 25 "
v 2
2 20
o
o
£
o 15 4 2
= —
]
<
=]
g 10
<
5
I~
x 5

0
1 2 3 4 5

Evaporator condition number

Figure 5-4: R744 temperature comparison of the evaporator model simulation, EVAP-COND simulation, and
Strydom (2013) experimental data.
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5.3.2.1 Verification: Comparison to EVAP-COND simulation

Figure 5-4 depicts the outlet R744 temperature of the three considered independent sources.
Compared to EVAP-COND, the present simulation correlates well, yet with a slight overprediction
at condition one, which is expected since this was also the case for the overall heat transfer rate.

The average error was +0.19%, and the maximum error +2.68% at condition one.

As mentioned in Section 5.3.1, Cheng et al. (2008a&b) is an update of Thome (2005) and also
specifically focussed on R744. Since the dryout and mist flow regions (the two-phase regions
closest to the saturation point) are predominantly encountered in finned tube evaporators, the
greater part of the correlation refinement was based thereon (Strydom, 2013). For these reasons,
the present simulation is deemed more accurate as it makes use of Cheng et al. (2008a&b).
Furthermore, the present model discretised the finned tube evaporator into a total of 32 segments.
This allows a finer simulation than EVAP-COND, which is limited to a maximum of 10 increments.

5.3.2.2 Validation: Comparison to Strydom (2013)’s experimental data

Compared to the validation data, Figure 5-4 shows that the R744 temperature is underpredicted
for conditions two and three, whereas an overprediction is evident for conditions one, four, and
five. In this case, the average deviation was +12.11%, and the maximum deviations were

+13.91%, +31.50% and +36.17% at conditions one, four, and five, respectively.

In parallel to the experiments done by Strydom (2013), a similar evaporator model was developed.
When compared to his own experimental data, the reported margins of inaccuracy are similar to
the above. As mentioned in Chapter 2, the accuracy of a heat exchanger model is highly
dependent on those of the incorporated correlations and should be judged appropriately. In the
comparison of Strydom (2013), a £20% margin of error was deemed acceptable, which included
the overall heat transfer rate and fluid outlet temperatures. Since the same correlations are used

in the present simulation as with Strydom (2013), the £20% margin is adopted accordingly.

One reason for the observed deviations may be the correlation accuracy of the heat transfer
coefficient. Only three of the thirteen data-sets that Cheng et al. (2008a&b)’s correlations were
developed on, included inner tube diameters greater than 3 mm. The nearest to the present
application was 10.06 mm, being that of Knudsen & Jensen (Strydom, 2013). Even so, as justified
in Chapter 2, up to date, Cheng et al. (2008a&b) remains the most suitable and accurate two-
phase R744 heat transfer correlation for numerical modelling over a broad range of operating

conditions.
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It is important to note that the experimental compressor used in test bench was reportedly
overfilled with oil, and that polyolester (POE) oil type was used. Although termed as large, no
numerical quantification of the oil concentration was given by the researcher (Strydom, 2013).

The influence hereof on the present comparison will now be discussed.

The under and overprediction of heat transfer due to the effect of oil in the evaporator

The influence of oil in flow boiling may have either a positive or negative effect depending on
various operating conditions such as the type of oil, oil concentration, heat and mass flux, tube
size, and more. These influenced operating conditions may include a higher bubble point
temperature, surface tension, and viscosity. Further included may be lower thermal conductivities
and the development of foam (Mastrullo, et al., 2019). Generally, heat transfer coefficients of
R744 are negatively influenced by the presence of oil. Only in certain conditions such as lower
vapour qualities and lower oil concentrations, marginal increases are found (Wetzel, et al., 2014).

During the performing of Strydom (2013)’s experiments on the heat pump test bench, through the
sight glass upstream of the compressor, lubricant foam was reportedly identified at times. Factors
that contribute to the formation of such foam are high heat fluxes and oil concentrations. Also,
rapid expansions occurring in the expansion valve may incite the formation of POE oil (Strydom,
2013; Wetzel, et al., 2014).

For each of the five considered conditions, Table 5-6 lists the average two-phase heat flux and
pressure ratio associated with the expansion process. The former was obtained from the present
simulation and the latter from the experimental heat pump data of Strydom (2013). In addition to
the high oil concentration, conditions four and five are associated with higher two-phase heat
fluxes and more rapid expansion ratios. Thus, the formation of lubricant foam is highly expected
in these conditions, which explains the degraded heat transfer coefficient and thus lower R744

temperatures (Strydom, 2013).

Considering their lower two-phase heat fluxes and pressure ratios, the opposite of the above
argument is reasoned for condition two and especially condition three, which explains their
associated underpredictions in heat transfer coefficients and thus R744 temperature.
Furthermore, the effect of this argument is less evident in the conditions of higher inlet qualities

since smaller two-phase regions were present, allowing for less/no foaming to take place.

82



Table 5-6: Expansion valve pressure ratios recorded by Strydom (2013) and simulated mean two-phase heat
flux for the considered evaporator conditions.

Condition | Mean two-phase Expansion valve
heat flux [kW/m?] | pressure ratio [ -]

1 14.0 2.18

2 10.8 1.96

3 6.85 1.69

4 33.1 2.39

5 30.2 2.36

To account for the influence of oil, Strydom (2013) did a supplementary simulation that involved
applying a constant degradation factor to the heat transfer coefficient and was calibrated
according to the recorded deviations. This is decided not to do for the present model, and the
discrepancies seen by the influence of oil are disregarded for the following reasons:

e The oil concentration was specifically high for the experimental data of Strydom (2013)
due to the overfilling of the involved compressor. The present evaporator model forms part
of a full heat pump cycle model, which is aimed at a more universal purpose.

e Correlations developed for oil-entrained R744 heat transfer coefficients should only be
applied to the conditions (including oil type) they were developed on. No correlations are
available yet that include the effect of POE oil for macro tubes at evaporation temperatures
above 0°C (Mastrullo, et al., 2019).

o Aswill be stated in Chapter 8, a recommendation for future studies is to define correlations
for R744-oil (POE) heat transfer coefficients, or to gather experimental data with an oil
type that has such correlations readily available in literature, such as the Polyalkylene
glycol (PAG) type.

Up to this point of the evaporator verification and validation, the overall heat transfer rate and
R744 outlet temperature have been evaluated. Good agreements have been seen between the
present simulation, the experimental data of Strydom (2013) and EVAP-COND. Where this was
not the case, in-depth explanations were given to justify that it was not a result of simulation

inaccuracy. The next section will consider the airside of the evaporator.
5.3.3 Airside temperature and moisture
5.3.3.1 Validation: Comparison to Strydom (2013)’s experimental data

Figure 5-5a illustrates the recorded outlet temperatures of the three considered sources. Relative

to those of Strydom (2013), with the exception of condition three, a slight general overprediction
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is present. The average relative deviation was +1.10%, with conditions two and five being

predicted within the uncertainty bands, and the largest deviation being +4.41% at condition one.

The differences may be attributed to simulation errors such as correlation inaccuracy and certain
assumptions on which the present model was developed. These assumptions include only
considering fully wet or fully dry surfaces, neglecting heat transfer to the environment and
neglecting the thermo-physical effects of fin tips and return bends.
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Figure 5-5: Airside comparison of the evaporator model simulation, EVAP-COND simulation, and Strydom
(2013) experimental data: a) Air outlet temperature, b) Sensible heat transfer rate, c) Latent heat transfer rate.

In parallel, the differences may also be due to measurement uncertainties on the experimental
side. Since there is moisture in the air, some of the energy transferred may be of the latent type
and thus not in the form of a temperature change. Strydom (2013) reported that condensate
wetted the relative humidity sensors during the experiments, which led to negative latent heat
transfer measurements. Accordingly, the latent (moisture) aspects of the experimental data are

further omitted. Even so, for the purpose of this study, the above-mentioned deviations are on an
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acceptable level and still show that the values of the present simulation are representative of

tangible results.
5.3.3.2 Verification: Comparison to EVAP-COND simulation

Respective to EVAP-COND, Figure 5-5a shows that the outlet temperature (DB) is generally
slightly underpredicted. The mean relative error was -2.19% and the maximum error -3.17% at

condition five.

The observed underprediction may be attributed to a combination of calculation differences
between the present model and EVAP-COND. For instance, since EVAP-COND does not have
wave angle as an input, it is likely that the geometrical calculations slightly differ from those of the
present model, leading to an overall correction in total heat transfer rate. As mentioned before,
EVAP-COND can only discretize the heat exchanger up to 10 increments, as opposed to the
present model at 32 increments. In addition, according to Strydom (2013), the correlation for the
heat transfer coefficient employed in the present simulation, Wang et al. (2012a), is a refined
version of that used by EVAP-COND, Wang, 1999.

Since there is moisture in the air, some of the energy transferred may be of the latent type and
thus not in the form of a temperature change. Seen that the total heat transfer rates described in
Section 5.3.1 had marginal differences, it can be inferred that the sensible and latent heat transfer
rate adds up to the correct amount, although with a deviation in their ratio. Figure 5-5b and Figure
5-5¢ show a comparison of the predicted sensible and latent heat transfer rate, respectively. The
greatest error in sensible heat transfer was -6.98% at condition four, which is also the condition
with the highest latent heat transfer rate. As will be discussed in more detail shortly, this difference
is due to EVAP-COND using a constant Lewis number, whereas the present simulation is based

on a researched correlation (Strydom, 2013).

The ratio of sensible and latent heat transfer

As illustrated in Figure 5-5c, when non-zero latent heat transfer rates were predicted as with
conditions four and five, large differences are seen between the present simulation and EVAP-
COND. As mentioned, the present simulation uses a correlation rather than a constant value for
the Lewis number as is the case for EVAP-COND. Consequently, a difference in mass transfer
prediction results. As mentioned in Chapter 2, a Lewis number based on a correlation is theorised

as the more accurate approach.
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The study by Strydom (2013) revealed similar behaviour when comparing simulation results to
EVAP-COND results. The author decided to disregard the latent heat transfer rate comparison in
terms of numerical accuracy and rather focus on the accuracy of the trend. Hence, additional
simulations at higher inlet RH values were conducted to prospectively obtain higher latent heat
transfer rates. For the present study, a similar investigation will be held to compare the findings
to those of Strydom (2013). This will be accomplished by re-simulating condition five, except for
using higher inlet RH values (40% to 70%).
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Figure 5-6: Comparison of the total overall (a) and latent (b) heat transfer rates for the three increased RH
conditions.

Hence, between the present simulation and EVAP-COND, Figure 5-6a portrays a good
agreement in total heat transfer rate with an average deviation of -0.47%. Over the same
conditions, Figure 5-6b shows the latent heat transfer rate. For both the overall and latent heat
transfer rate, an increase is reported with a rise in inlet RH. This is the case for both simulations
and agrees with the findings of Strydom (2013). As a result, the trend in latent heat transfer rate
is sufficiently verified.

5.3.4 Summary

It should again be noted that the accuracy of a humerical heat exchanger model is dependent on
its embedded correlations, and that as with Strydom (2013), a +20% error margin was deemed
appropriate. For the verification and validation part of the evaporator model, Table 5-7
summarises the main recorded differences. This excludes the prediction of the two R744
experimental temperatures that had errors greater than 20%. However, as elaborated, this was
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mainly due to the influence of oil, which was disregarded due to the rich oil environment of the

data source, and also due to the more-universal purpose of the present study.

Aside from the experimental R744 temperature and its oil-related aspects, the largest recorded
deviation in terms of validation was -7.64%. The discrepancies relative to validation data were
further accredited to correlation inaccuracies, model assumptions, and errors in the experimental
measurements. Respective to verification, the largest noted difference was -3.17%, and the
observed discrepancies were attributed to simulation inconsistencies such as different

correlations, number of increments, geometrical inputs, and assumptions.

Reflecting the exceptional agreement with EVAP-COND, the evaporator model is concluded as
satisfactorily verified. Excluding the two above-mentioned R744 temperatures of Strydom (2013)
that were appropriately disregarded for the comparison, the evaporator model is reckoned as
adequately validated.

Table 5-7: Summary of evaporator model verification and validation results (differences).

Respective to Parameter Mean relative Maximum Predicted to
error error within £20%
Overall heat +0.24% +1.00% 100%
e transfer rate
Verification
R744 outlet +0.19% +2.68% 100%
(EVAP-COND) temperature
Air outlet -2.19% -3.17% 100%
temperature?
validation Overall heat -0.43% -7.64% 100%
transfer rate
(Strydom (2013)
' R744 outlet +12.11% +36.17%° 60%°
experimental temperature
data) Air outlet +1.10% +4.41% 100%
temperature®

*a: The humidity aspect of the outlet air was disregarded in terms of numerical values due to the more
accurate approach of a Lewis-number correlation by the present simulation. Even so, the verification was
still done on a trend basis.

*b: The humidity aspect of the outlet air was omitted due to the large measurement errors reported by the
experimental data source.

*c: With the two data points yielding prediction errors larger than 20% being omitted for the described
reasons relating to oil, this value is rather +13.91%.

5.4 Heat exchanger pressure drops: Brief verification check

Although the literature review showed that some of the previously considered studies omitted the
heat exchanger pressure drops from their examinations, for the inclusiveness of this numerical
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model, it is decided to still account therefor. However, unlike the well-detailed verification and
validation performed thus far in the previous sections of this chapter, only a brief verification check

will be done for the pressure drops of the heat exchangers.

Table 5-8 shows the resulting pressure drops recorded at condition one of the gas cooler and
evaporator (as defined in Sections 5.2 and 5.3), respectively. For the gas cooler, relative to
Flownex, the present model overpredicted the pressure drop by 6.92%. For the evaporator model
relative to EVAP-COND, the current model underpredicted the pressure drop by 18.46%. The
present author could not verify which exact correlation is used by EVAP-COND. However,
according to Strydom (2013), the favourable characteristics of R744 and its low pressure drops
are not well correlated with the aforementioned software. As is the case for all correlations
employed in the current model, the selections of the pressure drop correlations are also strictly
based on the literature review and thus viewed as suitable.

Nevertheless, the rightmost column of the table shows the margin of these pressure drops (the
maximum of the two compared values) in relation to the high R744 operating pressures. The
pressure drops in the gas cooler and evaporator weighed up only 0.22% and 0.06% of their total
working pressures, respectively. This agrees with Mastrullo et al. (2019)’s claim that the pressure
drops are insignificant. Note that for the gas cooler, this statement is only valid for large diameter
R744 heat exchanger pipes (as in this case) and may not be the case for smaller diameter R744
pipes or R744 mass flow rates considerably larger than those of this study.

Table 5-8: Verification check of simulated pressure drops at condition one of the gas cooler and evaporator,
respectively.

Total pressure drop at gas cooler condition one

Gas cooler model Flownex Relative error Pressure drop relative to
[MPa] [MPa] operating pressure
0.0199 0.0187 +6.92% 0.22%

Total pressure drop at evaporator condition one

Evaporator model EVAP-COND Relative error Pressure drop relative to

[MPa] [MPa] operating pressure
0.00185 0.00227 -18.46% 0.06%

Considering the tiny margins of the pressure drops in perspective of the high operating pressures
of R744 heat pump cycles, as well as the purpose of the present study, the brief verification and

resulting accuracies seen in this section are on an acceptable level.
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5.5 Conclusion

In this chapter, the component models of the transcritical R744 heat pump cycle were successfully
verified and validated. This was achieved by comparing the results of the current simulations to
those of independent and credible sources. Per component, this was done for five independent

conditions.

For the compressor model, discrepancies lower than 1% were noted. This was also the case for
the gas cooler model with respect to the Flownex simulation software. Respective to the
experimental gas cooler data of Harris (2014), the greatest error was 4.50% and the overall
relative error was averaged as 2.80%. A £20% margin of error was decided for the evaporator
model in light of its embedded correlation accuracies. Relative to the EVAP-COND simulation
software, this margin was easily satisfied with a maximum recorded error of -3.17%. Relative to
the experimental evaporator data of Strydom (2013), except for the R744 temperature
measurements, the acceptable margin of error was maintained with a maximum recorded
deviation of -7.64%. The aforementioned exception was appropriately motivated by the oil-related
conditions of the data source (thus not the inaccuracy of the simulation or EVAP-COND) and the

more-universal purpose of the current study.

In addition, a brief validation check was also performed on the R744 pressure drops of the heat
exchanger models. For the broader purpose of the current investigation, the briefness of this
secondary examination as well as the revealed accuracies were deemed satisfactory in view of

the high R744 operating pressures.

As will be stated in Chapter 8, a recommendation for future studies is the procurement of a
relevant test bench to allow for a full-cycle validation of the transcritical R744 heat pump system

at the conditions of this study.

The prediction model of the cycle, which includes all the theory compiled in Chapter 3 and the
modelling approaches described in Chapter 4, is now regarded as sufficiently accurate and

tangible and will be used for the rest of the investigation for full-cycle simulations.
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6. CHAPTER 6: COMPONENT DESIGNS

The previous chapter illustrated the accuracy of the established numerical model for the
transcritical R744 heat pump cycle. In this chapter, as in a real-world application, the system will
be designed to best suit the intended application, which is operating at above-conventional water
outlet temperatures over a range of high ambient conditions. After the design is finished, in the
chapter to follow, the performance of the appropriately sized heat pump system will be simulated

for the aforementioned conditions.

The design of the heat pump system entails the sizing of its subcomponents and will be
accomplished with aid of the developed cycle model. The author would like to emphasize that the
core focus of this study is the system’s performance over a range of operating conditions.
Therefore, the sole purpose of the design is to provide an appropriately sized system with
sufficient capacity to operate at all intended conditions of the investigation. Note that only a
graphical representation of the results is given in this chapter, with the tabulated results available

in
appendix a.

6.1 Design conditions

As mentioned in Section 4.4, an over-design criterion is used to ensure that the system can supply
the desired output conditions even for the worst-case of operating conditions that will be
considered. This least favourable combination of conditions will thus be referred to as the design
conditions and are listed in Table 6-1. In other words, the table outlines the specifications
according to which the system should be designed for this particular purpose of this study. A

discussion of the involved specifications follows.

Ambient design conditions: The ambient temperature range for the main investigation of this
study is 25-40°C. Since an over-design is used, the design ambient temperature is thus set to the
lowest value in this range, i.e., 25°C. The air pressure and RH values are set to conditions typically

experienced in Potchefstroom, South Africa. Also, a typical air velocity of 3.0 m/s is assigned.

Water design conditions: The water inlet temperature range included in the main investigation
of this study is 15-60°C. Similar to the above argument, the design value of this parameter is
consequently set to 15°C. Seen that water outlet temperatures in the region of 90°C are intended

to be investigated, it is decided to specify 90°C as a design condition. Note that during the main
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investigation of this study, the water outlet temperature may still vary around this value, depending
on the input operating conditions. As revealed in literature, a water mass flow rate of 0.1 kg/s can
typically be expected and is accordingly assigned. Furthermore, to ensure the water does not
evaporate in the gas cooler due to the temperature rise and pressure 10ss, its inlet pressure is set
to 250.0 kPa.

R744 design conditions: As mentioned in Chapter 4, an approximation temperature difference
will be used to relate the evaporation and WB ambient temperature. For the operating conditions
of this study, the numerical value of the approximation approach was decided as 8°C. At a 25°C
ambient temperature and RH of 30%, an equivalent WB temperature of 13.7°C is present.
Therefore, the evaporation temperature is set to 5.7°C. Furthermore, since this is the worst
possible combination of operating conditions under consideration, the minimum compressor DOS

of 5°C is also set as a design condition.

Table 6-1: Design conditions (worst possible combination) according to which the heat pump system is sized.

Fluid Parameter Symbo Value Unit

_ Inlet air temperature (DB) W5 25.0 [°C]
Alr Inlet air velocity /A 3.0 [m/s]

(Ambient) = e air RH RH, 30.0 [%]
Inlet air pressure Py 85.0 [kPa]

Inlet temperature o 15.0 [°C]

Inlet pressure Py i 250.0 [kPa]

Water Outlet temperature T 90.0 [°C]
Mass flow rate m,, 0.1 [kg/s]

R744 Evaporation temperature T, 5.7 [°C]

DOS DOS 5.0 [°C]

According to the design specifications outlined in Table 6-1, the cycle’s component designs will
now be determined. For the compressor, using the manufacturer's software, the outcome will be
selecting the most appropriate model from real-life options. Hence, using the full cycle model (with
the confirmed compressor selection), for the heat exchangers, the outcome will be to determine

the best suitable geometric sizes.

6.2 Compressor selection

As justified in the literature review, reciprocating compressors are reckoned as the most

appropriate type for transcritical R744 applications. Also as motivated, Bitzer sets the benchmark
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and offers a range of such compressors for the application of transcritical R744 refrigeration

systems. Using Bitzer (2022)’s software, a relevant reciprocating compressor will be identified.

By substituting the water conditions listed in Table 6-1 into Equation (3.15), it is found that the
heating capacity at the design condition is equal to approximately 31.39 kW, assuming that ¢, ,, is

equal to 4.185 kJ/kg.K.

Provided that an evaporation temperature of 5.7°C and DOS of 5°C are entered into the Bitzer
(2022) software, the compressor model yielding the closest (but not less than) value to the above-
stated heating capacity is the 4AMTE-10K option. Figure 6-1 illustrates the mentioned compressor

model yielding a 31.5 kW heating capacity at a discharge pressure of 12.0 MPa.
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Figure 6-1: Most applicable compressor identified at the design condition (Bitzer, 2022).

Since the temperature and pressure at which the R744 enters the compressor are both known at
the design conditions, the discharge pressure is the only remaining variable of the compressor.
For the selected compressor, whilst varying the discharge pressure, the resulting mass flow rate
and discharge temperature coming from the compressor will be evaluated. This will be done over
the typically expected range of discharge pressures, i.e., 11.0 - 14.0 MPa (as described in Section
5.1). Note that 14.0 MPa is also the maximum permissible discharge pressure of the selected

compressor.

Figure 6-2a illustrates the resulting R744 mass flow rate. With an increased discharge pressure,

the mass flow rate linearly reduces. Over the indicated rise in discharge pressure, the mass flow

rate reduced from 0.155 kg/s to 0.138 kg/s. As noted in literature, under the conditions

investigated in this study, the R744 mass flow rate is expected to be more significant than that of
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the water. Since a water mass flow rate of 0.1 kg/s is present, over the full range of discharge
pressures, the present compressor choice is deemed sufficient in terms of yielded R744 mass

flow rate, as is evident from the figure.
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Figure 6-2: Compressor options at the design conditions over a range of discharge pressures: a) Mass flow
rate, and b) Discharge temperature.

Similarly, the resulting discharge temperatures are demonstrated in Figure 6-2b. A linear rise in
discharge temperature is evident with an increase in discharge pressure. At an 11.0 MPa
discharge pressure, a discharge temperature close to 102°C resulted. As the discharge pressure
rose to 14.0 MPa, the discharge temperature increased to 130°C. Since the water outlet
temperature of the gas cooler will be in the order of 90°C, only R744 discharge temperatures
beyond 110°C are reckoned applicable. As indicated by the red line in the figure, such discharge

temperatures could only be achieved at discharge pressures between 12.0 MPa and 14.0 MPa.

In conclusion, the considered 4MTE-10K model is viewed as an appropriate compressor option
considering that a) the Bitzer software predicted it as the option that yields the closest (but not
lower than) heating capacity to that of the design specifications, b) it yielded an R744 mass flow
rate greater than the design water mass flow rate, which corresponds to literature, and c) for
discharge pressures from 12.0 MPa to 14.0 MPa, it produced R744 discharge temperatures
above 110°C, which is reckoned high enough for its intended application of heating water in the

gas cooler to a design outlet temperature of 90°C.

6.3 Heat exchanger designs

With the compressor selected and its corresponding theoretical equations listed in Section 4.3.1
integrated into the full cycle model, the focus is now directed at the heat exchanger sizes. At this
point, all the design conditions listed in Table 6-1 are given as inputs into the full cycle model,

with the aim of calculating the heat exchanger geometries as outputs of the full cycle model. As
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mentioned in literature, for any operating condition, an ODP exists at which the system yields its
maximum efficiency. In other words, an operating condition can be satisfied at more than one
R744 discharge pressure, yet with different system efficiencies. Similar to the previous section,
the R744 discharge pressure will now also be varied in its appropriate range to evaluate the
resulting heat exchanger sizes and system behaviour. For this evaluation, the following

parameters are particularly regarded as important:

¢ Required gas cooler length.
e Overall heat transfer coefficient (U) of the gas cooler.
¢ Required evaporator length.

e Accompanying power consumption, cooling capacity, and cycle COP.

For simplicity, all the physical heat exchanger properties except the lengths are kept constant at
the values used for the verification and validation in Chapter 5. Since the focus of this study is to
investigate the system performance rather than doing a fully detailed design, this is deemed
acceptable, and will also maintain the relevancy of the verified and validated geometries. Thus,
excluding the lengths, all the physical properties of the gas cooler and evaporator can be found

in Table 5-2 and Table 5-4, respectively.

After discussing the above-listed parameters, an overall conclusion of the heat exchanger designs
follows. Since this study focuses on a water heating application, emphasis will be placed on the

gas cooler.
6.3.1 Evaluation of the considered parameters

Figure 6-3a demonstrates the required gas cooler length over the range of discharge pressures.
With respect to increasing R744 discharge pressure, a decrease in gas cooler length is evident.
When the R744 discharge pressure rose from 12.0 MPa to 14.0 MPa, the gas cooler length
reduced by 40.0% from 30.32 m to 18.20 m. Similar findings were reported by Wang et al. (2013a),
who concluded that for the same output conditions, the required R744 discharge pressure

reduces as the heat transfer area of the gas cooler increases.

Moreover, the decrease in gas cooler length becomes less significant at lower values. Smaller
decreases in gas cooler length are evident at the 13.0-14.0 MPa discharge pressure range (-
27.1%) than at the 12.0-13.0 MPa range (-17.7%). In other words, as the gas cooler size
increases, the improvement in heat transfer lessens. This observation agrees with the findings of
Wang et al. (2013b), who accredited it to the sensible heat transfer that remains fairly similar as

well as to the constant water inlet temperature that governs the R744 gas cooler outlet
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temperature. Also, since the present design criteria involve a fixed heating capacity, this

behaviour is also expected.
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Figure 6-3: Cycle parameters at the design conditions over the discharge pressure range: a) Gas cooler
length, b) Gas cooler overall heat transfer coefficient (average), c) Evaporator length, d) Power consumption
and cooling capacity, e) Cycle COPH, f) Heat exchanger pressure drops.

Figure 6-3b illustrates the corresponding average overall heat transfer coefficient of the gas cooler
(Ugc), which marginally reduced with an increase in R744 discharge pressure. A reduction of
6.2% from 1.40 kW/m?K to 1.31 kW/m?K resulted when the R744 discharge pressure increased

from the indicated minimum to maximum value. Considering that the mass flow rate, inlet
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temperature, and outlet temperature of the water stream are fixed in this case, it can be inferred
that this improvement in the overall heat transfer coefficient of the gas cooler is mainly due to the
variation in R744 heat transfer properties near the transcritical region. It is particularly seen that
better R744 heat transfer properties are present at lower R744 pressures, i.e., by referring to
Figure 6-2, also at lower R744 temperatures and higher R744 mass fluxes. This also agrees with
Wang et al. (2013b).

Figure 6-3c demonstrates a reduction in evaporator length with a rise in R744 discharge pressure.
Over the indicated R744 discharge pressure range, the evaporator length slightly reduced from
4.15 m to 3.89 m (-6.1%). This decrease in evaporator length is caused by an improvement in
heat transfer and can be justified as follow. In regions of lower vapour quality, better local R744
heat transfer coefficients are present (Rigola, et al., 2010). However, from the resulting T-s
diagrams shown in Figure 6-4, it is evident that the R744 states throughout the evaporator are
approximately equivalent, regardless of the associated R744 discharge pressure. Furthermore,
as was pointed out in Figure 6-2a, increased R744 discharge pressure leads to a decreased mass
flow rate. Thus, it can be inferred that the enhanced heat transfer in the evaporator is a result of
a better mass flow ratio between the air and R744 streams.

130F Iy
120 o
110 ——12 MPa —’A'// 4

—o—13 MPa E Y.
et g --=--14 MPa L

--=--Water P

B
el

ok 02 ) 0.4 0.6 0.8 ‘ Y
-1500 -1250 -1000
s [J/kg-K]

Figure 6-4: Resulting cycle T-s diagrams at the design conditions over the range of R744 discharge pressures.

The resulting compressor power consumption and cooling capacity are depicted in Figure 6-3d.
For increasing R744 discharge pressure, the power consumption rises, whereas the cooling
capacity lowers. From Equation (3.64), it can be stated that the sum of these two parameters
should equal the heating capacity. Considering that a fixed heating capacity is present, the power

consumption rises by the same amount which the cooling capacity decreases by. Over the
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indicated R744 discharge pressure range, the power consumption rose from 10.44 kW to 11.89
kW (+1.44 kW), whilst the cooling capacity decreased from 20.95 kW to 19.50 kW (-1.45 kW).

The above-mentioned increase in power consumption due to a rise in R744 discharge pressure
also explains the downgrade in cycle COPy that is revealed in Figure 6-3e. This also agrees with
the findings of Wang et al. (2013a), who reported that the heat transfer areas have a negligible
effect on the compressor power. A 12.2% reduction in system efficiency from 3.01 to 2.64 was

experienced when the R744 discharge pressure rose from 12.0 MPa to 14.0 MPa.

Figure 6-3f illustrates the corresponding heat exchanger pressure drops, which resemble similar
trends to the heat exchanger lengths as expected. Although the pressure drops increase with a
decrease in R744 discharge pressure and thus an increase in heat exchanger lengths, as
described in Section 5.4, it remains tiny in comparison to the operating R744 pressures. For
instance, the maximum pressure drop for the gas cooler was 0.0198 MPa at an inlet operating
pressure of 12.00 MPa, whereas that for the evaporator was 0.0019 MPa at an inlet operating
pressure of 4.04 MPa.

6.3.2 Conclusion of heat exchanger designs

As has been explained before, the purpose of this chapter is to size the system in such way that
it can operate over the entire range of desired operating conditions. Since more than one R744
discharge pressure (and accompanying heat exchanger sizes) exists that satisfies this design

criteria, this section aims to identify the most appropriate one.

Although the highest system COPy is typically desired, from the above discussion, it can be
inferred that larger heat exchanger sizes (especially for the gas cooler) are required therefor. For
instance, the highest COPy was 3.01, which is linked to the 12.0 MPa discharge pressure and
therefore also to the maximum gas cooler length of 30.32 m, which may be very expensive in a
real-life scenario. In contrast, the smallest gas cooler size was 18.20 m, which is linked to the
14.0 MPa discharge pressure and thus also to the lowest COPy of 2.61. Thus, as was also
reported by Zhang et al. (2014), a trade-off exists between the installation cost (component sizes)

and running cost (system efficiency).

A practical approach for selecting the appropriate design may be to compare the system’s
installation cost to its running cost over an applicable period and accordingly make the most cost-
effective decision. Further practical factors to consider may also be the physically available space
for the system, and possible carbon taxes due to the added electricity demand. However, such
factors are not part of the present study’s scope, which motivates the present author to argue that
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since the main examination of this study focuses on the cycle performance, preference is given
to efficiency. Consequently, it is decided to fix the heat exchanger sizes to the values associated
with the R744 discharge pressure of 12.0 MPa. Although larger pressure drops are associated
with longer heat exchangers, it was revealed as insignificant with respect to the high working
pressures of R744 in a transcritical cycle. A summary of the design outputs is given in Table 6-2.

appendix a also includes a T-s and P-h diagram of the cycle at the final decided design condition.

Table 6-2: Resulting design outputs of the heat pump system.

Parameter Value Unit
Heating capacity 31.39 [kW]
Power consumption 10.44 [kW]
Cooling capacity 20.95 [kW]
Cycle COPy 3.01 [—]
R744 Discharge pressure 12.0 [MPa]
R744 Discharge temperature 112.1 [°C]
R744 Mass flow rate 0.148 [kg/s]
Gas cooler length 30.32 [m]
Evaporator length (full coil length of one circuit) 4.15 [m]

6.4 Conclusion

In this chapter, a discussion was given on the compressor selection and heat exchanger designs
to be used in the full-cycle model that will ultimately simulate the desired conditions of this study.
This was executed according to the criteria of design conditions, which were defined as the worst
possible combination of operating conditions considered by this study. In other words, the system
was over-designed to ensure a sufficient system capacity for the whole range of conditions to be

examined in the next chapter.

The design conditions were then used to select the most applicable transcritical R744 compressor
with aid of the Bitzer (2022) software. After proving to satisfy the required heating capacity, R744
discharge temperature, and R744 mass flow rate, the Bitzer 4AMTE-10K compressor model was
designated. Hence, with the compressor selected and the design conditions used as inputs into
the full-cycle model, the resulting heat exchanger sizes were simulated. For simplification,
excluding the lengths, it was decided to keep the other heat exchanger geometries constant to

those used in Chapter 5.

Seen that an operating condition (design condition in this case) can be satisfied by more than one

R744 discharge pressure, the resulting heat exchanger lengths and considered performance

parameters were evaluated over an appropriate R744 discharge pressure range of 12.0 to 14.0
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MPa. These considered performance parameters included the overall heat transfer coefficient of
the gas cooler, compressor power consumption, cooling capacity, and cycle COPy. Resultingly,
a trade-off between the system installation costs (component sizes) and operational costs (system
efficiency) was identified. For the purpose of this study, it was decided to favour the efficiency
aspect of the system design and thus choose the design that yields the highest system COPy (at
3.01). The associated gas cooler and evaporator lengths were found as 30.32 m and 4.15 m,

respectively.

As a result, the objective of this chapter has been achieved, i.e., to calculate the most appropriate
system design that will allow for the whole range of desired operating conditions to be simulated

(in the next chapter).
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7. CHAPTER 7: SIMULATION RESULTS

Considering that a numerical model of the transcritical R744 heat pump system has been i)
developed on appropriate correlations and modelling approaches, ii) verified and validated, and
i) sufficiently sized for the whole range of intended conditions of this study, the actual
investigation of the cycle performance at the desired conditions can now be performed with aid
of simulations. Note that the approach of sizing the system to the most appropriate value and
evaluating the performance of the sized system is analogous to the eight studies that were

reviewed in Section 2.2.1, as well as to an experimental/real world set-up.

In this chapter, the key purpose is to evaluate the system performance at water outlet
temperatures around 90°C over an ambient temperature range of 25°C to 40°C. This will be done

using both the following approaches:

1. Operating at fixed water mass flow rates (simulation inputs) over the 25 - 40°C ambient
temperature range (also simulation inputs), such that water outlet temperatures in the
order of 90°C will result (simulation outputs).

2. Operating at a fixed water outlet temperature of 90°C (simulation input) over the 25 - 40°C
ambient temperature range (also simulation inputs). In this way, varying water mass flow

rates will result (simulation outputs).

In parallel to the above-indicated outputs, further outputs are the cycle performance parameters
that will also be evaluated. This will typically include the cycle COPu, power consumption, heat

transfer and mass flow rates.

Following the above, an additional investigation will be done into the cycle performance when
operating at higher ambient humidity and water inlet temperatures. Before any of the
aforementioned are initiated, it is important to discuss the subordinate operating conditions that

also form part of the study.

Standard operating conditions:

Apart from the above-mentioned key operating conditions, certain other operating conditions exist
that are not directly examined, although, still form part of the study. These will be referred to as
standard operating conditions. On the airside, these include the air (ambient) pressure, humidity,
and inlet velocity. On the waterside, this entails the inlet water pressure. Respective to the
refrigerant, this includes the evaporation temperature approach. Note that these parameters are

listed in Table 7-1, and that their assigned values are consistent with those in Section 6.1 (please
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refer back for the rationale of the specific values). Also note that these operating conditions will
be held constant throughout the investigation, with the main focus on the above-mentioned main

operating conditions.

To avoid confusion, the following statement regarding the R744 discharge pressure is reiterated:
As revealed in literature, there exists more than one R744 discharge pressure that can satisfy an
operating condition, yet, at different efficiencies. The R744 discharge pressure that yields the
highest system COPy is known as the ODP for that condition. With the investigation focussed on
the cycle performance subject to ambient temperature, for each condition, the R744 discharge
pressure will thus still be varied from 12.0 MPa to 14.0 MPa in search of the optimal condition.
Hence, the R744 discharge pressure varied over the aforementioned range is also viewed as a
standard operating condition(s).

Table 7-1: Standard operating conditions (standard simulation inputs) at which the system performance is to
be evaluated (per condition of interest).

Fluid Parameter Symbol Value Unit
Water Inlet pressure Py 250.0 [kPa]

Inlet temperature Ty 15 [°C]

Inlet velocity v, 3.0 [m/s]

Air (amblent) Inlet RH RHL 30.0 [%]
Inlet pressure Py 85.0 [kPa]

R744 Evaporation temperature approach | T,;(WB) — T, 8.0 [°C]
Discharge pressure Pyis 12.0-14.0 [MPa]

Note that the results in this chapter are only presented in a graphical format, with the tabulated

results provided in appendix b.

7.1 Effect of ambient temperature at fixed water mass flow rates

In this section, the influence of an ambient temperature (25 — 40°C) on the system performance
will be evaluated for fixed water states that enter the gas cooler. These fixed inlet water conditions
entail a temperature of 15°C at mass flow rates of 0.09 kg/s, 0.10 kg/s, and 0.11 kg/s, which are

expected to yield water outlet temperatures in the order of 90°C.

Since the water mass flow rate and usual R744 discharge pressure are also variables of this
section, their influences will firstly be considered to later bring into perspective when evaluating
the effect of the ambient temperature (main section topic). Figure 7-1 and Figure 7-2 illustrate the

resulting water outlet temperature and system COP4 for the current scenario. Note that due to an
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insufficient DOS, the model was unsolvable at an ambient temperature of 25°C and R744
discharge pressures greater than 13.0 MPa.
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Figure 7-1: Resulting water outlet temperatures at fixed water mass flow rates over a range of ambient
temperatures.
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Figure 7-2: Resulting cycle COPH at fixed water mass flow rates over a range of ambient temperatures.

I.  Effect of R744 discharge pressure:

Regardless of the ambient temperature and water mass flow rate, as reported in the literature
review, it is seen from Figure 7-1 that an increase in R744 discharge pressure leads to a rise in

water outlet temperature. For example, at the 0.10 kg/s mass flow rate and 25°C ambient
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temperature, the water outlet temperature rose 7.8% from 90.0°C to 97.0°C when the R744

discharge pressure increased from 12.0 MPa to 14.0 MPa.

Figure 7-2 shows that also irrespective of the other variables, an increase in R744 discharge
pressure over the mentioned range leads to a decrease in cycle efficiency. In other words, the
efficiencies improve as the R744 discharge pressures lower. For the same condition change

example as above, the cycle COPy reduced by 4.0% from 3.01 to 2.89.

Note that the above statements are only claimed for the considered R744 discharge pressure
range of 12.0 to 14.0 MPa, which was chosen for its relevancy to this study’s interest in high-
water outlet temperatures. It is likely that the COPs will continue to increase with a further
decrease in R744 discharge pressure to a point where it reaches its absolute maximum (at the
ODP), and then decrease with an even further lowering of R744 discharge pressure. However,
the lower water outlet temperatures that will result in such a case are not part of the current scope.
In the next section, at a high water outlet temperature of interest, more focus will be placed on
the ODP and maximum efficiencies.

. Effect of water mass flow rate:

Opposite to the effect of increasing R744 discharge pressure, a rise in water mass flow rate leads
to a reduction in water outlet temperature and improvement in system efficiency, which agrees
with literature. For instance, Figure 7-1 demonstrates that at an ambient temperature of 25°C and
R744 discharge pressure of 12.0 MPa, the water outlet temperature lowered from 94.8°C to
85.5°C (-9.8%) as the water mass flow rate increased from 0.09 kg/s to 0.11 kg/s. For the
equivalent variation in conditions, Figure 7-2 shows that the cycle COPy rose from 2.71 to 2.88
(+8.0%).

lll.  Effect of ambient temperature:

As illustrated by the two mentioned figures, an increase in ambient temperature has a positive
influence on both the water outlet temperature and cycle efficiency results. For instance, at a 0.10
kg/s water mass flow rate and 12.0 MPa R744 discharge pressure, as the ambient temperature
rose from 25°C to 40°C, the water outlet temperature slightly increased from 90.0°C to 92.8°C
(+3.1%), whilst the cycle COPy marginally enhanced from 3.01 to 3.12 (+3.7%).

It can also be seen that for the same water outlet temperature, the increased ambient temperature
allows the system to deliver a greater water mass flow rate. For illustration, at an ambient

temperature of 25°C and R744 discharge pressure of 12.0 MPa, the cycle was able to yield 90°C
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water at a mass flow rate of about 0.10 kg/s, whereas at an ambient temperature of 40°C, the
same condition resulted in a water mass flow rate of 0.108 kg/s. This variation in condition is also
linked to a COPy enhancement from 3.01 to 3.25 (+8.0%). More information regarding the
influence of ambient temperature at a constant water output temperature follows in the next

section.

Furthermore, Figure 7-1 demonstrates that as the ambient temperature increases, a lower R744
discharge pressure is required to achieve the same water output (both in terms of mass flow rate
and temperature). For instance, at an ambient temperature of 25°C, to supply 0.10 kg/s of water
at 95°C, a discharge pressure of around 13.4 MPa was required, whereas at an ambient
temperature of 40°C, an R744 discharge pressure of only around 13.4 MPa was needed. As can
be seen from Figure 7-2, this 7.5% reduction in R744 discharge pressure is linked to a 4.9%
improvement in COPy from 3.08 to 2.93.

Based on the above discussion, for a given R744 discharge pressure, an increase in ambient
temperature enables the system to yield the same amount of water at a higher outlet temperature,
or a larger mass flow rate at the same outlet temperature. The accompanying cycle efficiency
improvement was noted higher for a constant water outlet temperature (+8.0%) than for a
constant water mass flow rate (3.7%). Furthermore, also due to a higher ambient temperature,
the system was able to supply the same water output (mass flow rate and temperature) at a

reduced R744 discharge pressure and improved cycle efficiency.

As seen in this section, an increase in ambient temperature affects the water stream both in terms
of mass flow rate and output temperature. In parallel, the R744 discharge pressure also influences
these two parameters. In the section to follow, the examination will be narrowed by examining the
ambient temperature’s effect at the already-best efficiency conditions in terms of R744 discharge
pressure (i.e., at the ODPs), in conjunction with a constant (and high) water outlet temperature.
This will emphasize the ambient temperature’s influence and accordingly address the problem
statement, which is to study the system’s performance at a high water outlet temperature (such

as 90°C) subject to high ambient temperatures.

7.2 Effect of ambient temperature at a fixed water outlet temperature

In the previous section, the effect of ambient temperature on the system performance was
considered when operating at fixed water mass flow rates entering the gas cooler at 15°C, which
yielded water outlet temperatures around and above 90°C. In this section, it is of interest to do

the same, except that the water will now be heated to explicitly 90°C. Firstly, per ambient
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temperature, the ODP and corresponding cycle COPy will be identified and compared to the most
appropriate studies identified in literature (Section 2.1.3). Hence, the influence of the ambient
temperature on these two parameters will be thoroughly evaluated by considering further cycle
performance parameters such as the compressor work rate, heat transfer rates, and mass flow
rates.

Note that for both a given water inlet and outlet temperature (simulation inputs), the water mass
flow rate will resultingly vary (simulation output). This is also the investigation method that was
used by Yamaguchi et al. (2011), Wang et al. (2013a), and Ye et al. (2020). In a practical set-up,
this can be achieved by regulating the water’s mass flow rate to control its temperature with aid
of a control valve and proportional integral derivative (PID) controller (Wang, et al., 2013a).

7.2.1 Resulting COPy and ODP

Per considered ambient temperature, Figure 7-3 illustrates the resulting COPy values of the
system when operating at a constant 90°C water outlet temperature over the standard range of
R744 discharge pressure. Note that due to an insufficient DOS, the simulation was unsolvable at
an ambient temperature of 25°C and R744 discharge pressures greater than 13.0 MPa, and at
an ambient temperature of 30°C and R744 discharge pressures of 14.0 MPa.

=g T amh=25°C T_amb=30"C T_amb=35"C T _amb=40"C
3.5
34
3.3
: 3.2
o
[w}
=
o
£ 30 e
29
2.8
2.7
12.0 125 13.0 135 14.0

R744 Discharge Pressure [MPa]

Figure 7-3: Cycle COPH at a 90°C water discharge temperature resulting under various ambient temperatures
over arange of discharge pressures.

Generally, as the ambient temperature increases, the resulting efficiencies are seen to be more
sensitive to a variation in R744 discharge pressure variations. The ODP range and best-recorded
COPy values are summarised in Table 7-2. It is evident that the ODP slightly rises with an increase

in ambient temperature. At the 25°C, 30°C, and 35°C ambient temperatures, the ODP lied within
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the range of 12.5 -13.0 MPa, whereas at the 40°C ambient temperature, the ODP was situated
within the 13.0-13.5 MPa range. This also proves that the considered range of R744 discharge
pressures (12.0 — 14.0 MPa) is adequate for the present investigation. Furthermore, as the
ambient temperature rose from 25°C to 40°C, the highest recorded COPy value improved by
11.6% from 3.02 to 3.37. These findings are further evaluated in the following sub-section in
perspective with literature.

Table 7-2: Summary of the resulting ODP range and best-recorded COP at a 90°C water outlet temperature and
25-40°C ambient temperature range.

Ambient temperature ODP range Best recorded COPy
(DB /WB) [°C] [MPa] [-]
25.0/13.7 12.5-13.0 3.02
30.0/17.3 12.5-13.0 3.12
35.0/20.8 12.5-13.0 3.23
40.0/24.4 13.0-13.5 3.37

Note that the aforementioned ambient temperature range of 25 - 40°C was reported in DB, which
at a 30% relative humidity and 85 kPa ambient pressure, corresponds to a WB ambient

temperature range of 13.7 — 24.4°C.
7.2.2 Comparison to the most applicable literature as identified in Section 2.1.3

As pointed out in the literature review, the studies of Yamaguchi et al. (2011) and Wang et al.
(2013a) entailed operating conditions closest to those of interest in this study, and will now be
brought into perspective with the above findings of the ODP and COPy. Limitations to this
comparison are that the former did not include any information relating to their ambient moisture
content, and the latter included water outlet temperatures of only up to 80°C. However, in attempt

to counter these limitations, the following rational assumptions will be made:

I.  The study by Yamaguchi et al. (2011) was published in Tokyo, Japan. It is assumed that
their examination occurred at the mean annual relative humidity of this area, i.e., 61.4%
(He, et al., 2021). Also, the little elevation of this area above sea level is neglected and
standard atmospheric pressure is adopted. Consequently, a relevant WB air temperature
range of 9.2 — 22.3°C can be assigned to their reported DB range of 13 — 28°C.

[I.  Wang et al. (2013a)’s recorded results do not include a water outlet temperature of 90°C.
However, as depicted in Figure 7-4, their cycle COPy at such temperature can be

approximated by applying an exponential forecast to those at 60°C, 70°C, and 80°C water
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outlet temperatures. Note that the Forecast.Ets function of Microsoft Excel was used to
gather the data points at 90°C, after which it was plotted as shown. The same is done for
the ODP values.

With the inclusion of the above-listed normalisations, the three sources in question how have an
equivalent water outlet temperature and the data of Yamaguchi et al. (2011) and Wang et al.
(2013a) will now be compared to the current results (as recorded in Section 7.2.1.). All three
considered sources now have a water outlet temperature of 90°C to compare at an overlapping
WB ambient temperature range of 13.7 to 22.3°C.
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Figure 7-4: Exponential forecast of Wang et al. (2013)'s cycle COP at 90°C water outlet temperature.

7.2.2.1 ODP comparison

Considering that different compressors are used in the present comparison, focus is rather placed
on the trend of the ODP (as a function of the ambient temperature). A more in-depth evaluation
considering both the trend and quantification follows with the COPy assessment.

Referring back to Section 7.2.1, the marginally indicated rise in ODP is to a limited extent
contradicting to Yamaguchi et al. (2011), who reported that the ODP remained relatively constant
around 12.5 MPa as the WB ambient temperature varied from 9.2°C to 22.3°C. This was noted
at water inlet and outlet temperatures of 20°C to 90°C, respectively. The authors did not justify
their finding of unchanged ODP with a variation in ambient temperature. Even so, although
uncertainty exists regarding the exact ODP values of the present results, the ranges in which the
ODP values were reported did not vary significantly with the rise in ambient temperature. Over
the full ambient WB temperature range of 13.7 to 24.4°C, all the ODPs were found within a range
of 12.5 - 13.5 MPa.
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However, the noted increase in ODP with a rise in ambient temperature agrees with Wang et al.
(2013a). As mentioned in Section 2.1.3, at a 12°C water inlet temperature and 80°C water outlet
temperature, the researchers noted an ODP rise from around 11.7 MPa to 12.3 MPa with a WB
ambient temperature increase from 11°C to 25°C. At the same water inlet and outlet temperatures
as this study, this increase in ODP with a rise in ambient temperature was also reported by Ye et
al. (2020).

7.2.2.2 COPycomparison

As a function of WB ambient temperature, Figure 7-5 illustrates the resulting COPy of the present
simulation relative to two literature-based sources, which values have been rationally
approximated. The illustrated COPy as a function of ambient temperature will firstly be discussed
by only considering the coincidence data points, after which a conclusion will follow regarding the
guestion of this study, i.e., the performance of a transcritical R744 heat pump cycle when heating
water to a high temperature such as 90°C at high (typically South African) ambient temperatures.
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Figure 7-5: System COPy comparison for operating at a 90°C water outlet temperature over a wide WB ambient
temperature range. *Approximation used (as explained at the start of this sub-section).

Coinciding operating conditions

Over the coinciding WB ambient temperature range of 13.7 to 22.3°C, Table 7-3 summarises the
resulting COPy data. Both in terms of trend direction and rate of change, the present simulation
yielded COPy values in proportion to those of Yamaguchi et al. (2011) and Wang et al. (2013a).
Furthermore, the current simulation quantified the COPy values lower than those of Yamaguchi
et al. (2011), yet, higher than Wang et al. (2013a). Likely reasons for these differences follow

below.
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Table 7-3: COPH summary at coinciding WB ambient temperature ranges of the three considered sources.

Source COP4 at overlapping WB temperature range of 13.7 — 22.3°C
Range Rate of change Average
Current simulation 3.02-3.29 +8.9% 3.16
Yamaguchi et al. (2011) 3.30 - 3.60 +9.1% 3.45
Wang et al. (2013a) 2.65-2.96 +11.9% 2.81

Unlike the present heat pump system, those of the two considered literature-based sources have
an IHX, which is known for its positive influence on the system efficiency. As mentioned in Section
2.1.3, Cao et al. (2020) reported a 5.8% increase in system COPy with the addition of an IHX.
This reporting was related to the same water outlet temperature, although to a lower ambient
temperature of 2°C. The difference in observed COPy may also be justified by inconsistencies in
the comparison such as the different compressors that operate closer to or further from their best
efficiency points, as well as the finer differences in heat exchanger designs used. For instance,
the gas cooler of Wang et al. (2013a) is made of one large diameter (64 mm OD) tube with twenty
smaller diameter (7.9 mm OD) inner tubes, whereas that of Yamaguchi et al. (2011) consists of
four parallel helically coiled tube-in-tube heat exchangers with smaller diameters (8.0 mm OD
inner pipe and 13.5 mm ID outer pipe). That of the present cycle entails a single straight tube-in-
tube heat exchanger with larger diameters (21.5 mm OD inner pipe and 26 mm ID outer pipe).
Furthermore, seen that Yamaguchi et al. (2011) and Wang et al. (2013a) had experimental test
benches, and they were able to verify the evaporation temperatures used, unlike the current
numerical model that uses an approximation approach. This discrepancy may also be motivated
by further comparison inconsistencies such as the differences in water inlet temperatures at which
these respective systems were designed for and operated at, and the approximation errors linked

to the recently described assumptions made for the literature-based data of this comparison.

As will be described in Chapter 8, a recommendation for further studies is to optimise the system
with finer design aspects such as the diameter sizing and inclusion of an IHX. Also, the
procurement of a test bench will enable the use of more precise evaporation temperatures to
eliminate potential errors from the numerical approximation approach used in the current
simulation. Nevertheless, the system performance in terms of ODP and efficiency has been

proven to correlate with literature and is rendered tangible.

Performance of a transcritical R744 heat pump cycle when heating water to a high temperature

such as 90°C at high (typically South African) ambient temperatures.
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This sub-section has thus far shown that when the present system operates at a 90°C water outlet
temperature, an increase in DB ambient temperature from 25°C to 40°C leads to a cycle COPy
increase from 3.02 to 3.37. This 11.6% improvement therefore proves an obvious advantage for
this system to operate at the highest possible ambient temperature. However, when taking the
ambient humidity into account, this performance at typically South African ambient temperatures
was not found significantly higher than those of Yamaguchi et al. (2011) and Wang et al. (2013a),
who included lower ambient temperatures, yet, at higher humidity. In addition to the ambient
temperature, it is concluded that the ambient humidity is an important factor to also consider. In
Section 7.3, an additional investigation will follow into the explicit influence of ambient humidity
when operating at such high ambient temperatures.

As the cycle performance has now been evaluated in terms of efficiency, the focus will shift to its
underlying performance parameters.

7.2.3 Resulting heat transfer rates, power consumption, and mass flow rates
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Figure 7-6: Heat and power transfer at a 90°C water discharge temperature resulting at various ambient
temperatures over a range of discharge pressures: Heating capacity, cooling capacity, and power
consumption.

In light of the previous sub-section, per ambient temperature, the maximum recorded COPy can
also be explained with aid of the accompanying heating transfer rates and power consumption,
as shown in Figure 7-6. Respective to increasing R744 discharge pressure, a rise in all three

aforementioned parameters is present. As mentioned in literature, at R744 discharge pressures
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lower than the ODP, for a given increase in ambient temperature, the rise in heating capacity is
larger than that of the power consumption. This leads to the improvement in COPy values as
depicted in Figure 7-3. However, also as shown, at R744 discharge pressures beyond the ODP,

the increase in power consumption becomes greater than that of the heating capacity.

In this sub-section, as influenced by the ambient temperature, the variations of the following
parameters will now be discussed: a) Heating capacity, b) Cooling capacity, c) Power

consumption, and d) Water mass flow rate.

a) Heating capacity:

From Figure 7-6, it is evident that a rise in R744 discharge pressure leads to an increase in heating
capacity. For instance, at an ambient temperature of 25°C, the heating capacity rose from 31.4
kW to 33.8 kW (+13.6%) over the shown R744 discharge pressure range. The T-s diagram in
Figure 7-7 shows that a higher R744 discharge pressure causes a lower R744 gas cooler outlet
temperature, which results in enhanced R744 heat transfer properties in the gas cooler (Sarkar,
et al., 2006). The increase in R744 discharge pressure also leads to a higher R744 discharge
temperature and thus a greater temperature difference in the gas cooler. From Figure 7-8, it is
seen that the R744 mass flow rate is insignificantly affected by the change in R744 discharge
pressure, as will be discussed further in this section. Thus, the rise in heating capacity due to an
increase in discharge pressure is mainly caused by the improved transcritical R744 heat transfer

properties and larger temperature difference in the gas cooler.
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Figure 7-7: Resulting T-s diagrams at the minimum and maximum R744 discharge pressures at a 40°C
ambient temperature.

Figure 7-6 further demonstrates that similar to an increase in R744 discharge pressure, a rise in
ambient temperature also leads to a higher heating capacity. At 12.0 MPa R744 discharge

pressure, this parameter improved from 31.4 kW to 33.9 kW (+8.0%) as the ambient temperature

111



rose from 25°C to 40°C. Figure 7-8 demonstrates that a rise in ambient temperature causes a
higher R744 mass flow rate, which agrees with Yamaguchi et al. (2011). As the ambient
temperature increased from the indicated minimum to maximum, an average R744 mass flow
rate increase of 44.6% resulted. As a result of the increased R744 mass flow rate, the local heat

transfer coefficient of the R744 stream rises, which leads to improved heating capacity.
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Figure 7-8: Resulting R744 mass flow rates at a 90°C water discharge temperature resulting at various ambient
temperatures over a range of discharge pressures.

Note from Figure 7-6 that the positive effect of the ambient temperature on the heating capacity
also becomes more significant as the R744 discharge pressure rises (as well as the other way
around). This can be justified by the concurrent influence of the increased R744 discharge
pressure and ambient temperature as described above. Over the considered ambient
temperature range, the heating capacities linked to the best-recorded efficiencies rose by 25.7%
from 32.7 kW to 41.1 kW.

It is mentioned once again that as revealed in Section 6.3.1, the pressure drop of the present
designed system is insignificant and therefore not explicitly reported upon (although still
accounted for in the simulation and still implicitly part of the results). Also as mentioned, this may
not be the case for gas coolers with smaller R744 pipe diameters or significantly larger R744

mass flow rates.

b) Cooling capacity:

Figure 7-6 reveals that the cooling capacity rises with both increased ambient temperature and
R744 discharge pressure. The former can simply be justified by the additional thermal energy that
is rejected by the incoming air in the evaporator, leading to a higher suction temperature and thus
R744 mass flow rate. The latter causes the R744 to exit the gas cooler at a reduced temperature,

leading to a lower vapour quality at the evaporator inlet. Since a better local R744 heat transfer
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coefficient is present at lower vapour qualities, the overall heat transfer in the evaporator
increases (Rigola, et al., 2010). As in the case of the heating capacity, this effect also becomes
more significant at higher ambient temperatures. As mentioned above, this is due to the higher
resulting R744 mass flow rate that further improves the local R744 heat transfer coefficient (in the
evaporator as well). Note that at the conditions corresponding to the ODP values, the cooling
capacity improved by 32.0% from 21.9 kW to 28.9 kW over the indicated ambient temperature

range.

c) Power consumption

As is evident in Figure 7-6, the power consumption rises with an increase in R744 discharge
pressure. As mentioned before, for the present numerical model, the evaporation temperature is
assumed constant per given ambient temperature. As illustrated in Figure 7-9, for a given ambient
temperature, with an increased R744 discharge pressure, a larger pressure ratio needs to be
overcome by the compressor. As a result, the enthalpy difference over the compressor increases.
Per ambient temperature, from Equation (3.13), it can be inferred that with an unchanged R744
mass flow rate, the increase in compressor power greater is caused by the aforementioned
increase in enthalpy difference.

As mentioned above, per ambient temperature, the R744 mass flow rate is insignificantly affected
by the R744 discharge pressure. Figure 7-7 depicts that with an increase in R744 discharge
pressure, the R744 stream enters the compressor at a lower temperature. With a reduced suction
temperature, higher volumetric efficiency and mass flow rate follow (He, et al., 2020b). Although,
since the R744 discharge pressure and thus pressure ratio rises, the positive effect on the
volumetric efficiency and mass flow rate is countered. Therefore, in this case, the two described

influences on the R744 mass flow rate fairly neutralise each other.
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Figure 7-9: Resulting P-h diagram at the minimum and maximum ambient temperatures at a 14 MPa R744
discharge pressure.

As can further be seen in Figure 7-6, a variation in ambient temperature had an insignificant
influence on the power consumption. For a given R744 discharge pressure, a rise in ambient
temperature will result in a higher evaporation temperature and consequently suction pressure or
in other words, a lower pressure ratio. Hence, a smaller enthalpy difference over the compressor
results, as is depicted in Figure 7-9. It is known from Equation (3.13) that the power consumption
is affected by both the R744 mass flow rate and the difference in specific enthalpy states over the
compressor. As it has now been explained that a higher ambient temperature leads to an increase
in the former and decrease in the latter, it can be inferred the concurrent effect of these two
parameters leads to a counterbalanced power consumption. Nevertheless, as driven by the rise
in ODP, the power consumption at the maximum recorded efficiency point increased by 12.9%
from 10.8 kW to 12.2 kW as the ambient temperature varied from 25°C to 40°C.

d) Water mass flow rate

Based on the discussions in this section, from Equation (3.15), by assuming a negligible variation
in the specific heat of water under the present conditions, it can be inferred that the resulting water
mass flow rate is directly proportional to the heating capacity. Hence, as the ambient temperature
rose from 25°C to 40°C, the water mass flow rate increased by 25.7% from 0.104 kg/s to 0.131
kg/s. Table 7-4 provides a summary of the discussed parametric variations over the considered

ambient temperature range of 25 - 40°C (as linked to the optimal recorded COPs).
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Table 7-4: Parametric summary of the cycle performance when heating water to 90°C over an ambient
temperature range of 25-40°C.

Performance parameter Range linked to ambient temperature range of 25-40°C

Best recorded COPH [-] 3.02 — 3.37 (+11.6%)
ODP range [MPa] 12.5 - 13.5 (+8.0%)
Heating capacity [kW] 32.7-41.1 (+25.7%)
Cooling capacity [kIW] 21.9 - 28.9 (+32.0%)
Power consumption [kW] 10.8 - 12.2 (+12.9%)

R744 mass flow rate [kg/s] 0.148 — 0.214 (+44.6%)

Water mass flow rate [kg/s] 0.104 — 0.131 (+25.7%)

In conclusion of this section, the influence of ambient temperature on the performance of a
transcritical R744 heat pump system was evaluated at a fixed water outlet temperature of 90°C
over an ambient temperature range of 25 —40°C as typically found in South Africa. Per considered
ambient temperature, the corresponding ODP and maximum COPy were evaluated. As the
ambient temperature rose, both these performance parameters increased. A comparison with
literature sources that involved the closest operating conditions to the present investigation was
performed, and rational assumptions were made to aid with the comparison’s consistency. In view
of Yamaguchi et al. (2011) and Wang et al. (2013a), the simulated results were found to be
tangible. As the ambient temperature varied over the aforementioned range, a corresponding
increase in heating capacity from 32.7 kW to 41.1 kW (+25.8%) and COPy increase from 3.02 to
3.37 (+11.6%) were noted. In addition to the mentioned parameters, further performance aspects

such as the cooling capacity, power consumption, and mass flow rates were thoroughly analysed.

Although at higher ambient temperatures, the noted cycle efficiencies were not notably higher
than those of literature, which involved lower ambient temperatures, yet, at higher humidity.
Accordingly, the ambient humidity is deemed an important factor to weigh in addition to the
ambient temperature. In the next section, a brief investigation follows on the explicit influence of

the air relative humidity.

7.3 Additional investigation: The influence of higher ambient humidity and water

inlet temperatures

In this section, a concise evaluation follows of the system performance subject to the distinct
influences of the ambient relative humidity and water inlet temperature. Note that up to this point,
these two parameters were fixed as standard operating conditions, however, in the two

subsections to follow, they will be respectively varied.

115



7.3.1 Higher ambient relative humidity

In Section 7.2, it was revealed that ambient humidity is an important factor to weigh in addition to
the ambient temperature’s influence on the system performance. In this section, at an ambient
temperature of 40°C, the influence of higher relative humidity will be considered from a value of
30% up to 60%, which corresponds to a WB ambient temperature range of 24.4 — 32.3°C. Note
that this is an expansion of the WB ambient temperature range in Section 7.2 (13.7 — 24.4°C) and

that all other operating conditions are kept the same as in the aforementioned section.

Initial approach:

Figure 7-10 illustrates the R744 discharge temperature, cycle COPyx, and heating capacity of the
above-mentioned conditions. Note that the simulation was unsolvable at a relative humidity of
60%, as well as a relative humidity of 50% with R744 discharge pressures lower than 13.0 MPa.
This is due to the aforementioned conditions yielding R744 discharge temperatures lower than
94.0°C, which is disregarded since the minimum allowable pinch point of the simulations has been
defined as 4°C. These relatively low R744 discharge temperatures are illustrated in Figure 7-10a
and as will be explained shortly, are also concluded as the reason for the degradation in system
efficiency (Figure 7-10b) and heating capacity (Figure 7-10c). Note that these degradations are
in contradiction with literature, which states that an increase in ambient relative humidity has a

similar influence on the cycle efficiency than an increase in ambient temperature (Lin, et al., 2013).

Note that as mentioned before, the current simulation makes use of a constant evaporation
temperature approach. Since such high WB ambient temperatures are of interest, the evaporation
temperatures are resultingly also high, which leads to higher suction pressures and thus lower
pressure ratios. With the lower pressure ratios, lower R744 discharge temperatures results. For
this reason, it is decided to adapt the evaporation temperature approach for this section (and this
section only). Instead of the 8°C lower value than the WB ambient temperature, the evaporation
temperature will be limited to that of the 30% relative humidity condition. Hence, it is expected
that the pressure ratios will be high enough to supply sufficient R744 discharge temperatures and
thus gas cooler pinch points. This change in approach for the current conditions is summarised
in Table 7-5. Note that in a practical setup, this can be achieved by setting a lower downstream

limit for the expansion valve.
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Figure 7-10: Resulting cycle parameters at a 90°C water discharge temperature, 40°C ambient temperature,
and range of air relative humidity with the constant 8°C evaporation temperature approach used: a) R744
Discharge temperature, b) Cycle heating COP, and c) Heating capacity.

Table 7-5: Summary of change in evaporation temperature approach for higher ambient relative humidity
values at an ambient temperature of 40°C and water outlet temperature of 90°C.

Ambient WB ambient Evaporation Evaporation
relative temperature [°C] temperature using temperature using
humidity [%] constant approach [°C] | adapted approach [°C]
30 24.4 16.4 16.4
40 27.3 19.3 16.4
50 30.0 22.0 16.4
60 32.3 24.3 16.4
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Adapted approach:
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Figure 7-11: Resulting cycle parameters at a 90°C water discharge temperature, 40°C ambient

temperature, and range of air relative humidity adapted to a fixed evaporation temperature of 16.4°C: a)

R744 Discharge temperature, b) Cycle heating COP, c) Heating capacity, and d) Power consumption.
Figure 7-11a shows the R744 discharge temperatures that resulted over a range of relative
humidity values by rather using a fixed evaporation temperature of 16.4°C. These values are seen
to be higher than those of the initial approach and thus allow for greater pinch points within the
gas cooler. This proves that this adapted approach is more suitable for very high ambient

conditions such as WB temperatures ranging from 24.4°C to 32.3°C.

From Figure 7-11b, it is evident that cycle COPy increases with a rise in ambient relative humidity,
which aligns with literature (Lin, et al., 2013). As the relative humidity rose from 30% to 60%, the
best-recorded COP4 value enhanced from 3.37 to 3.77 (+11.9%). Other than expected, the ODP
did not increase due to an increase in relative humidity and may be a result of the adapted
approach, which involves a fixed evaporation temperature. Subject to an increase in this
parameter, Lin et al. (2013) only recorded a marginal increase (roughly negligible) in ODP.
Considering the currently assumed evaporation temperature, this noted trend is thus not
unreliable.
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Similar to the influence of a higher ambient temperature, this parameter contributes to a higher
thermal load that is absorbed by the system. Respective to the conditions of best-recorded COPy,
Figure 7-11c depicts an increase in heating capacity from 41.1 kW to 43.7 kW (+6.3%), whilst
Figure 7-11d shows that the power consumption was fairly unaffected by a change in relative

humidity. These trends are also in line with those subject to an increase in ambient temperature.
7.3.2 Higher water inlet temperature

In water heating systems, the water circulates between the heat pump and a storage vessel until
the required temperature is achieved. During an operating cycle, this causes the water inlet
temperature to rise. In this section, at an ambient temperature of 25°C and water outlet
temperature of 90°C, the cycle performance will be considered at water inlet temperatures ranging
from 15°C up to 60°C. Whilst doing so, the standard operating conditions outlined in Table 7-1
still apply. With the influence of R744 discharge pressure on the various performance parameters
already evaluated in the previous sections of this chapter, only the effect of the water inlet

temperature will be focused on.

Figure 7-12a illustrates that cycle COPy substantially downgrades due to a rise in water inlet
temperature. As the water inlet temperature rose from 15°C to 60°C, the best-recorded cycle
efficiency reduced from 3.02 to 1.93 (-36.1%). The margin of decrease also becomes more
significant as the water inlet temperature increases. When the water inlet temperature rose from
15°C to 30°C, 30°C to 45°C, and 45°C to 60°C, the maximum cycle COPy decreased by 8.6%,
14.1%, and 18.6%, respectively. This trend agrees with Yamaguchi et al. (2011), who recorded

an 11.8% decrease in system efficiency as the water inlet temperature varied from 15°C to 30°C.

Also note from Figure 7-12a that as the water inlet temperature rises, the ODP monotonically
increases. In this case, at water inlet temperatures of 45°C and higher, the ODPs were restricted
to the maximum permissible value of the present compressor (14.0 MPa). This increase in ODP
subject to the higher water inlet temperatures also agrees with Yamaguchi et al. (2011) and Ye
et al. (2020).

Figure 7-12b shows that the power consumption is insignificantly affected by the water inlet
temperature, which agrees with Yamaguchi et al. (2011). Since the evaporation temperature is
assumed constant per ambient temperature, for a given R744 discharge pressure, the only
varying parameter is the suction temperature. From Figure 7-12e, per R744 discharge pressure,
it can be seen that the suction temperature increases due to a rise in water inlet temperature, as
will be described further on in this section. Yet, as mentioned, this effect is insignificant to the

compressor work rate.
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Figure 7-12: Resulting cycle parameters at a 90°C water discharge temperature over a range of water inlet
temperature: a) COPH, b) Power consumption, c) Heating capacity, d) R744 mass flow rate, and e) Water
mass flow rate.

Figure 7-12c demonstrates that the heating capacity considerably reduces due to a rise in water
inlet temperature. At an R744 discharge pressure of 12.0 MPa, the heating capacity reduced from
31.4 kW to 18.1 kW (-42.4%) as the water inlet temperature varied from 15°C to 60°C. As revealed
in the literature study, since the R744 gas cooler outlet temperature is restricted by the water inlet
temperature, it rises accordingly and reduces the enthalpy difference over the gas cooler as well

as the temperature difference between the two fluids. As is evident in Figure 7-13, for a given
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R744 discharge pressure, the smaller gas cooler enthalpy difference driven by the higher water
inlet temperature leads to a higher suction temperature. As a result, the compressor volumetric
efficiency and R744 mass flow rate reduce. Over the considered water inlet temperature range,
Figure 7-12d shows that the R744 mass flow rate reduced from 0.148 kg/s to 0.135 kg/s (-8.8%)
at an R744 discharge pressure of 12.0 MPa.

In addition, as mentioned above, the R744 gas cooler outlet temperature rises subject to an
increase in water inlet temperature. For this to happen, the R744 stream throughout the gas cooler
also operates further from the transcritical region and will thus have lower local R744 heat transfer
properties (Dai & Qin, 2022; Fronk & Garimella, 2011). This trend is similar to the conventional
refrigeration system where an increase in condensing temperature leads to a downgrade in
overall efficiency (Lin, et al., 2013).

150F
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Figure 7-13: Resulting T-s diagrams at the minimum and maximum water inlet temperatures at a 12.0 MPa
R744 discharge pressure.

Figure 7-12e indicates the resulting water mass flow rates. Unlike the previous section where the
water mass flow rate and heating capacity were proportional, the water mass flow rate increases
despite the reduction in heating capacity. At the conditions linked to the optimal recorded cycle
efficiencies, the water mass flow rate increased from 0.104 kg/s to 0.183 kg/s (+76.0%) as the
water inlet temperature varied from 15°C to 60°C. Despite the losses in system efficiency and
heat transfer rates, the power consumption remained relatively unaffected by the change in water
inlet temperature. Thus, it can be concluded that for roughly the same amount of power
consumption, the cycle can supply larger water mass flow rates at 90°C as the water inlet

temperature increases.

Aside from the system efficiency and heating capacity, note from Figure 7-13 that the R744
discharge temperature increases due to the rise in suction temperature, which is driven by the

higher water inlet temperature. In this case, the highest recorded R744 discharge temperature
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was 148°C at the maximum considered R744 discharge pressure and water inlet temperature.
For the present compressor, this is permissible since the compressor's recommended limit is
160°C. However, this parameter should be monitored when operating the system under even
higher water inlet temperatures or in the case where the utilised compressor has a lower

discharge temperature limit.

7.4 Conclusion

In this chapter, the operating conditions of interest in this study were evaluated with aid of
simulations. A set of standard operating conditions was defined and used as constant values for
all simulations. Thereafter, the system performance was examined over a variety of operating

conditions, of which main findings a summary follows below.
I.  Effect of ambient temperature at fixed water mass flow rates:

The cycle efficiency and water outlet temperature were examined at a fixed water inlet
temperature of 15°C and three fixed water mass flow rates between 0.09 kg/s and 0.11 kg/s,
which resulted in a broad range of outlet temperatures around 90°C. As the R744 discharge
pressure increased, the water outlet temperature increased, whilst the system efficiency
decreased. An increase in water mass flow rate had the opposite effect. A variation in ambient
temperature had the following effect: Respective to a 12.0 MPa R744 discharge pressure and
0.10 kg/s water stream at a 90°C outlet temperature, as the ambient temperature rose from 25°C
to 40°C, the system was able to supply (i) the same water mass flow rate at 92.8°C, or (ii) the
same water outlet temperature at a mass flow rate of 0.108 kg/s. The corresponding change in
cycle efficiency was higher for (ii) at +8.0% than (i) at 3.7%. Furthermore, as the ambient
temperature increases, a lower R744 discharge pressure is required to yield the same water

output (both in terms of mass flow rate and temperature).
II.  Effect of ambient temperature at a fixed water outlet temperature:

In the second section of this chapter, a more detailed evaluation followed where the cycle
performance was simulated at a constant water outlet temperature of 90°C and per ambient
temperature, considered with respect to the ODP. These findings were then compared to the most
applicable literature and appropriate assumptions were made to normalise the comparison. This
included extrapolating the cycle performance of Wang et al. (2013a) to a water outlet temperature
of 90°C and assuming the humidity conditions of Yamaguchi et al. (2011) based on the physical

location of their publishment. Subject to an increase in ambient temperature, the ODP was only
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compared in terms of trend, whereas the system COPy was compared with respect to trend, rate

of change, and quantification.

It was found that with an increase in ambient temperature, the ODP marginally rose, which
differed from Yamaguchi et al. (2011), although, agreed with Wang et al. (2013a). This also
agreed with Ye et al. (2020), which is another relevant source identified from literature (Section
2.1.3). At ambient temperatures of 25°C to 35°C, the ODPs were recorded in the range of 12.5 —
13.0 MPa, whereas at ambient temperatures of 40°C, the ODP was noted in a slightly higher
range of 13.0-13.5 MPa. Due to an ambient temperature increase from 25°C to 40°C, the best-
recorded COPy value improved by 11.6% from 3.02 to 3.37.

For normalisation purposes, the cycle efficiencies were compared in terms of WB ambient
temperature. Over the identified coinciding WB ambient temperature range of 13.7 — 22.3°C, the
system COPy variations of the present simulation, Yamaguchi et al. (2011), and Wang et al.
(2013a) were 3.02 — 3.29 (+8.9%), 3.30 — 3.60 (+9.1%), and 2.65 — 2.96 (+11.9), respectively. In
terms of trend direction and rate of change, these results were declared fairly equivalent. In view
of quantification, the present simulation’s efficiencies were noted as lower than those of
Yamaguchi et al. (2011), yet, higher than those of Wang et al. (2013a). These differences were
attributed to the difference in system designs, component designs, and operating conditions such
as the water inlet temperatures and utilised evaporation temperatures. Nevertheless, the system
performance in terms of ODP and efficiency was proven to agree with literature and was deemed

tangible.

It was further concluded that despite the clear efficiency advantage of operating the system at the
highest possible ambient temperature, the noted performance at typically South African ambient
temperatures was not found to be significantly higher than those of Yamaguchi et al. (2011) and
Wang et al. (2013a) who included lower ambient temperatures, yet, at higher humidity. As a result,
in addition to the ambient temperature, the ambient humidity was inferred as a critical parameter
to consider. As will follow shortly, the system performance was resultingly also considered at

higher ambient conditions in a later stage of this chapter.

Aside from the cycle’s efficiency, other parameters such as the heat transfer rates, mass flow
rates and power consumption were also analysed. At the conditions corresponding to the best-
recorded COPy values, over the considered ambient temperature range of 25°C to 40°C, the
heating capacity rose from 32.7 kW to 41.1 kW (+25.7%), whereas the cooling capacity rose from
21.9 kW to 28.9 kW (+32.0%) and the power consumption from 10.8 kW to 12.2 kW (+12.9%). As

described in the mentioned section, these increases were mainly a result of the added ambient
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thermal load leading to improved R744 heat transfer abilities (especially near the pseudocritical
region in the gas cooler). With the fixed water inlet and outlet temperature, the water mass flow
rate is directly proportional to the heating capacity and resultingly rose from 0.104 kg/s to 0.131

kg/s (+25.7%) over the aforementioned conditions.
lll.  Effect of ambient relative humidity at a fixed water outlet temperature:

After concluding that the standard evaporation temperature approach used by this study is not
suitable for very high ambient conditions (WB ambient temperature range of 24.4 - 32.3°C) and
water outlet temperature of 90°C, i.e., an adapted approach was used to define the evaporation
temperatures. This was reasoned due to the high initial evaporation temperatures that were
associated with low pressure ratios, which caused relatively low R744 discharge temperatures.
With the low R744 discharge temperatures, insufficient temperature differences were present in
the gas cooler and led to a degradation in heating capacity.

The adapted approach limited the evaporation temperature to a maximum of 16.4°C, which was
the value yielded from the 30% relative humidity condition. As a result, higher pressure ratios and
thus R744 discharge temperatures occurred, which led to better temperature differences
throughout the gas cooler. The effect of an increase in relative humidity was revealed to be similar
to that of a higher ambient temperature. As the relative humidity varied from 30% to 60%, the
best-recorded cycle efficiency improved from 3.37 to 3.77 (+11.9%), whereas the heating capacity
rose from 41.1 kW to 43.7 kW (+6.3%). Also similar to ambient temperature, a change in this

parameter had an insignificant effect on the power consumption.
IV. Effect of water inlet temperature at a constant ambient temperature:

In supplementary, higher water inlet temperatures were simulated to examine the resulting system
behaviour. It was pointed out that as this parameter increases, the system efficiency and heating
capacity heavily decrease. At an ambient temperature of 15°C and water outlet temperature of
90°C, the best-recorded COP4 value decreased by 36.1% from 3.02 to 1.93 as the water inlet
temperature rose from 15°C to 60°C. It was also found that the ODP rises subject to an increase
in water inlet temperature. These trends were revealed to agree with Yamaguchi et al. (2011) and
Ye et al. (2020).

The decrease in system efficiency was described to be mainly caused by a reduction in R744
mass flow rate as well as by downgraded R744 heat transfer properties in both heat exchangers.
It was also revealed that the power consumption is fairly unaffected by the water inlet temperature.

Furthermore, unlike for a fixed water inlet and outlet temperature, it was found that for the same
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power consumption, the system can supply larger water mass flow rates at 90°C as the water

inlet temperature increases.

Based on the above, the core outcome of this study was fulfilled, i.e., simulating the performance
of a transcritical R744 heat pump system when operating at high water outlet temperatures such

as 90°C over a range of high (typically South African) ambient temperatures.
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8. CHAPTER 8: CONCLUSION AND RECOMMENDATIONS

8.1 Conclusion

This study aimed to predict the performance of a transcritical R744 heat pump cycle for industrial
applications where water in the proximity of 90°C is required. This was subject to a range of
relatively high ambient temperatures as typically experienced in South Africa. Thus, the need
existed to develop a numerical model of the cycle and hence apply it to simulate the cycle

performance when operating under these conditions. This was achieved as follows.

A comprehensive literature study (Chapter 2) was carried out where the first part focussed on the
influence of various operating conditions on the cycle performance. Although no data could be
found where both the desired high water supply and ambient temperatures were concurrently
investigated, perspective was gained on the typical performance at operating conditions closest
thereto. Subsequently, the component designs, methods, correlations, and key assumptions
previously used to numerically model the cycle were examined, which served as a foundation for
the rest of the study and involved decisions regarding the component types and modelling
approaches. A review was also carried out on recently published studies within the NWU that
evaluated the correlations used to model the subcomponents of the cycle.

Based on the findings of the literature study, the necessary background theory was compiled
(Chapter 3). This included the conservation laws, heat transfer theory, and correlations used to
define the thermo-physical behaviour of each component. Hence, the theory was integrated into
a simulation model for each component (Chapter 4). For the compressor model, empirical
equations were derived by applying Bester (2018)’s universal method (Appendix D). A logical
breakdown of the functioning of each component model was also described. To ensure
satisfactory accuracy and tangibility of the models, verifications and validations were performed
by involving credible and independent sources such as widely-adopted alternative simulation
software and experimental data available to the present author (Chapter 5). In terms of
verification, the compressor model, gas cooler model, and evaporator model could predict their
reference data within absolute maximum deviations of <1%, <1%, and 3.17%, respectively. In
view of validation, only notable discrepancies were found for the evaporator model. However,
after thorough evaluation, this was discarded due to the high oil content of the considered
experimental data source, the limitation of available correlations to predict the heat transfer

coefficient of POE-type oil-entrained R744, and also considering the much broader application of
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the current study. The component models were hence integrated into a system model to perform

full cycle simulations, which were later shown to correlate with the most comparable literature.

Subsequently, the developed model was utilised to size the compressor and calculate the heat
exchanger sizes using an over-design criterion (Chapter 6). In other words, the system was sized
such that it will have sufficient capacity to operate at the full range of operating conditions of
interest by this study. The Bitzer AMTE-10K compressor was chosen, after which the gas cooler
and evaporator lengths were calculated as 30.32 m and 4.15 m, respectively. With the present
study focused on the cycle performance under the desired operating conditions, and to maintain
the relevancy of the verified and validated geometries, the other heat exchanger geometrical
parameters were held constant to those used in Chapter 5.

Using the adequately sized system, the cycle performance was simulated at the conditions of
interest (Chapter 7). Subject to a constant R744 discharge pressure and an increasing ambient
temperature, it was found that the cycle COPy improves more when supplying the same water
outlet temperature at a higher mass flow rate, compared to the opposite. Also, subject to an
increasing ambient temperature, the same water output (in terms of both mass flow rate and

temperature) can be achieved at a lower R744 discharge pressure.

A more detailed investigation followed on the ambient temperature’s influence on the cycle
performance when operating at a constant water outlet temperature of 90°C. Since more than
one R744 discharge pressure is able to satisfy a given operating condition, yet, at different cycle
efficiencies, this parameter was standardly varied to identify the optimal condition (per ambient
temperature). As the ambient temperature rose from 25°C to 40°C, the best-recorded COPy
improved by 11.6% from 3.02 to 3.37. This trend direction and rate of change were shown to
agree with Yamaguchi et al. (2011) and Wang et al. (2013a). In terms of quantification, the
recorded efficiencies were lower than those of the former, yet, higher than those of the latter.
These differences were attributed to the comparison inconsistencies such as system design,
component design, and other operating conditions such as water inlet temperature and
evaporation temperature. Furthermore, the recorded ODP also rose with an increase in ambient
temperature, which contradicts the constant trend of Yamaguchi et al. (2011), although, agrees
with the increases of Wang et al. (2013a) and Ye et al. (2020). The influence of the ambient
temperature on other cycle performance parameters such as the heat transfer rates, power
consumption, and mass flow rates were also examined. Over the considered ambient temperature
range, at the conditions linked to the best-recorded COPH values, the heating capacity and water
mass flow rate increased by 25.7% from 32.7 kW to 41.1 kW and from 0.104 kg/s to 0.131 kg/s,
respectively.
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Furthermore, the influence of higher relative humidity was also considered at an ambient
temperature of 40°C. This parameter was varied from 30% to 60%, which is equivalent to a WB
ambient temperature range of 24.4 - 32.3°C. For the compressor to still yield appropriate R744
discharge temperatures to enable the gas cooler to heat water to 90°C, it was concluded that the
evaporation temperature should be limited to 16.4°C. The influence of a higher relative humidity
was revealed to be similar to that of a higher ambient temperature. Over the aforementioned
relative humidity range, the best-recorded COPy value improved from 3.37 to 3.77 (+11.9%),
whilst the corresponding heating capacity rose from 41.1 kW to 43.7 kW (+6.3%).

Supplementary, at a constant ambient temperature and water outlet temperature, the cycle
behaviour was examined subject to higher water inlet temperatures. With an increase in this
parameter from 15°C to 60°C, the best-recorded cycle COPy considerably downgraded from 3.02
to 1.93 (-36.1%). This as well as the noted increase in ODP agrees with Yamaguchi et al. (2011)
and Ye et al. (2020). In this case, the ODP was restricted by the maximum permissible value of
14.0 MPa at water inlet temperatures of 45°C and higher.

8.2 Future recommendations

The following recommendations regarding future studies at the NWU may add valuable
information to the knowledge field of transcritical R744 heat pump cycles:

e The use of more powerful simulation software: Although EES offers built-in
thermodynamic properties and iterative solving capabilities, its computing capacity is
limited, which results in modelling limitations and prolonged simulation time.

o Detailed designing of the heat pump system for the present application of heating water
for industrial process heating: Using the numerical model of this study, a greater variety
of heat exchanger dimensions and the inclusion of an IHX (with the previous
recommendation) can be examined to potentially optimise the cycle performance even
further. Such an optimisation study may also include determining the exact ODP (up to a
decimal value) values over various operating conditions.

e The construction of an experimental test bench: This will allow for experimental data to be
gathered, which can also be utilised to further validate the model developed in this study
or those of future studies. Moreover, similar to the approach followed by Wang et al.
(2013a), this will enable the evaporation temperatures used in the numerical model to be
based on experimental data, rather than on a constant approximation approach as used

in this study.
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The influence of oil entrainment: As operation time progresses, the lubrication in the
compressor infiltrates the R744 stream, which affects the heat transfer and overall
behaviour of the system. The inclusion of oil-entrained R744 heat transfer coefficients will
account for this altered behaviour and can be validated in conjunction with the

procurement of an appropriate test bench as mentioned above.
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APPENDIX A

A-1) Table format of the simulation results at the design conditions (Chapter 6):

Table A-1: Results obtained from simulating the design conditions as described in Chapter 6.

Parameter Value

Pgis [MPa] 12.0 12.5 13.0 13.5 14.0
Tais [°C] 112.1 116.8 121.6 126.3 131.0
Mgyaa [kg/s] 0.148 0.145 0.142 0.140 0.137
Lec [m] 30.32 25.31 22.11 19.86 18.2
Levar [m] 4.15 4.10 4.03 3.96 3.89
Pinch Point GC [°C] 10.4 13.7 16.8 19.7 22.5
Tr744,6¢,0 [°C] 39.8 40.4 41.0 41.6 42.1
Ucc [kW/m?K] 1.40 1.38 1.36 1.33 1.31
W [kw] 10.44 10.81 11.18 11.54 11.89
Q. [kw] 20.95 20.58 20.22 19.86 19.50
COPx [-] 3.01 2.90 2.81 2.72 2.64
R744 APgc [MPa] 0.020 0.015 0.013 0.011 0.009
R744 APevar [MPa] 0.002 0.002 0.002 0.002 0.002
Water APgc[kPa] 48.32 40.43 35.37 31.82 29.18

A-2) T-s and P-h diagram of the cycle at the designed condition (Chapter 6):
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Figure A-1: T-s (a) and P-h (b) diagrams of the cycle at the final design condition (R744 discharge pressure of
12.0 MPa).
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APPENDIX B

B-1) Section 7.1 - Table format of the simulation results at the different water mass flow
rates (0.09-0.11 kg/s) and ambient temperatures (25-40°C):

Table B-1: Results obtained from simulating a fixed water mass flow rate of 0.09 kg/s at an ambient temperature
of 25°C.

Twater,i = 15°C; mwater= 0-09 kg/S; Tamb = 25°C

Parameter Value

P4is [MPa] 12.0 125 13.0 13.5 14.0
COPy [-] 2.88 2.86 2.85 2.82 2.80
DOS [°C] 7.4 6.6 5.9 5.1 4.3
Mr7as [kg/s] 0.145 0.143 0.141 0.139 0.14
PinchPointgc [°C] 10.1 10.6 11.2 11.9 12.4
Tr7a,6¢,0 [°C] 42.7 41.6 40.2 38.7 37.4
Twater,0 [°C] 94.8 97.2 99.4 101.4 103.2
Xi[-] 0.43 0.40 0.37 0.34 0.31
Qujatent [KW] 0.00 0.00 0.00 0.00 0.00
Qysensible [KW] 19.63 20.17 20.65 21.03 21.47
Qutotal [KW] 19.63 20.17 20.65 21.03 21.47
Qu [kW] 30.08 30.99 31.83 32.57 33.34
W [kW] 10.45 10.82 11.18 11.54 11.87

Table B-2: Results obtained from simulating a fixed water mass flow rate of 0.09 kg/s at an ambient temperature
of 30°C.

Twater,i = 15°C; mwater= 0-09 kg/S; Tamb = 30°C

Parameter Value

P4is [MPa] 12.0 125 13.0 13.5 14.0
COPy [-] 2.89 2.87 2.85 2.83 2.80
DOS [°C] 9.0 8.5 8.0 7.5 7.0
Mr7as [kg/s] 0.163 0.161 0.158 0.156 0.154
PinchPointec [°C] 9.7 10.2 10.7 11.3 12.0
Trras,6c,0 [°C] 46.2 45.6 44.7 43.6 42.3
Twater,0 [°C] 95.9 98.7 1014 103.8 106.1
Xi[-] 0.48 0.45 0.42 0.39 0.36
Qujatent [kKW] 0.00 0.00 0.00 0.00 0.00
Qu sensible [KW] 19.93 20.56 21.13 21.64 22.09
Qutotal [kW] 19.93 20.56 21.13 21.64 22.09
Qu [kW] 30.50 31.56 32.56 33.49 34.36
W [kW] 10.57 11.00 11.43 11.86 12.27
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Table B-3: Results obtained from simulating a fixed water mass flow rate of 0.09 kg/s at an ambient temperature
of 35°C.

Twater,i = 15°C; Muyater = 0.09 kg/s; Tamb = 35°C

Parameter Value

Pais [MPa] 12.0 12,5 13.0 13.5 14.0
COPy [] 2.91 2.88 2.85 2.82 2.79
DOS [°C] 10.7 10.1 9.6 9.1 8.7
Mg7as [kg/s] 0.184 0.181 0.179 0.177 0.174
PinchPointgc [°C] 9.0 9.4 9.9 10.5 11.0
Tryas,6c,0 [°C] 49.3 49.3 49.0 48.4 47.5
Twater,0 [°C] 96.3 99.3 102.1 104.9 107.6
Xi[-] 0.54 0.51 0.48 0.45 0.42
Qutatent [kKW] 0.00 0.00 0.00 0.02 0.06
Qu sensible [kKW] 20.11 20.72 21.32 21.85 22.33
Qutotal [kKW] 20.11 20.72 21.32 21.87 22.40
Qu [kW] 30.65 31.76 32.86 33.90 34.92
W [kW] 10.54 11.04 11.53 12.03 12.52

Table B-4: Results obtained from simulating a fixed water mass flow rate of 0.09 kg/s at an ambient temperature
of 40°C.

Twater,i = 15°C; mwater= 0-09 kg/S; Tamb = 40°C

Parameter Value

Pgis [MPa] 12.0 125 13.0 135 14.0
COPy [-] 2.94 2.90 2.86 2.81 2.77
DOS [°C] 12.6 12.1 11.7 11.0 10.7
Mr7as [kg/s] 0.206 0.203 0.201 0.199 0.197
PinchPointgc [°C] 7.8 8.3 8.8 9.2 9.8
Tr74a,6¢,0 [°C] 51.9 52.3 52.5 52.5 52.1
Twater,o [°C] 96.5 99.7 102.8 105.6 108.5
Xi[-] 0.60 0.57 0.54 0.51 0.48
Qujatent [KW] 0.19 0.28 0.35 0.36 0.41
Qu sensible [KW] 20.07 20.63 21.17 21.64 22.16
Qutotal [kW] 20.26 20.91 21.52 22.00 22.56
Qu [kW] 30.71 31.93 33.11 34.16 35.29
W [kW] 10.45 11.02 11.59 12.16 12.72
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Table B-5: Results obtained from simulating a fixed water mass flow rate of 0.10 kg/s at an ambient temperature
of 25°C.

Twater,i = 15°C; Mwater=0.10 kg/s; Tamb = 25°C

Parameter Value

Pais [MPa] 12.0 12,5 13.0 13.5 14.0
COPy [] 3.01 2.98 2.96 2.92 2.89
DOS [°C] 5.0 3.9 3.0 2.2 1.3
Mg7as [kg/s] 0.148 0.147 0.145 0.143 0.141
PinchPointgc [°C] 10.4 11.0 11.7 12.4 13.3
Tryas,6c,0 [°C] 39.7 38.4 36.9 35.2 33.6
Twater,0 [°C] 90.0 92.0 93.9 95.6 97.0
Xi[-] 0.38 0.35 0.32 0.29 0.27
Qutatent [kKW] 0.00 0.00 0.00 0.00 0.00
Qu sensible [kKW] 20.96 21.42 21.84 22.20 22.46
Qutotal [kKW] 20.96 21.42 21.84 22.20 22.46
Qu [kW] 31.40 32.23 33.02 33.73 34.35
W [kW] 10.44 10.81 11.17 11.54 11.90

Table B-6: Results obtained from simulating a fixed water mass flow rate of 0.10 kg/s at an ambient temperature
of 30°C.

Twater,i = 15°C; mwater= 0-10 kg/S; Tamb = 30°C

Parameter Value

Pgis [MPa] 12.0 125 13.0 135 14.0
COPy [-] 3.04 3.01 2.98 2.95 2.91
DOS [°C] 7.3 6.7 5.9 5.2 4.4
Mr7as [kg/s] 0.165 0.163 0.161 0.159 0.157
PinchPointgc [°C] 10.0 10.6 11.2 11.8 12.5
Tryas,6c,0 [°C] 435 42.5 414 40.0 38.6
Twater,o [°C] 91.7 94.2 96.4 98.5 100.4
Xi[-] 0.43 0.39 0.36 0.33 0.30
Qujatent [KW] 0.00 0.00 0.00 0.00 0.00
Qu sensible [KW] 21.52 22.14 22.66 23.10 23.47
Qutotal [kW] 21.52 22.14 22.66 23.10 23.47
Qu [kW] 32.09 33.14 34.09 34.96 35.75
W [kW] 10.57 11.00 11.43 11.86 12.28
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Table B-7: Results obtained from simulating a fixed water mass flow rate of 0.10 kg/s at an ambient temperature

of 35°C.

Twater,i = 15°C; r'hwater= 0.10 kg/s; Tamb = 35°C

Parameter
Pais [MPa]
COPy [-]

DOS [°C]
Mgy [kg/s]
PinchPointgc [°C]
Tr74,6¢,0 [°C]
Twater,o [°C]
Xi[-]

Qulatent [kW]
Qu sensible [kW]
Qutotal [kKW]
Qu [kW]

Wc kW]

12.0
3.07
9.0
0.187
9.4
47.0
92.3
0.48
0.00
21.84
21.84
32.37
10.54

12,5
3.04
8.4
0.184
9.9
46.6
95.1
0.45
0.02
22.47
22.49
33.53
11.03

Value
13.0 13.5 14.0
3.00 2.96 2.93
7.9 7.2 6.9
0.182 0.180 0.177
10.4 11.0 11.7
45.9 45.0 43.9
97.7 100.1 102.6
0.42 0.39 0.36
0.07 0.12 0.19
23.03 23.51 23.99
23.11 23.63 24.18
34.64 35.66 36.70
11.53 12.03 12.53

Table B-8: Results obtained from simulating a fixed water mass flow rate of 0.10 kg/s at an ambient temperature

of 40°C.

Twater,i = 15°C; mwater= 0-10 kg/S; Tamb = 40°C

Parameter
Pgis [MPa]
COPy [-]

DOS [°C]
Mryaa [kg/s]
PinchPointec [°C]
Tryas,6c,0 [°C]
Twater,0 [°C]
Xi[-]

Q. tatent [kKW]
Q. sensible [KW]
Q. total [KW]
Qu [kW]

Wc [kW]

12.0
3.12
11.0
0.210
8.4
49.9
92.8
0.54
0.38
21.76
22.13
32.58
10.45

125
3.07
10.4
0.208
8.9
50.0
95.7
0.51
0.40
22.39
22.79
33.80
11.01

Value
13.0 135 14.0
3.02 2.97 2.93
9.8 9.3 9.0
0.206 0.204 0.201
9.4 9.9 10.5
49.9 49.5 48.9
98.5 101.3 104.0
0.48 0.45 0.42
0.49 0.60 0.79
22.92 23.38 23.78
23.40 23.99 24.57
34.98 36.14 37.29
11.58 12.15 12.72
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Table B-9: Results obtained from simulating a fixed water mass flow rate of 0.11 kg/s at an ambient temperature
of 25°C.

Twater,i = 15°C; Myater = 0.11 kg/s; Tamb = 25°C

Parameter Value

P4is [MPa] 12.0 12,5 13.0 13.5 14.0
COPy [-] 3.11 3.07 3.03 DOS<=0 DOS<=0
DOS [°C] 2.3 1.1 0.1 DOS<=0 DOS<=0
Mg7as [kg/s] 0.152 0.150 0.149 DOS<=0 DOS<=0
PinchPointgc [°C] 10.6 11.3 12.2 DOS<=0 DOS<=0
Tryaa,6¢,0 [°C] 37.1 35.5 33.9 DOS<=0 DOS<=0
Twater,0 [°C] 85.5 87.2 88.8 DOS<=0 DOS<=0
Xi[-] 0.34 0.31 0.28 DOS<=0 DOS<=0
Qujatent [KW] 0.00 0.00 0.00 DOS<=0 DOS<=0
Q. sensible [KW] 21.99 22.41 22.76 DOS<=0 DOS<=0
Q. total [KW] 21.99 22.41 22.76 DOS<=0 DOS<=0
Qu [kW] 32.43 33.23 33.96 DOS<=0 DOS<=0
W [kW] 10.44 10.82 11.20 DOS<=0 DOS<=0

Table B-10: Results obtained from simulating a fixed water mass flow rate of 0.11 kg/s at an ambient
temperature of 30°C.

Twater,i = 15°C; mwater= 0-11 kg/S; Tamb = 30°C

Parameter Value

Pais [MPa] 12.0 125 13.0 135 14.0
COPy [-] 3.16 3.13 3.08 3.03 2.98
DOS [°C] 5.3 4.4 34 2.3 1.5
Mr7as [kg/s] 0.168 0.166 0.165 0.163 0.161
PinchPointgc [°C] 10.3 10.9 11.6 12.3 13.1
Tryas,6c,0 [°C] 40.9 39.7 384 37.0 35.4
Twater,o [°C] 87.6 89.7 91.6 93.3 94.9
Xi[-] 0.38 0.35 0.32 0.29 0.26
Qujatent [KW] 0.00 0.00 0.00 0.00 0.00
Qusensible [KW] 22.85 23.40 23.82 24.14 24.45
Qutotal [kW] 22.85 23.40 23.82 24.14 24.45
Qu [kW] 33.42 34.41 35.27 36.04 36.79
W [kW] 10.57 11.01 11.45 11.90 12.34
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Table B-11: Results obtained from simulating a fixed water mass flow rate of 0.11 kg/s at an ambient

temperature of 35°C.

Twater,i = 15°C; r'hwater= 0.11 kg/s; Tamb = 35°C
Parameter

P4is [MPa] 12.0 12,5
COPy [-] 3.22 3.17
DOS [°C] 7.2 6.4

Mgy44 [kg/s] 0.192 0.190
PinchPointgc [°C] 9.5 10.1
Tryas,6c,0 [°C] 44.4 43.7
Twater,0 [°C] 88.3 90.7
Xil[-] 0.44 0.40
Qu tatent [kKW] 0.27 0.35
Qusensible [KW] 23.00 23.53
Qutotal [kKW] 23.27 23.88
Qu [kW] 33.74 34.86
W [kW] 10.48 10.98

Table B-12: Results obtained from simulating a fixed water mass flow rate of

temperature of 40°C.

Twater,i = 15°C; Mwater= 0.11 kg/S; Tamb = 40°C
Parameter

Pgis [MPa] 12.0 125
COPy [-] 3.28 3.23
DOS [°C] 9.4 8.8

Mg7as [kg/s] 0.214 0.212
PinchPointec [°C] 8.9 9.3

Tr7a4,6¢,0 [°C] 47.9 47.8
Twater,o [°C] 89.4 92.1
Xi[-] 0.49 0.46
Qujatent [KW] 0.47 0.61
QU sensible [KW] 23.33 23.87
Qutotal [kW] 23.80 24.48
Qx [kW] 34.24 35.49
Wc [kW] 10.44 11.00

Value
13.0
3.13

5.7
0.188
10.7
42.8
93.0
0.37
0.47
23.96
24.43
35.92
11.49

Value
13.0
3.17

8.3
0.210
9.9
47.3
94.8
0.42
0.82
24.34
25.16
36.74
11.58
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13.5
3.07
5.0
0.185
11.4
41.8
95.3
0.34
0.46
24.49
24.95
36.98
12.03

135
3.12
7.8
0.207
10.5
46.7
97.3
0.39
0.92
24.84
25.76
37.92
12.15

14.0
3.03
4.4
0.183
12.1
40.6
97.3
0.31
0.50
24.89
25.39
37.93
12.54

0.11 kg/s at an ambient

14.0
3.07
7.4
0.205
111
45.8
99.8
0.36
1.01
25.34
26.35
39.08
12.73



B-2) Section 7.2 - Table format of the simulation results at the fixed water outlet

temperature of 90°C over a 25-40°C range of ambient temperatures:

Table B-13: Results obtained from simulating a fixed water outlet temperature of 90°C at an ambient
temperature of 25°C.

Twater,i = 15°C; Twater,0 = 90°C; Tamb = 25°C

Parameter Value

P4is [MPa] 12.0 12,5 13.0 13.5 14.0
COPy [-] 3.01 3.02 3.02 DOS<=0 DOS<=0
DOS [°C] 5.01 2.77 0.81 DOS<=0 DOS<=0
Mryaa [kg/s] 0.148 0.148 0.148 DOS<=0 DOS<=0
PinchPointgc [°C] 0.100 0.104 0.108 DOS<=0 DOS<=0
Tr7aa,6¢,0 [°C] 10.36 11.11 12.02 DOS<=0 DOS<=0
Mwater [kg/s] 39.74 37.21 34.58 DOS<=0 DOS<=0
Xi[-] 90.00 90.00 90.00 DOS<=0 DOS<=0
Qujatent [KW] 0.38 0.33 0.29 DOS<=0 DOS<=0
Qsensible [KW] 0.00 0.00 0.00 DOS<=0 DOS<=0
Qutotal [KW] 20.96 21.85 22.56 DOS<=0 DOS<=0
Qx [kW] 20.96 21.85 22.56 DOS<=0 DOS<=0
W [kW] 31.40 32.66 33.75 DOS<=0 DOS<=0

Table B-14: Results obtained from simulating a fixed water outlet temperature of 90°C at an ambient
temperature of 30°C.

Twater,i = 15°C; Twater,0 = 90°C; Tamb = 30°C

Parameter Value

Pais [MPa] 12.0 125 13.0 135 14.0
COPy [-] 3.09 3.12 3.11 3.07 DOS<=0
DOS [°C] 6.60 4.62 2.43 0.46 DOS<=0
Mg7as [kg/s] 0.166 0.166 0.166 0.166 DOS<=0
PinchPointgc [°C] 0.104 0.110 0.114 0.117 DOS<=0
Tr74a,6¢,0 [°C] 10.13 10.90 11.71 12.62 D0OS<=0
Muwater [kg/S] 42.43 39.86 37.42 34.97 DOS<=0
Xi[-] 90.00 90.00 90.00 90.00 DOS<=0
Qujatent [KW] 0.41 0.35 0.30 0.26 DOS<=0
Qusensible [KW] 0.00 0.00 0.00 0.00 DOS<=0
Qutotal [KW] 22.11 23.36 24.15 24.72 DOS<=0
Qx [kW] 22.11 23.36 24.15 24.72 DOS<=0
W [kW] 32.67 34.36 35.62 36.68 DOS<=0
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Table B-15: Results obtained from simulating a fixed water outlet temperature of 90°C at an ambient
temperature of 35°C.

Twater,i = 15°C; Twater,0 = 90°C; Tamb = 35°C

Parameter Value

P4is [MPa] 12.0 12,5 13.0 13.5 14.0
COPy [-] 3.18 3.22 3.23 3.20 3.14
DOS [°C] 8.19 6.22 4.31 2.37 0.67
Mg7aa [kg/s] 0.188 0.188 0.188 0.188 0.188
PinchPointgc [°C] 0.107 0.113 0.119 0.124 0.127
Tr74,6¢,0 [°C] 9.68 10.41 11.21 12.06 13.04
Muwater [kg/S] 45.36 43.10 40.60 38.19 35.76
Xi[-] 90.00 90.00 90.00 90.00 90.00
Qu tatent [kKW] 0.44 0.38 0.32 0.27 0.23
Qsensible [KW] 0.03 0.16 0.30 0.41 0.51
Q. total [KW] 22.97 24.40 25.50 26.21 26.72
Qu [kW] 23.00 24.56 25.79 26.62 27.23
W [kW] 33.53 35.60 37.36 38.75 39.97

Table B-16: Results obtained from simulating a fixed water outlet temperature of 90°C at an ambient
temperature of 40°C.

Twater,i =15°C H Twater,o = gooc; Tamb = 40°C

Parameter Value

Pgis [MPa] 12.0 125 13.0 135 14.0
COPy [-] 3.25 3.32 3.35 3.37 3.33
DOS [°C] 9.74 7.92 6.13 4.73 3.19
Mr7as [kg/s] 0.213 0.214 0.215 0.215 0.215
PinchPointgc [°C] 0.108 0.116 0.124 0.131 0.136
Tryas,6c,0 [°C] 8.81 9.64 10.48 11.56 12.57
Muwater [kg/S] 48.27 46.33 44.05 41.27 38.79
Xi[-] 90.00 90.00 90.00 90.00 90.00
Qujatent [KW] 0.50 0.42 0.36 0.29 0.24
Qu sensible [KW] 0.40 0.86 1.06 1.41 1.74
Qutotal [kW] 23.10 24.69 26.19 27.47 28.19
Qu [kW] 23.50 25.55 27.24 28.88 29.92
W [kW] 33.94 36.55 38.83 41.07 42.76
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B-3.1) Section 7.3.1 - Table format of the simulation results at a fixed ambient temperature

of 40°C over a 30-60 % relative humidity ambient range:

Table B-17: Results obtained from simulating a fixed ambient temperature of 40°C and ambient relative
humidity of 30%.

Twater,o = gooc; Tamb = zsoc; Twater,i = 15°C; RH = 30%

Parameter Value

Pais [MPa] 12.0 12,5 13.0 13.5 14.0
COPy [] 3.25 3.32 3.36 3.37 3.33
DOS [°C] 9.7 7.9 6.1 4.7 3.2
Mryaa [kg/s] 0.213 0.214 0.215 0.215 0.215
PinchPointsc [°C] 8.8 9.6 10.5 11.6 12.6
Tryas,6c,0 [°C] 48.3 46.3 44.1 41.3 38.8
Muater [kg/s] 0.108 0.116 0.124 0.131 0.136
Xi[-] 0.50 0.42 0.36 0.29 0.24
Qujatent [kW] 0.40 0.86 1.06 1.41 1.74
Qusensible [kKW] 23.10 24.69 26.19 27.47 28.19
Qutotal [KW] 23.50 25.55 27.24 28.88 29.92
Qu [kW] 33.94 36.55 38.83 41.07 42.76
W [kW] 10.44 11.00 11.59 12.20 12.84
Tsuc [°C] 15.4 13.6 11.8 10.4 8.9
Tais [°C] 100.5 102.1 103.5 105.5 107.1

Table B-18: Results obtained from simulating a fixed ambient temperature of 40°C and ambient relative
humidity of 40%.

Twater,0= 90°C; Tamb = 25°C; Twater,i = 15°C; RH = 40%

Parameter Value

Pgis [MPa] 12.0 125 13.0 135 14.0
COPy [-] 3.45 3.53 3.58 3.60 3.58
DOS [°C] 119 10.6 9.4 8.5 7.8
Mg7as [kg/s] 0.207 0.207 0.207 0.205 0.204
PinchPointgc [°C] 9.9 10.9 12.0 13.3 14.6
Tryas,6c,0 [°C] 46.3 43.7 40.8 37.7 34.8
Muwater [kg/S] 0.115 0.124 0.132 0.139 0.145
Xi[-] 0.45 0.36 0.29 0.23 0.17
Qujatent [KW] 4.93 5.84 6.69 7.50 8.23
Qusensible [KW] 20.64 22.06 23.17 24.03 24.61
Qutotal [KW] 25.58 27.90 29.86 31.53 32.84
Qu [kW] 36.03 38.91 41.44 43.68 45.57
W [kW] 10.45 11.01 11.58 12.15 12.72
Tauc [°C] 17.6 16.3 15.1 14.2 135
Tais [°C] 103.8 106.3 108.8 111.7 114.9
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Table B-19: Results obtained from simulating a fixed ambient temperature of 40°C and ambient relative
humidity of 50%.

Twater,0 = 90°C; Tamb = 25°C; Twater,i = 15°C; RH =50%

Parameter Value

Pgis [MPa] 12.0 125 13.0 13.5 14.0
COPy [-] 3.55 3.65 3.70 3.70 3.68
DOS [°C] 13.3 12.6 12.1 114 11.3
Mg7aa [kg/s] 0.204 0.202 0.200 0.198 0.195
PinchPointgc [°C] 104 11.6 12.9 14.2 15.7
Tr74s,66,0 [°C] 45.1 42.0 38.6 35.4 32.4
Muater [K8/S] 0.118 0.128 0.137 0.143 0.149
Xi[-] 0.42 0.33 0.25 0.19 0.14
Qujatent [KW] 8.37 9.85 11.18 12.17 13.02
Qu sensible [KW] 18.26 19.34 20.12 20.68 21.06
Qutotal [kKW] 26.63 29.19 31.30 32.85 34.08
Qx [kW] 37.09 40.21 42.89 45.01 46.80
W [kW] 10.46 11.02 11.59 12.16 12.72
Tsuc [°C] 19.0 18.3 17.8 17.1 17.0
Tais [°C] 105.9 109.4 113.0 116.5 120.7

Table B-20: Results obtained from simulating a fixed ambient temperature of 40°C and ambient relative
humidity of 60%.

Twater,o = gooc; Tamb = zsoc; Twater,i = 15°C; RH = 60%

Parameter Value

P4is [MPa] 12.0 125 13.0 13.5 14.0
COPy [-] 3.63 3.73 3.767 3.762 3.73
DOS [°C] 14.7 14.3 14.0 13.6 13.7
Mr7as [kg/s] 0.200 0.198 0.195 0.193 0.190
PinchPointgc [°C] 10.8 12.0 13.4 14.8 16.3
Tr7a,6¢,0 [°C] 44.1 40.7 37.2 33.9 31.0
Mwater [kg/s] 0.121 0.131 0.139 0.146 0.151
Xi[-] 0.39 0.30 0.23 0.17 0.12
Qujatent [KW] 11.77 13.52 14.92 15.92 16.70
Qusensible [KW] 15.73 16.54 17.16 17.63 17.93
Qutotal [kW] 27.50 30.06 32.08 33.54 34.62
Q. [kw] 37.96 41.08 43.67 45.71 47.35
W [kw] 10.46 11.03 11.60 12.16 12.73
Toue [°C] 20.4 20.0 19.7 19.3 19.4
Tais [°C] 108.0 111.9 116.1 120.1 124.7
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B-3.2) Section 7.3.2 - Table format of the simulation results at a fixed ambient temperature

of 25°C over a 15-60°C range of water inlet temperatures:

Table B-21: Results obtained from simulating a fixed ambient temperature of 25°C and water inlet temperature
of 15°C.

Twater,o = gooc; Tamb = zsoc; Twater,i =15°C

Parameter Value

P4is [MPa] 12.0 12,5 13.0 13.5 14.0
COPy [-] 3.01 3.02 3.02 DOS<=0 DOS<=0
DOS [°C] 5.0 2.8 0.8 DOS<=0 DOS<=0
Mg7as [kg/s] 0.148 0.148 0.148 DOS<=0 DOS<=0
PinchPointgc [°C] 10.4 11.1 12.0 DOS<=0 DOS<=0
Tr7a,6¢,0 [°C] 39.7 37.2 34.6 DOS<=0 DOS<=0
Muwater [kg/S] 0.100 0.104 0.108 DOS<=0 DOS<=0
Xi[-] 0.38 0.33 0.29 DOS<=0 DOS<=0
Qujatent [KW] 0.00 0.00 0.00 DOS<=0 DOS<=0
Qysensible [KW] 20.96 21.85 22.56 DOS<=0 DOS<=0
Qutotal [KW] 20.96 21.85 22.56 DOS<=0 DOS<=0
Qu [kW] 31.40 32.66 33.75 DOS<=0 DOS<=0
W [kW] 10.44 10.81 11.19 DOS<=0 DOS<=0
Tauc [°C] 10.7 8.5 6.5 DOS<=0 DOS<=0

Table B-22: Results obtained from simulating a fixed ambient temperature of 25°C and water inlet temperature
of 30°C.

Twater,o = gooc; Tamb = 25°C; Twater,i =30°C

Parameter Value

P4is [MPa] 12.0 125 13.0 13.5 14.0
COPy [-] 2.68 2.74 2.76 2.76 2.75
DOS [°C] 9.6 8.6 7.5 6.6 5.9
Mr7as [kg/s] 0.142 0.141 0.139 0.138 0.136
PinchPointgc [°C] 9.4 10.2 11.0 11.0 9.3
Tr74s,6¢,0 [°C] 46.5 44.5 42.6 40.6 38.9
Mwater [kg/5] 0.112 0.118 0.123 0.127 0.130
Xi[-] 0.50 0.45 0.40 0.36 0.33
Qujatent [kKW] 0.00 0.00 0.00 0.00 0.00
Qusensible [KW] 17.61 18.83 19.70 20.35 20.78
Qutotal [kW] 17.61 18.83 19.70 20.35 20.78
Qu [kW] 28.07 29.66 30.89 31.89 32.67
W [kW] 10.47 10.83 11.19 11.54 11.89
Tsuc [°C] 15.3 14.3 13.2 12.3 11.6
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Table B-23: Results obtained from simulating a fixed ambient temperature of 25°C and water inlet temperature

of 45°C.

Twater,0 = 90°C; Tamb = 25°C; Twater,i = 45°C

Parameter

Pgis [MPa] 12.0
COPy [-] 2.24
DOS [°C] 13.1
Mgy44 [kg/s] 0.138
PinchPointgc [°C] 7.1
Tr74a,6¢,0 [°C] 54.0
Muwater [kg/s] 0.125
Xi[-] 0.67
Qu tatent [kKW] 0.00
Qu sensible [kW] 12.98
Qutotal [kKW] 12.98
Qu [kW] 23.47
W [kW] 10.48
Toue [°C] 18.8

12,5
2.30
12.3
0.136
7.5
53.4
0.132
0.62
0.00
14.09
14.09
24.94
10.85
18.0

Value
13.0
2.34
11.7

0.134
7.5
52.5
0.139
0.57
0.00
15.04
15.04
26.25
11.22
17.4

13.5
2.37
11.3
0.132
6.6
51.5
0.145
0.53
0.00
15.79
15.79
27.36
11.57
17.0

14.0
2.37
11.0
0.129
5.7
50.5
0.150
0.50
0.00
16.33
16.33
28.24
11.91
16.7

Table B-24: Results obtained from simulating a fixed ambient temperature of 25°C and water inlet temperature

of 60°C.

Twater,o = gooc; Tamb = 25°C; Twater,i =60°C

Parameter

Pgis [MPa] 12.0
COPx [-] 1.73
DOS [°C] 15.3
Mg7as [kg/s] 0.135
PinchPointgc [°C] 3.0
Traa,6c0 [°C] 62.9
Muwater [kg/S] 0.144
Xi[-] 0.86
Qujatent [KW] 0.00
Qusensible [kKW] 7.65
Qutotal [KW] 7.65
Qu [kW] 18.14
Wc[kW] 10.49
Tsuc [°C] 21.0

125
1.80
15.3
0.132
2.9
62.9
0.156
0.82
0.00
8.70
8.70
19.56
10.86
21.0

Value
13.0
1.86
15.3

0.129
2.8
62.7
0.166
0.78
0.00
9.63
9.63
20.86
11.23
21.0

150

135
1.90
15.0
0.127
2.7
62.6
0.175
0.74
0.00
10.41
10.41
21.98
11.58
20.7

14.0
1.93
14.7
0.125
2.4
62.3
0.183
0.71
0.00
11.04
11.04
22.95
11.92
20.4



APPENDIX C

C-1) Moody Chart diagram (White 2011)
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Figure C-1. Moody chart diagram (White 2011).

C-2) Evaporator model correlations

C-2.1) Two-phase R744 correlation set of Cheng et al. (2008a&h)

Before outlining the correlations from Cheng et al. (2008a&b) based on the four listed flow
patterns in Section 3.4.1.1.1, the boundary values that characterise them will be discussed.

The critical quality value that defines the transition between the intermittent and annular flow
patterns is calculated with:

-1/1.75 -1 -1
X4 = <1_81/0.875 (p_”) Y7 (&) 17 + 1) (C.1)
P 2]

Where:
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e u: Dynamic viscosity [kg/(m.s)]

Note that the subscript ‘I’ and ‘v’ denote the saturated liquid and -vapour state of the R744,

respectively.

For transition between the annular and dryout flow pattern, the critical quality value, also known

as the dryout inception quality, is determined with:

0.25 0.27
Xqi = 0.58 exp <0.52 — 0.236Wey " Fry o™V (P_v) ( q ) ) (C.2)
P Acrit

Where We,, and Fr, y,; represent the vapour Weber number and Froude number, respectively.

These two numbers are equated as follows:

_ G?D;
We, = (C.3)
pyO
GZ
Frymori = (C.49)
Py (p1 — py)gD;

Where:

e D; : Inner tube diameter [m?]

e G : Mass flux [kg/m?]

e o :Surfacetension [N/m]

e g : Gravitational constant [m/s?]

And q.,i;, the critical heat flux, which is calculated with:

Qerie = 0.131p,%>hy,[go(p; — py)]02°

Where:

e hy, : Latent heat of vaporisation [m?]
e q: Heat flux [W/m?]

The succeeding transition vapour quality between the dryout and mist flow pattern is also known

as the dryout completion quality and is equated as follows:
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-0.09 0.72
Xge = 0.61 exp <0.57 — 0.502We, " °Fr,, 1o * (&) ( 1 ) > (C.5)
Pr Acrit

Intermittent flow pattern

The intermittent flow pattern is present when x < x;_,4, where x is the vapour quality of the R744

under investigation.

Heat transfer coefficient — Intermittent flow pattern:

The generic Kattan-Thome-Favrat equation published by (Kattan et al. 1998) is employed to

determine the local two-phase flow boiling CHTC:

_ Hdryhv + (271' - edry)hwet

— (C.6)

hy

Where 6., ascribes the angle of the dry perimeter. Nonetheless, for the four flow patterns under

consideration, 64, = 0.

The vapour phase CHTC, h,,, is calculated with the Dittus-Boelter equation (Incropera et al. 2013):

_ 0.023Re,”*Pr,**k,

) 5 (C.7)

Where Re, and Pr, represent the vapour phase Reynolds and Prandtl number, respectively.

These two values are calculated as follows:

C
PTU — pv.uv (CS)
ky
GxD;
Rev = L (C.g)
mu,é&

and ¢, the void fraction that is equated by:

(C.10)

1- x) , L18CL = 0)ga(p, - p)I** -

X X
e=—|[(1+0.12(1 — x) (—+
pl? ( ) GplO.S

Pv Pi

In terms of the wetted perimeter where liquid phase R744 is encountered, the CHTC is calculated

in terms of both nucleate and convective boiling, i.e.:
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hwet = [(S ) hnb)3 + (hcb)3]1/3 (C.11)

Where S represents a suppression factor to account for the thinning of the liquid film as the R744

condensates and is set to unity for this flow pattern.

The nucleate boiling CHTC, h,,;,, is determined using the modified Cooper equation:

P —0.0063 P -0.55
b =131(5—)  (-logiG—)) Mg (©12)
Pcrit Pcrit

Where M represents the molecular weight.
The convective CHTC is computed as follows:

K c13
hey = 0.0133Re;*Pr,> <L (€13)
T

Where Reg represents the Reynolds number of the liquid film and is calculated by:

Rex — 4G(1 — x)6,
es = W (C.14)

And &, the liquid film thickness, which is calculated with:

5. = Deq _ (Deq>2 _ 2Al (C.l5)
r 2 2 2T — QdTy

Where:

e D4 : Equivalent tube inner diameter [m]
e A, : Liquid phase cross — sectional area [m?]

If D; > 7.53mm, then D,, = D;, else D, = 7.53mm. The cross-sectional area reserved by the

liquid phase, 4;, is computed with:
Ay =App,(1—¢) (C.16)
Also, Pr; ascribes the Prandtl number of the liquid film and is evaluated by:

Pr = Coun
n= Tk, (C.17)

Pressure drop: Intermittent flow pattern:
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The pressure drop present within the intermittent flow region can be determined with:

& &
€14 €14

Where AP, is calculated as the single-phase frictional pressure drop with liquid phase properties,

ie..
L\ [ G?
AP = 4 (_) - (C.19)
o (5) (35
Where f;, ascribes the Blasius friction factor and is determined with:
_ 0.079 (C.20)
LO — ReL00'25 .
With the Reynolds number, Re;,, calculated as:
GD;
Reyp = — (C.21)
M

Also, AP, is the pressure drop for the annular flow pattern, which is defined by Equation (C.23) to

follow.
Annular flow pattern
The annular flow pattern is present when x;, < x < xy;.

Heat transfer coefficient — Annular flow pattern:

Equation (C.11) is employed to determine the two-phase local CHTC. Yet, in this case, the
suppression factor is not set to unity and is equated by:

Doy \? 5 \*?
=1-1.14 1-— (C.22)
S (0.00753) ( Sr1a

Where D., and &, are calculated likewise to the intermittent flow pattern, although &, ;4 is

evaluated at the annular transition quality x;,.

Pressure drop — Annular flow pattern:

The pressure drop is defined by:
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L |/
AP, = 4f, (E) (%) (C.23)
L

With the average vapour velocity equated by:

Gx

Vavgn = ﬁ (C.24)
And the annular friction factor approached by the following correlation:
fa = 3.128Re, **>* e, 700308 (C.25)
Where Re,, is computed by Equation (C.9), and the liquid phase Weber number by:
2
Wel _ pravg,l Di (C_26)
o
With the average liquid velocity determined as follows:
G(1l—x
Vg = %) (C.27)
pi(1—¢)

Dryout flow pattern
The dryout flow pattern is present under the condition: xg; < x < Xge.

Heat transfer coefficient — Dryout flow pattern:

The linear interpolation approach from Wojtan et al. (2005) is employed for the CHTC

encountered within the dryout region:

X —X

di
hD = (htp)xdi - r_x;l [(htp)xdi - (hM)xde] (C28)

Where (h)y,, ascribes the mist CHTC given by Equation (C.30), evaluated at the dryout

completion quality x,4,. In the case of an undefined condition, x,, is set equal to 0.999.

Pressure drop — Dryout flow pattern:

Analogous to the CHTC, the pressure drop is also evaluated by linear interpolation:

APy = (APa)xy, = o [(APy )y, = (P, (29)

d
de — Xdi
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Where (APy),,, ascribes the mist frictional pressure drop given by Equation (C.33), evaluated

at the dryout completion quality x4,. Once again, x4, is set equal to 0.999 in case of an undefined

condition.

Mist flow pattern

The mist flow pattern is present under the condition: x = x4,.

Heat transfer coefficient — Mist flow pattern:

The modified correlation from Groeneveld (1973) is adopted to evaluate the CHTC:

hy = 2 x 1078Rey %7 Pr, 00y ~183 (

With the homogeneous Reynolds number computed as:

GD
Rey = —2[x +'Dp—v(1 —x)]
l

v

and the correctional factor defined as:

0.4

Y=1—O.1[(——1>(1—x)]

P
Py

Pressure drop — Mist flow pattern:

The present frictional pressure drop is equated by:

L; G?
APy = 4fM( ;Jnc> (E)
l

Where the homogeneous density is determined with:

py = pi(1 —&y) + prey

The homogenous void fraction is computed by:

1-x/p, -
- =)
&y [ + x Py

Also, the mist friction factor is approached by the following correlation:
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D;

(C.30)

(C.31)

(C.32)

(C.33)

(C.34)

(C.35)



91.2

M = —ReM°'832 (C.36)
Where the Reynolds number is calculated as:
GD;
Rey = — (C.37)
Uy

With the homogenous dynamic viscosity calculated with the equation proposed by Cicciti et al.
(1960):

C-2.2) Correlation for airside convection heat transfer coefficient

The CHTC for dry conditions, h. 4, is calculated from the equation (Kays and London 1998):

hc,dry D c

Nu, = X
a

= jaryRep. P13 (C.39)

Where:

e D.: Collar diameter [m]
® jary : Colburn — j factor for heat transfer [—]

e Rep. : Renylods number evaluated at the collar diameter [—]

The correlation from Wang et al. (2002a) is adopted to evaluate j ;-

For 300 < Rep, < 1000:

DAJ2 JENJ3 158
. c —
Jary = 0882Rep” (57) () () Canh) =02 (c.40)
c
With
—0. 1 .5 .
11 00045 — 0.491Re,, -9516-00171m (e (ﬂ) 0.109 In (N tan ) &>0 4240.0471N
. " Dc Pt Dh
(C.41)
0.984 —0.349
@
o)\
J2 = —2.72 + 6.84 tanf (C.42)
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J3 =2.66tan 0 (C.43)

For 1000 < Rep, < 10000:

DAJ2 (F\"103 l 0.432
. c - -
jary = 0.0646Rep /! (D—) (F”) (D—> (tanh §) ~0692 N=0737 (C.44)
h t c
With
0.379 Pl -1.35

F -1.3 p
J1 = —0.0545 — 0.0538 tan § — 0.302N 024 <F’l’> (P—z) <D_h) (tan6) 9256 (C.45)

1.77-9.43tan 6 0.229—-1.43tan 6
D,

(5,

Fy

P (C.46)

—0.174In (0.5N)
N —0-166-1.08tan & < )

e P, : Transversal tube pitch [m]
e P, : Longitudinal tube pitch [m]
e FE,: Finpitch [m]

e N : Number of tube rows [—]

e 0 : Fincorrugation angle [°]

e Dy : Hydraulic diameter of air stream [m]

Analogous to dry conditions, the CHTC under wet conditions can be determined by respectively
substituting ji,e¢ With jgry,, as well as hg e With he 4, in Equation (C.39). In this case, ji; is

correlated by Kuvannarat et al. (2006):

0.072448

Aair0)0.600543 6f
: C.47
B (C47)

Jwet = 0.213262ReDc_0'51507N0.09891( v
t

Where:

e §; : Finthickness [m]

e A, : Tube surface area [m?]

C-2.3) Fin efficiency correlation
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The single fin efficiency under dry conditions can be approximated by the Schmidt (1949)

approach:
_ tanh(mgyy7,) (C.48)
ndry mdryroqb
with
2hy
Mary = kf(;fy (C.49)
and
R R
¢ = (ﬁ - 1) (1 +0.351n (ﬁ)) (C.50)
rO rO
with
R X X 0.5
4 _17°M (—L - 0.3) (C.51)
To To M
including
Py C.52
Xy =2 (C.52)
And
JXu® + PP (C.53)
X, = —
Where:

e kg : Fin thermal conductivity [W /(m.K)]
o 1, : Tube outer radius [m]

e Af: Finsurface area [m?]

C-2.3) Correlation for mass transfer coefficient

The mass transfer coefficient, h,,, is computed as a function of the Lewis number, Le, which

indicates the fluid’s heat transport ability over its mass transport ability:

For 300 < Rep,. < 5500:
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h
Le = <<t (C.54)
hm Cp,a

The Lewis number can be calculated from the correlation published by Pirompugd et al. (2007)

and is simplified to the following form (Strydom 2013):

0.0239N+0.4332 0.0321N+0.0747

e = 22000025 () (fa2)
Dc A (C.55)
.ReDC—O.O1833N+O.194(£—i)—0.0026(5—2)—0.03012(%)+0.0418
C-2.4) Correlation for airside friction factor
The airside friction factor, f,, is computed with the correlation of Wang et al. (2002a):
For 300 < Rep, < 1000:
E F2 Pl F3 D 0.2054
- somen ()" () G e
fa e \p.) \p) \o, (C.56)
With:
F1=-0.574 — 0.137(In(Rep,)
p 0765 5 (—0243 /0474 (C.57)
— 5.26)0245 (_t> <_C> _b t 0 -0.217 N0.035
) D, D, D, an(6)
F2 =-3.05tan 8 (C.58)
F3 =—-0.192N (C.59)
F4 = —0.646 tan 0 (C.60)
For 1000 < Rep. < 10000:
E F3 P, F4 D 0.383 P —-0.247
= 0.228Rep, " (tan 6)F2 (—”) (—l) (—C) (—l>
fa epc (tan 6) ») o) 5, . (C.61)
With:
0.0512 0.35 0.449 tan 0
F P, P, _ (C.62)
F1=—0141(=" o <_> —0.472 j—0.049+0.237 tan §
0 <Pl> P, D, (tan 0)
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F2 = —0.562(In(Rep,) 00923 N 0013 (C.63)

P 0.026
F3 = 0.302Rep, "% (D—t) (C.64)

Cc

F4 = —0.306 + 3.63 tan 0 (C.65)
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APPENDIX D

D-1) Bitzer AMTE-10K compressor map and datasheet

-

BITZER Software vB.17.7 rev2724

20.04.2022 J All data subject fo change. 1/4

Selection: Semi-hermetic Reciprocating Compressors

Input Values

Compressor model
Mode

Refrigarant

Referance tempearatura
Evaporating SST

High prassura

Gas cooling outlet
Suct. gas superhaat
Operating moda
Power supply

Capacity control
Useful superheat

Resulff

Compressor
Capacity steps
Cooling capacity
Cooling capacity *
Evaporator capacity
Power input
Current (400V)
Voltage range

Gas cooler capacity
COP/EER

Mass flow

Discharge gas temp. wio cooling

optimal high pressure

Tentative Data.

4MTE-10K
Rafrigeration and Air
conditioning
RT44

Daw point temp.
12,80 °C

140,0 bar(a)
250°C

5,00 K
Transcritical
400V-3-50Hz
100%

100%

AMTE-10K~408

100%
33,6 KW
33,1 KW
33,6 KW
12,48 kW
20,7 A
380-420V
46,1 KW
2,68

862 koih
16.2°C
75.0 bar(a)

*according to EN12800 (10K suction gas superheat)

Application Limits 100% 4MTE-10K

140

120

100

pc [bar]

116,27

[ ]

178

17.8°C

AMTE-10K (100%) 12.8°C

Lagend

@ mind operating parameters
— M1 motor 1

=== Oparation above designated ling
not allowed for fallowing
compressor models: 4PTE, 4PTC

Lr

20

30 40
po [bar]
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BITZER Software vB.17.7 rev2724

20.04_ 2022 | All data subject fo change.

2/4

Technical Data: 4MTE-10K
Dimensions and Connections

316

5 |
1/4-18 NFTF

Technical Data

Technical Data

Displacement {1450 RPM 50Hz)
Displacement {1750 RPM 60Hz)
Mo. of cylinder x bore x stroke
Weight

Max. pressure (LP/HP)
Connection suction line
Connection discharge line

Gil type R744 (CO2)

Motor data

Mator version

Motor voltage (more on request)
Max operating current

Starting current (Rotor locked)
Max. Power input

Extent of delivery (Standard)
Motor protection

Enclosure class

Vibration dampers

il charge

Crankcase heater

Avallable Options

Connection suction line
Discharge shut-off valve
Capacity Contral - infinite

il level monitoring

Sound measurement

Sound power level (-10°C / 90bar)
Sound pressure level @ 1m (-10°C [ 90bar)

oL 2 (HP) 5L 3(LP
I [178-27 NPTF 174-18 NPTF",

10 g
&312 1/2-14 NPFTF

6,5 m3h

7.8 m3h

4 x 30mm x 27mm

120 kg

100160 bar

22 mm - 718"

18 mm - 3/4"

BSESSK (Standard), BEGESK (Option)

1

380-420V Y-3-50Hz
219A

970 A

12,6 kW

SE-B3{Standard), SE-B2{Option)
IPE5

Standard

2,00 dm?

0..120 W PTC (Standard)

Option

Option

100-25% (Option)
OLC-K1 (Option)

70 dB(A) @ 50Hz
62 dB(A) @ 50Hz
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BITZER Software vi5.17.5 rev2561 16.12.2021 / All data subject ko change. 3/4

Semi-hermetic Reciprocating Compressors

Molor 1 = e.g. ATES-12 with 12°HP*, primary for air-conditioning (e.g. R22_R40TC) and air-conditioning with R134a at high
ambient iemperatures_

Molor 2w &.9. ATES-8 with 8*"HP®, universal Mobor for mediom and low temperature application (e.g9. R404A, RB0TA, R40TA.
R407F) and sir-conditioning with R134a

Molor 8w e.g. ATES-B, for medium ternpersture applications and R134a

For more information concerning the application range wse the “Limits® bution.

Operation modes 4VES-T to 6FE-44 and 44JE-30 to 66FE-88 with R40TF/R407TA/R22

CIC = liquid injection with low temperature application, suction gas cooled motor.
ASERCOM certified performance data

The Association of European Refrigeration Component Manufacturers has implemented a procedure of certifying performance
data. The high standard of these certifications & sssured by:

* pleusibility tests of the data performed by expers.
* regular measurements at independent instifubes.

These high efforts result in the fact that only a mited number of compressors can be submitted. Due to this not &l BITZER
compresors are certified until now. Performance data of compressors which fulfil the stnct requirements may camy the label
"ASERCOM certified”. In this softerare you will find the label at the respective compressors on the night side below the field
“ressult® or in the print out of the performance data_ All cartified compressors and further information are listed on the homepage
of ASERCOM.

Condensing capacity

The condensing capacity can be calculated with or without heat rejection. This option can be sat in the menu
Program O Options. The heat rejection is constantly 5% of the power consumption. The condensing capacity s to be found in
the line Condensing cap. (with HR) resp. Condensing capacity.

Data for sound emission

Data based on 50HZ apllication {IP-units GO0Hz) and R404A if not declened.
Sound pressure level: values based on free field srea conditions with hemisperhical sound emission in 1 meter distance.

General remarks regarding sound data

Listed sownd data were measured under testing conditions in our leboratory. For this purpose the free-standing test sample is
mounted on & sold foundation plate and the pipework is connected vibration-free to the largest extend possible. Swction and
discharnge lines are fized in a flexible configuration, such that a trensmission of vibrations to the environment can be largely
excheded. In real installabons considerable differences might be cbserved. compared to the measurements in the laboratony.
Thee airbome sownd emitted by the compressor can be reflecied from surfaces of the system and this may increase the airborme
sound kevel measured chose o the compressor. Vibratons caused by the compressor are also transfermed to the system by the
compressor feet and piping depending on the damping ratio of the fixings. Thus, the vibrations can induce other components to
such an extent that these components confribute 1o an increase in airbome sound emission. f required, the trenafer of
vibrations 1o the sysiem can be minimized by suitable fixing and damping elements.

Lagend of conneclion positions according o "Dimanslons®;

1 High presaure connection (HF)

2 Connection for discharge gas termperature sensor (HP) (for 4VE(S)H8Y _. 4NE(S)-200Y) connection for CIC sensor as
alematve)

3 Low pressure connection (LP)

4 CIC system: injection nozzle (LP)

db Conneclion for CIC sensor

dc Connection for CIC sensor (MP / operation with liquid subcooler)
5 Dl fill plug

& (Dl chrasin

T Ol filter (magnetic screw)

& Ol return (ol separator)

& Ol return with NH3 and insaluble oil

& Connection for oll and gas equalization (paralliel operation)

s Connection for gas equalization (parallel operation)
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Gib Connection for oll egualization (parallel operation)

10 il heater connaction

11 Ol presswre conmechion +

12 Ol presswre conmeckion —

13 Cooling water connection

14 Intermediste pressune connection (MF)

15 Liquid injecton (operation without liquid subcooler and with thermoatatic expansion valve)
16 Connection for oll monitoring (opto-glecirical oil monitoning “OLC-K1" or differential oll presswre switch “Delta-PII®)
17 Refrigerant inlat at liquid subcooler

18 Referigerant outlet at liguid suboooler

18 Clamp space

30 Terminal plate

21 Maintenance connection for oll valve

2 Presaure relief valve to the atmosphere (dischange side)

23 Pressure relief valve to the atmosphere (suction side)

24 10 MODULE

SL Suction gas line

DL Discharge gas line

Dimensions can show folerances according to EN IS0 13820-B.

D-2) Derivation of compressor characteristic equations:

The numerical compressor characterisation method published by Bester (A methodology for the
performance characterisation of a variable speed CO2 compressor 2018) will now be applied to
derive the equations listed in Table 4-2 that are substituted into Equations (4.1) and (4.2) to predict
the R744 discharge temperature and mass flow rate, respectively. Note that only the application
of the method will be described in this document and that reference can be made to the study of
Bester (A methodology for the performance characterisation of a variable speed CO2 compressor
2018) for more information regarding the method itself.

This method will now be applied to the above-described 4MTE-10K Bitzer compressor and is
limited to the compressor's expected operational ranges as discussed in Section 5.1, i.e., a
constant operational frequency of 50 Hz, evaporation temperature range of 5.7-16.4°C (suction
pressure range of =4.04-5.26 MPa), discharge pressure range of 11.0-14.0 MPa, and suction
temperature range of =11-36°C. As mentioned in Section 5.1, the required operational data of the

compressor are obtained from the manufacturer-supplied software.
The first correlation:

The first step in the method will be used to obtain a correlation between one of the varying input
values and the two respective output variables. In other words, a correlation between the suction

temperature and the discharge temperature will be found, followed by a correlation between the
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same mentioned input and the second output, namely the mass flow rate. Whilst obtaining data

on the relation between two variables, all other variables are kept constant.

150 y=1.4629x+86.99

140 R2=99.98% 11.0 MPa

130
120
110

100

Discharge temperature [°C]

90

80
11 16 21 26 31 36

Suction temperature [°C]

Figure D-1: Plot and correlation of compressor discharge temperature as a function of suction temperature at
11.0 MPa discharge pressure (50 Hz operating frequency and 4.04 MPa suction pressure).

An illustration of the correlation between the suction temperature and discharge temperature is
shown in Figure D-1. Note that apart from the constant 50 Hz operating frequency, the data shown
in the plot is specific to a 4.04 MPa suction pressure and 11.0 MPa discharge pressure. Whilst
the mentioned variables are kept constant, a linear rise in discharge temperature is linked to
increased suction temperature. Furthermore, the figure displays the least-squares regression line
applied to the data points as well as the correlation coefficient, which yields a 99.98% accuracy
between the regression equation and the data points.

At the present stage, the correlation equation from Figure D-1 is in the following form as described
by Bester (2018):

n
Tais = Zji(xl) Tsuci (D.1)
i=0
ji(xl) = jl(Pdis: Poye HZ) (D.2)

Withn = 1.
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The same process is performed to calculate a regression equation between the suction
temperature and mass flow rate whilst all other variables are kept constant. At this stage, similar

to Equations (D.1) and (D.2), the mass flow rate correlation can be defined as:

n

m = Z]l(xl) Tsuci (D.3)
i=0

ji(xl) =1 (Pais) Psuc HZ) (D.4)

Withn = 1.

As mentioned before, both the outputs, namely discharge temperature and mass flow rate, are
discussed concurrently. Nevertheless, it is important to emphasise that their resulting correlations

are developed independently and should not be confused.

In summary of the first correlation, equations have been developed that define the relation
between suction temperature and discharge pressure, as well as suction temperature and mass

flow rate.
The second correlation:

In the first correlation, the least-square regression equations were applied to relate the two
respective outputs to the suction temperature at a constant suction pressure of 4.04 MPa and
discharge pressure of 11.0 MPa. This will now be repeated over a range of discharge pressures,
although still at the constant suction pressure. Hence, the coefficients of these equations will be
known and used to develop the second correlation by establishing their relationship with their

corresponding discharge pressures.

At a constant suction pressure of 4.04 MPa, the process described in the first correlation is
repeated in increments of 0.5 MPa over the whole range of discharge pressures investigated by
the present study, i.e., 11.0 MPa to 14.0 MPa. These data points and accompanying least-
squares regression lines are shown in Figure D-2. Consistent with Figure D-1, a linear rise in
discharge temperature is notable due to increased suction temperature. Note that these
regression lines also have respective regression equations and are listed on the left-hand side of
Table D-1.

The equivalent process is performed to calculate regression equations between the suction

temperature and mass flow rate over the range of discharge pressures, as shown in Figure D-3.
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A linear reduction in mass flow rate can be seen with increased suction temperature. Note that
the corresponding regression equations are listed on the right-hand side of Table D-1. From the
table, it is evident that the correlation values of the mass flow rate are generally slightly lower than
those of the discharge temperature equation.

Nevertheless, the regression equations are deemed accurate, considering that the weakest
correlation coefficient value is still 99.25%. Thus, it can be concluded for the first correlation that
the generated polynomials are sufficiently accurate within the first degree (thus n =1). As

described by Bester (2018), this varies from application and may not always be the case.

180
14.0 MPa

13.5MPa
13.0 MPa
12.5MPa
12.0 MPa
11.5MPa
11.0MPa

170

160

150

140

130

L

120

110

Discharge temperature [°C]

100

90

80

[y
[
[y
=2}

21 26 31 3

=2}

Suction temperature [°C]

Figure D-2: Plot of compressor discharge temperature as a function of discharge pressure over a range of
suction temperatures (50 Hz operating frequency and 4.04 MPa suction pressure).

0.155
0.145
)
k-4
3 0135
o
8
‘m 0.125
a 11.0MPa
s 11.5 MPa
12.0 MPa
12.5 MPa
0115 ® 13.0MPa
: 13.5 MPa
14.0 MPa
0.105
11 16 21 26 31 36

Suction temperature [°C]

Figure D-3: Plot of compressor mass flow rate as a function of discharge pressure over a range of suction
temperatures (50 Hz operating frequency and 4.04 MPa suction pressure).
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Table D-1: Discharge temperature and mass flow rate as a function of suction temperature at 10.0 MPa
discharge pressure (50 Hz operating frequency and 4.04 MPa suction pressure).

Pgis Discharge temperature equation Mass flow rate equation
[MPa]
J1 Jo R? J1 Jo R?
11.0 1.4629E+00 | 8.6990E+01 | 0.99976 -1.2206E-03 1.6577E-01 -0.9930
11.5 1.4940E+00 | 9.1583E+01 | 0.99973 -1.1984E-03 1.6275E-01 -0.9928
12.0 1.5251E+00 | 9.6176E+01 | 0.99970 -1.1762E-03 1.5972E-01 -0.9925
12.5 1.5594E+00 | 1.0054E+02 | 0.99969 -1.1516E-03 1.5662E-01 -0.9926
13.0 1.5966E+00 | 1.0485E+02 | 0.99970 -1.2167E-03 1.5511E-01 -0.9935
13.5 1.6354E+00 | 1.0904E+02 | 0.99975 -1.1889E-03 1.5188E-01 -0.9936
14.0 1.6786E+00 | 1.1317E+02 | 0.99981 -1.2556E-03 1.5017E-01 -0.9936

At this point, the discharge temperature equations listed in Table D-1 can be written as follow:

For k = 11.0; 14.0 and n _
Tdisk = Zji(xl) Tsucl
i=0

since n = 1;
(D.5)
Thus: Tdisk = J1(x) Tsye + jo(x1)
Whereas the mass flow rate equations listed in Table D-1 can be written as:

For k = 11.0; 14.0 and n .
sincen = 1: my = Zji(xl) Tsucl

=0 (D.6)
Thus: my = j1 (1) Teye + jo(x1)

Note from Equations (D.5) and (D.6) that the value k varies from 11.0 to 14.0 and represents the

discharge pressure within its operational limits.

At this stage, the coefficients of the equations linking the discharge temperature to the suction
temperature are known. The relationship between these coefficients and their corresponding
discharge pressures will now be determined using the least-squares method described in the first

correlation.
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y=0.07700x+0.63436
1.70 R?=99.82% 4.04 MPa

ja ]

11.0 115 12.0 12.5 13.0 13.5 14.0

Discharge pressure [MPa]

Figure D-4: Plot and correlation of j1 as a function of discharge pressure for the discharge temperature
equations (50 Hz operating frequency and 4.04 MPa suction pressure)

Figure D-4 and Figure D-5 illustrate a plot of j; and j, at the respective discharge pressures for
the discharge temperature equations in Table D-1. Also illustrated are the least-squares
regression lines applied to the mentioned data points as well as the corresponding correlation

equations and correlation values.

115.0 y=8.6644x-8.62658 4.04MPa
R2=99.97%
110.0

105.0

100.0

jo -]

95.0
90.0
85.0

80.0
11.0 11.5 12.0 12.5 13.0 13.5 14.0

Discharge pressure [MPa]

Figure D-5: Plot and correlation of jo as a function of discharge pressure for the discharge temperature
equations (50 Hz frequency and 4.04 MPa suction pressure).

Similar plots and correlation equations are generated for the mass flow rate equations listed in
Table D-1. The coefficients of these resulting equations are listed in Table D-2. Analogous to the
first correlation, the least-squares regression method yielded sufficiently accurate correlation

values since even the lowest correlation value yielded 99.82% (thus p = 1).

At this stage, the equations in Table D-2 (Figure D-4 and Figure D-5) can be written in the form:
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Withp = 1and i = 0,1; D
Jitx) = Z Kim(x2) Pyis™ (D.7)
m=0

Table D-2: Discharge temperature coefficients and mass flow rate coefficients as a function of discharge
pressure (50 Hz operating frequency and 4.04 MPa suction pressure).

Discharge temperature equation

0.07700 0.6344 0.9982 8.6644 -8.6258 0.9997

Mass flow rate equation

ki1 k10 R? ko1 koo R?
2.5000e-5 -1.5810e-3 0.9989 -5.9417e-3 2.3308e-1 0.9999

Equation (D.7) can now be combined with the discharge temperature in Equation (D.5) to form:

1
Tqis = Zji(xl) Tsucl
i=0

(D.8)
1 p
Tdis = Z (Z ki,m(xz) Pdism) Tsucl
i=0 \m=0
Similarly, Equation (D.7) can be combined with the mass flow rate in Equation (D.6) to form:
1
m = Zji(xl) Tsuc'
i=0
(D.9)

1 p
m = Z ( ki,m(xz) Pdism) Tsuci
0

i=0 \m=

Since the coefficient values are known, and since p = 1 is valid for both Equations (D.8) and

(D.9), the following simplifications can be made:

1 1
Tdisl = Z (Z ki,m(xz) Pdism) Tsuci
m=0 (D.10)

i=0

Forl = 4.04
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= (kl,l(xZ)Pdis + k1,0(x2)) Tsyc + (k0,1(x2)Pdis + ko,o(xz))

And

Forl = 4.04

1 1
m; = z ( ki,m(xz) Pdism> Tsuci
m=0

i=0 (D.11)

= (kl,l(xz)Pdis + k1,o(x2)) Toue + (k0,1 (x2)Pgjs + ko,o(xz))

For an R744 suction pressure of 4.04 MPa, Equations (D.10) and (D.11) should be interpreted as
the resulting equations that individually relate the two respective outputs to the inputs, i.e., the
discharge pressure and mass flow rate to the suction temperature.

The third correlation:

In the second correlation, the least-square regression equations were used to relate the two
induvial outputs, namely discharge temperature and mass flow rate, to two varying inputs, namely
the discharge pressure and suction temperature. Whilst doing so, suction pressure was fixed at
4.04 MPa. For the third correlation, this will now be reperformed over a range of suction pressures.
Hence, the coefficients of these equations will be known and used to develop the third correlation

by determining their relationship with their corresponding suction pressures.

The method described in the second correlation will now be repeated over the full range of suction
pressures considered by the present study, i.e., 4.04 MPa to 5.26 MPa. Unlike the first two
correlations, for the present correlation, the graphical aid will be given in terms of the mass flow

rate.

Figure D-6 and Figure D-7 demonstrate a plot of the mass flow rate’s coefficients, namely j: and
jo, respectively. These graphs are similar to those depicted in Figure D-4 and Figure D-5, except
that they are shown for the mass flow rate and over a range of suction pressures. In other words,
the two individual lines in Figure D-6 and Figure D-7 linked to the 4.04 MPa suction pressure are
represented by the coefficients listed in Table D-2 for the mass flow rate equation. As is evident

in the figures, least-squares regression lines are applied to the plotted data points.
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Figure D-6: Plot of the mass flow rate’s coefficient j1 as a function of discharge pressure over the range of
suction pressures.

This process involving the range of suction pressures is also repeated for the other output, i.e.,
the discharge temperature. Table D-3 lists the resulting coefficients of the regression lines used
to relate the j1 and jo coefficients of the mass flow rate (Figure D-6 and Figure D-7) and discharge
temperature to the discharge pressure over a range of suction pressures. Also included in the
table are the correlation coefficients of the regression lines. Consistent with the sufficient accuracy
of the correlations at a fixed suction pressure of 4.04 MPa, the correlation coefficients linked to
the rest of the suction pressure range are also satisfactory accurate considering that its lowest

value was recorded as 99.74%.
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Figure D-7: Plot of the mass flow rate’s coefficient jo as a function of discharge pressure over the range of
suction pressures.

At this point, the discharge temperature and mass flow rate equations listed in Equations (D.10)
and (D.11), can be broadened to: For | = 4.04;5.26. Note that the value [ represents the suction

pressure within its operational limits.
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Table D-3: Regression equation coefficients of the discharge temperature and mass flow rate as a function of
the discharge pressure over a range of suction pressures.

Discharge temperature equation

4.04 0.0770 0.6344 0.9982 8.6644 -8.6258 0.9997
4.43 0.0680 0.6876 0.9974 8.2120 -14.3283 0.9998
4.82 0.0709 0.6364 0.9998 7.5663 -17.7900 0.9998
5.26 0.0794 0.5621 0.9989 6.7329 -19.9297 0.9994
a O e egquatio
Py [MPa] ki1 k1o R? ko1 koo R?
4.04 2.5000E-05 | -1.5810E-03 0.9989 -5.9417E-03 | 2.3308E-01 0.9999
4.43 5.0000E-05 | -2.0552E-03 0.9979 -6.8159E-03 | 2.7161E-01 0.9998
4.82 6.3492E-05 | -2.5837E-03 0.9999 -7.7817E-03 | 3.1956E-01 0.9999
5.26 8.7320E-05 | -3.6168E-03 0.9998 -9.2287E-03 | 3.9083E-01 0.9999

The coefficients of the least-square equations relating the above correlations to the suction
pressure are now known. Once again, the objective is to determine the relationship between these
coefficients and the input variable. Thus, these coefficient values will be evaluated relative to the

suction pressure.

An illustration hereof is shown for the ki1 coefficient of the discharge temperature equation. The
correlation coefficient was found to be the most accurate (99.89%) for a polynomial function of
the third order. Note that for all functions before this step, polynomials of the first order were
accurate enough. Similar plots are generated and hence evaluations are carried out for the

remaining coefficients in Table D-3.

0082 3 59217+ 1.52611x+0.30424x2- 0.01995x°

0.08 R*=0.998%
5 0.078

1,

0.076
0.074
0.072
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0.068

Discharge temperature: k.
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0.062
4.04 4.43 4.82 5.26

Suction pressure [MPa]

Figure D-8: Plot of the discharge temperature equation’s coefficient k1,1 over the suction pressure.
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The above-mentioned objective has how been satisfied since the relation between the coefficients

and suction pressure is integrated from discrete values into a correlational function.

Hence, over the full suction pressure range, Equations (D.10) and (D.11) and can be derived to:
Tais = (kl,l(Psuc) " Pais + kl,O(Psuc)) *Touc + (kO,l(Psuc) *Pyis + k0,0 (Psuc)) (D.12)

m = (kl,l(Psuc) ' Pdis + k1,0 (Psuc)) ' Tsuc + (ko,l(RsuC) ' Pdis + kO,O(Psuc)) (D.13)
With the coefficients that are a function of P, listed in

Table D-4. Note that the bolded row corresponds to the illustration given in Figure D-8.

Since a fixed operating frequency of 50 Hz is present and all other three input variables of this
study’s compressor model have been accounted for, the application of Bester (2018)’s method

for this study is complete. Note that Equations (D.12) and (D.13) together with

Table D-4 are the ultimate equations from applying this method to the compressor model of the

current study.

Table D-4: Internal coefficient functions of suction pressure for Equations (D.12) and (D.13).

Equation | Coefficient Value
ki1(Psye) |=(—1.9948e7%-P3,) + (3.0424e71 - P%,) + (—1.5261€° - P,,.) + 2.5922¢€°
k1,0(Psuc) = (2.3950e7 ' P3,.) + (—3.5242¢e° - P%,) + (1.7092¢ - P,,,c) — 2.6687e"
T .
" ko1(Peuc) = (1.9083e7 1 P3,.) + (—3.1040e° - P%,) + (1.4835e' - P,,,.) — 1.3189¢!
ko,0(Pouc) = (—2.7107e7° - P3,.) + (4.3891e' - P%,) + (—2.4061e? - P,,,.) + 4.2585¢2
k11 (Pouc) = (5.2808e75 - P3,.) + (=7.4167e™*- P2,.) + (3.5035e 73 - P,,.) — 5.5059¢ 3
. kio(Paue) | = (—9.1276e~*-P3.) + (1.2011e72 - P2,)) + (—5.3817¢72 - P,.) + 7.9997e 2
m
ko1(Paue) | = (—=7.0211e™*-P3.) + (9.1382¢7% - P2,.) + (—4.1873e7%: P,,.) + 6.0374e 2
ko,0(Psuc) = (2.0301e72- P3,.) + (—2.4404e"1 - P2) + (1.0744€° - P,,,.) — 1.4629¢°
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E-1) Tabular format of verification and validation results

APPENDIX E

Table E-1: Compressor verification results in table format (Section 5.1)

Simulation Results Bitzer-software results % Relative Error
Condition _ k_g ] k_g

mr[s] AT, [°C] | W, [kW] ’"r[s] AT, [°C] | We [kW]|  m, | AT, W,

1 0.1466 114.7 11.96 0.1450 114.4 11.92 -0.28% | 0.26% 0.34%

2 0.1479 98.4 10.60 0.1472 98.6 10.59 0.46% | -0.20% | 0.06%

3 0.1650 86.6 10.22 0.1656 86.5 10.29 -0.34% | 0.12% | -0.68%

4 0.1322 120.2 11.64 0.1314 1204 11.60 0.62% | -0.17% | 0.38%

5 0.2199 68.0 9.67 0.2186 68.2 9.71 0.59% | -0.29% | -0.42%
Average values | 0.21% | -0.06% | -0.06%

Table E-2: Gas cooler verification and validation results in table format (Section 5.2)

Simulation Results

Harris (2014) results

% Relative Error

Condition i : :
AT, [°C] | AT, [°C]| Qq [kW] | AT, [°C]| AT, [°C]| Qu [kW] | AT, AT, Qn
1 64.5 36.6 27.7 63.7 35.6 26.7 1.21% | 2.75% 3.71%
2 66.9 42.7 30.1 65.9 41.5 29.0 1.43% | 2.87% 3.66%
3 72.6 48.8 324 71.4 47.3 31.2 1.61% | 3.21% 3.72%
4 70.3 58.4 31.6 69.7 54.7 30.2 0.87% | 6.80% 4.50%
5 71.8 65.0 32.3 71.9 62.5 31.8 -0.04% | 3.97% 1.70%
Average values | 1.01% | 3.92% 3.46%
Simulation Results Flownex results % Relative Error
Condition | AT, [°C] | AT, [°C]| Qy [kW]| AT, [°C] | AT, [°C]| Qq[kW]| AT, AT,, Qn
1 64.5 36.6 27.7 64.5 36.7 27.8 -0.05% | -0.25% | -0.22%
2 66.9 42.7 30.1 66.9 42.7 30.1 -0.10% | -0.09% | -0.07%
3 72.6 48.8 324 72.6 48.9 32.4 -0.08% | -0.04% | -0.06%
4 70.3 58.4 31.6 70.3 58.4 31.5 -0.06% | 0.10% 0.13%
5 71.8 65.0 32.3 71.9 64.9 32.3 -0.01% | 0.14% 0.12%
Average values | -0.06% | -0.03% | -0.02%
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Table E-3: Evaporator verification and validation results in table format (Section 5.3)

c Simulation Results Strydom (2013) results % Relative Error

= . . .

§ Tro[°Cl | Taol[°Cl | Qu[kW] | Ty [°Cl | Tq,o[°C] Q. [kW] T, T, Q,

1 14.6 14.2 9.12 12.8 13.3+0.3 | 9.03+0.7 13.91% 4.41% | 0.00%

2 13.8 14.1 8.80 15.1 14.3+0.4 | 9.51+0.78 -8.41% 0.00% | 0.00%

3 14.3 149 5.80 16.4 15.4+0.4 | 7.15+0.87 -12.62% | -0.67% | -7.64%

4 24.6 25.1 27.98 18.7 24.2+0.5 | 27.001+0.45 31.50% 1.74% | 1.93%

5 22.7 24.7 31.16 16.7 24.4+0.5 | 29.72+0.37 36.17% 0.00% | 3.56%
Average values | 12.11% 1.10% | -0.43%

- Simulation Results EVAP-COND results % Relative Error

o

= . . .

§ Tro[°Cl | Taol°Cl | QL[EW] | Tio[°C] | Tqo[°C] Q. [kW] T, Tg, Q.

1 14.6 14.2 9.12 14.2 14.5 9.03 2.68% -2.07% | 1.00%

2 13.8 14.1 8.80 13.9 14.6 8.80 -0.50% -2.82% | 0.00%

3 14.3 14.9 5.80 144 15.0 5.78 -0.49% -0.67% | 0.35%

4 24.6 25.1 27.98 24.6 25.7 27.98 -0.04% -2.22% | 0.00%

5 22.7 24.7 31.16 22.9 25.6 31.21 -0.70% -3.17% | -0.16%
Average values 0.19% -2.19% | 0.24%

E-2) Set ups of commercial software used to gather verification data

AT
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Figure E-1: Set up on Bitzer webpage used to obtain verification data of compressor.
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Compressor: In Figure E-1, the set up of the Bitzer software (link in bibliography) are shown in
the upper left-hand pane. From thereon, the operating conditions further down the pane can be

adjusted as desired.

Gas cooler: In Figure E-2, the set up of the gas cooler model built in Flownex is shown. Note that
Flownex does not include a default tube-in-tube heat exchanger and thus the compact heat
exchanger was chosen with conduction present on the inner pipe and convection present on both
sides of the pipe. The hydraulic diameter and annular flow area were used for the water flow on

the annular side and heat losses to the environment was neglected.

T P
, " R744
— PP —C

Convection
.Conduction
Convection
e— «—C
C|\ T cl‘, g Water
2 "
M

Figure E-2: Set up on Flownex used to obtain verification data of gas cooler.

Evaporator: The model set up and inputs used for the finned tube evaporator in EVAP-COND

are shown in Figure E-3. Hence, the operating conditions can be altered under the Operating

Conditions menu.

B
Ol@/@i@i?| ulsl:iv| »| af co2

Air Refrigerant Results
Inlet temperature (C) 16.5 Inlet sat. temp. (C) 0.3 Total capacity (kW) 9.03
Inlet pressure (kPa) 85.00 Inlet quality (fraction) 0.82 Sensible capacity (kW) 9.03

Inlet relative humidity (fractic0.35 Mass flow rate (kg/h) 516.60 Latent capacity (kW)  0.00
Vol. flow rate (m*min)  226.00
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Figure E-3: Set up on EVAP-COND used to obtain verification data of evaporator.
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APPENDIX F

EES Code

$Load Incompressible

"l PROCEDURES

"Compressor: Characteristic polynomial equations developed to calculate refrigerant mass flow rate &
discharge temperature”

Procedure comp_polynomials(P_suc_Pa; P_dis Pa; T _suc: m_dot; T_dis)
P_suc=P_suc_Pa*10"(-6)
P_dis=P_dis_Pa*10/(-6)

t 1 1=2,59216685056306+(-1,52611022342166)*P_suc+(0,30424307216176)*P_suc”2+(-
0,0199482170491549)*P_suc"3

t 1 0=-26,6874666590547+(17,0915741279337)*P_suc+(-
3,52420969949961)*P_suc”"2+(0,239497108884264)*P_suc”"3

t 0 1=-13,1894277467706+(14,835069640648)*P_suc+(-
3,10400204957371)*P_suc”2+(0,19083253345634)*P_suc”3

t 0_0=425,848476263789+(-240,613128921386)*P_suc+(43,890652556457)*P_suc"2+(-
2,71073998397157)*P_suc”3

m_1_1=-0,00550591135894927+(0,00350345437091076)*P_suc+(-
0,00074167223116209)*P_suc”2+(5,28082449071634E-05)*P_suc"3

m_1_0=0,0799973614349215+(-
0,0538170982792595)*P_suc+(0,0120105146806481)*P_suc”*2+(-0,000912757973386961)*P_suc”3

m_0_1= 0,0603740293822246+(-
0,0418730137538389)*P_suc+(0,00913821457291109)*P_suc"2+(-0,000702109583591744)*P_suc"3

m_0 0=-1,46289837007017+(1,07433815706922)*P_suc+(-
0,244037975782327)*P_suc”2+(0,0203011797757573)*P_suc”3
m_dot=(m_1_1*P_dis+m_1 0)*T_suc+(m_0_1*P_dis+m_0_0)
T_dis=(t_1_1*P_dis+t_1_0)*T_suc+(t_0_1*P_dis+t_0_0)
End

"Evaporator: Outlet refrigerant properties"

Function cp_r(x_R744;P_R744;h_R744)

If (x_R744<=0) or (x_R744>=1) Then
cp_r=cp(R744;P=P_R744;h=h_R744)

Endif

If (x_R744>0) and (x_R744<1) Then
Cp_f=cp(R744;P=P_R744;x=0)
Cp_g=cp(R744;P=P_R744;x=1)
cp_r=Cp_g*x_R744+Cp_f*(1-x_R744)

Endif

End

Function mu_r(x_R744;P_R744;h_R744)

If (x_R744<=0) or (x_R744>=1) Then
mu_r=viscosity(R744;P=P_R744;h=h_R744)

Endif

If (x_R744>0) and (x_R744<1) Then
mu_f=viscosity(R744;P=P_R744;x=0)
mu_g=viscosity(R744;P=P_R744;x=1)
mu_r=mu_g*x_R744+mu_f*(1-x_R744)

Endif
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End

Function k_r(x_R744;P_R744;h_R744)

If (x_R744<=0) or (x_R744>=1) Then
k_r=conductivity(R744;P=P_R744;h=h_R744)

Endif

If (x_R744>0) and (x_R744<1) Then
k_f=conductivity(R744;P=P_R744;x=0)
k_g=conductivity(R744;P=P_R744;x=1)
k_r=k_g*x_R744+k_f*(1-x_R744)

Endif

End

Function tempr744(x_R744;P_R744;h_R744)

If (x_R744<=0) or (x_R744>=1) Then
tempr744=temperature(R744;P=P_R744;h=h_R744)

Endif

If (x_R744>0) and (x_R744<1) Then
tempr744=temperature(R744;P=P_R744;x=x_R744)

Endif

End

"Evaporator: Correlation for dry air: Heat transfer coefficient and friction factor”

Procedure chtc_dry&ff(Re_Dc;D_c;Dh_air;F_p;TP_t;theta;N_rows;TP_I;k_a;Pr_a:h_dry;f_a)
If Re_Dc<1000 Then
J1=0,0045-0,491*Re_Dc”\(-0,0316-0,0171*In(N_rows*tan(theta)))*(TP_I/TP_t)"\(-
0,109*In(N_rows*tan(theta)))*(D_c/Dh_air)*(0,542+0,0471*N_rows)*(F_p/D_c)"0,984*(F_p/TP_t)(-
0,349)
J2=-2,72+6,84*tan(theta)
J3=2,66*tan(theta)

j_dry=0,882*Re_Dc J1*(D_c/Dh_air)*\J2*(F_p/TP_t)*3*(F_p/D_c)(-1,58)*tan(theta)(-0,2)

F1=-0,574-0,137*(In(Re_Dc)-5,26)"0,245*(TP_t/D_c)"(-0,765)*(D_c/Dh_air)"\(-
0,243)*(F_p/Dh_air)*(-0,474)*tan(theta)*(-0,217)*N_rows”"0,035

F2=-3,05*tan(theta)

F3=-0,192*N_rows

F4=-0,646*tan(theta)

f_a=4,37*Re_Dc F1*(F_p/Dh_air)"F2*(TP_I/TP_t)"F3*(D_c/Dh_air)"0,2054*N_rows"F4
Else

J1=-0,0545-0,0538*tan(theta)-0,302*N_rows”"(-0,24)*(F_p/TP_I)"\(-
1,3)*(TP_I/TP_t)0,379*(TP_I/Dh_air)*(-1,35)*(tan(theta))"(-0,256)

J2=-1,29*%(TP_I/TP_t)(1,77-9,43*an(theta))*(D_c/Dh_air)*(0,229-1,43*an(theta))*N_rows”"(-
0,166-1,08*tan(theta))*(F_p/TP_t)"(-0,174*In(0,5*N_rows))

J3=1

j_dry=0,0646*Re_Dc"J1*(D_c/Dh_air)"\J2*(F_p/TP_t)"(-1,03)*(TP_I/D_c)"0,432*tan (theta)"(-
0,692)*N_rows”(-0,737)

F1=-0,141*(F_p/TP_I)"0,0512*tan(theta)"(-
0,472)*(TP_I/TP_t)"0,35*(TP_t/Dh_air)*(0,449*tan(theta))*N_rows”(-0,049+0,237*tan(theta))

F2=-0,562*(In(Re_Dc))*(-0,0923)*N_rows”0,013

F3=0,302*Re_Dc"0,03*(TP_t/D_c)"0,026

F4=-0,306+3,63*tan(theta)

f a=0,228*Re_DCAF1*tan(theta)\F2+(F_p/TP_"F3*(TP_lID_c)"F4*([D_c/Dh_air)"0,383+(TP_I/TP
_t)/\(-01247)
Endif
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Nuss=j_dry*Re_Dc*Pr_a"(1/3)
h_dry=Nuss*k_a/D_c
End

"Evaporator: Correlations for wet air: Heat transfer coefficient and wet pressure drop ratio"

Procedure chtc_wet(Re_Dc;Pr_a;F_p;D_c;N_rows;k_a;A_air_total;A_t _inc;n;Fin_th;TP_l:h_wet)
If (Re_Dc>=300) and (Re_Dc<=10000) Then
j_wet=0,213262*Re_Dc"(-
0,51507)*N_rows”0,09891*(A_air_total/(A_t_inc*n*12))"0,600543*(Fin_th/TP_1)*0,072448
Nuss_wet=j_wet*Re_Dc*Pr_a"(1/3)
h_wet=Nuss_wet*k_a/D_c
Endif
End

"Evaporator: Correlations for fin efficiency"

Procedure eta_fin(TP_t;TP_I;D_c;h_air;k_fin;t_fin;A_f_inc;A_a_inc:eta_f;eta_fo)
r_o=D_c/2
X _L=sqrt((TP_t/2)"2+TP_I"2)/2
X_M=TP_t/2
R_eq=r_o*(1,27*(X_M/r_o)*(X_L/X_M-0,3)(1/2))
PHI=(R_eq/r_o-1)*(1+0,35*In(R_eq/r_0))
m=sqrt((2*h_air)/(k_fin*t_fin))
eta_f=(tanh(m*r_o*PHI))/(m*r_o*PHI)
eta_fo=1-(A_f inc/A_a_inc)*(1-eta_f)
End

"Evaporator: Correlations for mass transfer coefficient"

Procedure h_mass(h_c_wet;Cp_a;F_p;D_c;N_rows;A_a_inc;A_t_inc;Re_Dc;TP_I;TP_t:h_m)
j_m_1=0,2143*(F_p/D_c)"1,3964*(A_a_inc/(A_t_inc))"1,2298*Re_Dc"(-0,224*(F_p/D_c)-
0,1111*(TP_l/D_c)-0,06472*(TP_t/D_c)-0,08751)
j_m=j_m_1*N_rows”(-0,01884)*(F_p/D_c)"(-0,06725*N_rows-1,4424)*(A_a_inc/(A_t_inc))(-
0,1664*N_rows-
0,7121)*Re_Dc”(0,04525*N_rows+0,3173*(F_p/D_c)+0,0905*(TP_l/D_c)+0,08353*(TP_t/D_c)-0,5101)
Le=2,28*N_rows”"0,2393*(F_p/D_c)*(0,0239*N_rows+0,4332)*(A_a_inc/(A_t _inc))(0,0321*N_ro
ws+0,0747)*Re_Dc”(-0,01833*N_rows+0,194*(F_p/D_c)-0,0026*(TP_I/D_c)-
0,03012*(TP_t/D_c)+0,0418)
h_m=h_c_wet/Cp_alLe
End

"Evaporator: Cheng et. al (2008) correlation model for R744 two-phase heat transfer coefficient and
pressure drop"

Procedure
r744_tp(G;T_R744;x_R744;D_i;A_ff_r;A_r_inc_E;L_inc;gra;m_dot_r;P_R744;Q_flux;mu_SH;rho_SH:h_tp
;h$;DELTAP_T1)

D_eqg=D_i

If x_ R744<1 Then
theta_dry=0
Pcrit=p_crit(R744)
pr=P_R744/Pcrit
M=molarmass(R744)

"Fluid properties”
rho_l=density(R744;T=T_R744;x=0)
rho_v=density(R744;T=T_R744;x=1)
mu_l=viscosity(R744;T=T_R744;x=0)
mu_v=viscosity(R744;T=T_R744;x=1)
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k_v=conductivity(R744;T=T_R744;x=1)

k_I=conductivity(R744;T=T_R744;x=0)

Cp_v=specheat(R744;T=T_R744;x=1)

CTP_l=specheat(R744;T=T_R744;x=0)

sigma=surfacetension(R744;T=T_R744)

h_vap=enthalpy(R744;T=T_R744;x=1)

h_lig=enthalpy(R744;T=T_R744;x=0)

h_LV=h_vap-h_liq

We_Il=abs((G"2*D_eq)/(rho_I*sigma))

We_v=abs((G"2*D_eq)/(rho_v*sigma))

Fr_v_mori=abs(G”2/(rho_v*(rho_I-rho_v)*gra*D_eq))

gcrit=abs(0,131*rho_v”"0,5*h_LV*(gra*sigma*(rho_I-rho_v))"0,25)

x_iA=1/(1,8"(1/0,875)*(rho_v/rho_I)"(-1/1,75)*(mu_l/mu_v)*(-1/7)+1)

x_di=0,58*exp(0,52-0,236*We_v"0,17*Fr_v_mori*0,17*(rho_v/rho_[)"0,25*(Q_flux/qcrit)"0,27)

x_de=0,61*exp(0,57-0,502*We_v~"0,16*Fr_v_mori*0,15*(Q_flux/gcrit)*0,72*(rho_v/rho_[)"(-0,09))

epsilon_x_IA=x_iA/(rho_v*((1+0,12*(1-x_iA))*(x_iA/rho_v+(1-x_iA)/rho_I)+(1,18*(1-
x_iA)*((gra*sigma*(rho_l-rho_v))*(1/4)))/(G*rho_I"0,5)))

epsilon=x_R744/(rho_v*((1+0,12*(1-x_R744))*(x_R744/rho_v+(1-x_R744)/rho_l)+(1,18*(1-
x_R744)*((gra*sigma*(rho_l-rho_v))*(1/4)))/(G*rho_I"0,5)))

A_I=A_ff_r*(1-epsilon)

A | x_IA=A_ff_r*(1-epsilon_x_lA)

"Flow regimes”

"Intermittent flow"

If x_R744<x_iA Then
deltadelta=D_eq/2-sqgrt(abs((D_eq/2)"2-(2*A_1)/(2*3,1415-theta_dry)))
delta=if(deltadelta;(D_eq/2);deltadelta;deltadelta;(D_eq/2))
delta_IA=D_eq/2-sqrt(((D_eq/2)"2-(2*A_I_x_lA)/(2*3,1415-theta_dry)))
Re_delta=(4*G*(1-x_R744)*delta)/(mu_I*(1-epsilon))
Re_v=abs((G*x_R744*D_eq)/(mu_v*epsilon))
Prandl_I=abs((CTP_Pmu_I/k_I)

Prandl_v=abs((Cp_v*mu_v)/k_v)

S=1

h_cb=abs(0,0133*Re_delta™0,69*Prandl_I*0,4*(k_I/delta) )
h_nb=abs(131*Q_flux"0,58*pr*(-0,0063)*(-log10(pr))*(-0,55)*M"(-0,5) )
h_wet=((S*h_nb)*3+h_cb"3)"(1/3)
h_v=0,023*abs(Re_v)"0,8*abs(Prandl_v)"0,4*(k_v/D_eq)
h_tp=(theta_dry*h_v+(2*3,1415-theta_dry)*h_wet)/(2*3,1415)
u_v=(G*x_R744)/(rho_v*epsilon)
f_A=3,128*Re_v"(-0,454)*We_|"(-0,0308)
DELTAP_A=4*f_A*(L_inc/D_eq)*((rho_v*u_v"2)/2)

Re LO=(G*D_eq)/mu_l

f LO=0,079/Re_L0O"0,25
DELTATP_lO=4*_LO*(L_inc/D_eq)*(G"2/(2*rho_l))
DELTAP_r=DELTATP_lO*(1-epsilon/epsilon_x_IA)*DELTAP_A*(epsilon/epsilon_x_lA)
h$="Intermittent’

Else

"Annular flow"

If (x_R744>x_iA) and (x_R744<x_di) Then
deltadelta=D_eqg/2-sqrt((D_eq/2)"2-(2*A_1)/(2*3,1415-theta_dry))
delta=if(deltadelta;(D_eq/2);deltadelta;deltadelta;(D_eq/2))
delta_IA=D_eq/2-sqrt(((D_eq/2)"2-(2*A_I_x_lA)/(2*3,1415-theta_dry)))
Re_delta=(4*G*(1-x_R744)*delta)/(mu_I*(1-epsilon))
Re_v=(G*x_R744*D_eq)/(mu_v*epsilon)
Prandl_I=(CTP_I*mu_lI)/k_I
Prandl_v=(Cp_v*mu_v)/k_v
S=1-1,14*(1-delta/delta_IA)"2,2
h_cb=0,0133*Re_delta™0,69*Prandl_I"0,4*(k_l/delta)
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h_nb=131*abs(Q_flux)"0,58*abs(pr)*(-0,0063)*abs(-log10(pr))*(-0,55)*abs(M)"(-0,5)
h_wet=((S*h_nb)"*3+h_cb"3)"(1/3)
h_v=0,023*Re_v"0,8*Prandl_v"0,4*(k_v/D_eq)
h_tp=(theta_dry*h_v+(2*3,1415-theta_dry)*h_wet)/(2*3,1415)
u_v=(G*x_R744)/(rho_v*epsilon)
f_A=3,128*Re_v"(-0,454)*We_|"(-0,0308)
DELTAP_r=4*_A*(L_inc/D_eq)*((rho_v*u_v~"2)/2)
h$="Annular'

Else

"Dryout flow"

If (x_R744>x_di) and (x_R744<x_de) Then
A x_di=A_ff_r*(1-x_di)
epsilon_x_di=x_di/(rho_v*((1+0,12*(1-x_di))*(x_di/rho_v+(1-x_di)/rho_I)+(1,18*(1-

x_di)*((gra*sigma*(rho_l-rho_v))*(1/4)))/(G*rho_1"0,5)))

deltadelta=D_eqg/2-sqrt((D_eq/2)"2-(2*A_1)/(2*3,1415-theta_dry))
delta=if(deltadelta;(D_eq/2);deltadelta;deltadelta;(D_eq/2))
deltadelta_x_di=D_eqg/2-sqrt((D_eq/2)"2-(2*A_1_x_di)/(2*3,1415-theta_dry))
delta_x_di=if(deltadelta_x_di;(D_eqg/2);deltadelta_x_di;deltadelta_x_di;(D_eq/2))
delta_IA=D_eq/2-sqrt(((D_eq/2)"2-(2*A_I_x_lA)/(2*3,1415-theta_dry)))
Re_delta_x_di=(4*G*(1-x_di)*delta)/(mu_I*(1-epsilon_x_di))
Re_v_x_di=(G*x_di*D_eq)/(mu_v*epsilon_x_di)
Re_H_x_de=((G*D_eq)/mu_v)*(x_de+(rho_v/rho_I)*(1-x_de))
Prandl_I=(CTP_I*mu_l)/k_I
Prandl_v=(Cp_v*mu_v)/k_v
Y_x_de=1-0,1*((rho_l/rho_v-1)*abs(1-x_de))"0,4
SS_x_di=1-1,14*(1-delta_x_di/delta_lIA)"2,2
S_x_di=if(x_di;x_iA;1;SS_x_di;SS_x_di)
h_cb_x di=0,0133*Re_delta_x_di*0,69*Prandl_|"0,4*(k_l/delta)
h_v_x_di=0,023*Re_v_x_di*0,8*Prandl_v”~0,4*(k_v/D_eq)
h_nb=131*abs(Q_flux)"0,58*abs(pr)*(-0,0063)*abs(-log10(pr))*(-0,55)*abs(M)"(-0,5)
h_wet_x_di=((S_x_di*h_nb)*3+h_cb_x_di*3)"(1/3)

h_m_x_de=(0,00000002*Re_H_x_de"1,97*Prand|_v~1,06*Y_x_de”"(-1,83)*(k_v/D_eq))
h_tp_x_di=(theta_dry*h_v_x_di+(2*3,1415-theta_dry)*h_wet_x_di)/(2*3,1415)
h_tp=h_tp_x_di-((x_R744-x_di)/(x_de-x_di))*(h_tp_x_di-h_m_x_de)
u_v_x_di=(G*x_di)/(rho_v*epsilon_x_di)

f_A_x_di=3,128*Re_v_x_di"(-0,454)*We_I*(-0,0308)

DELTATP_tp_x_di=4*f_A_x_di*(L_inc/D_eq)*((rho_v*u_v_x_di*2)/2)

epsilon_H_x_de=(1+((1-x_de)/x_de)*(rho_v/rho_I))*(-1)

rho_H_x_de=rho_I*(1-epsilon_H_x_de)+rho_v*epsilon_H_x_de

mu_H_x_de=mu_I*(1-x_de)+mu_v*x_de

Re_m_x_de=(G*D_eq)/mu_H_x_de

f m_x_de=91,2/(Re_m_x_de”"0,832)

DELTAP_m_x_de=4*f m_x_de*(L_inc/D_eq)*(G"2/(2*rho_H_x_de))

DELTAP_r=DELTATP_tp_x_di-((x_R744-x_di)/(x_de-x_di))*(DELTATP_tp_x_di-
DELTAP_m_x_de)

h$='Dryout'

Else

"Mist flow"

If (x_R744>x_de) Then
Re_H=((G*D_eq)/mu_v)*(x_R744+(rho_v/rho_l)*(1-x_R744))
Prandl_v=(Cp_v*mu_v)/k_v
Y=1-0,1*((rho_l/rho_v-1)*(1-x_R744))"0,4
h_tp=(0,00000002*Re_H"1,97*Prandl_v~1,06*Y"(-1,83)*(k_v/D_eq))
mu_H=mu_I*(1-x_R744)+mu_v*x_R744
Re_m=(G*D_eq)/mu_H
f_m=91,2/(Re_m"0,832)
epsilon_H=(1+((1-x_R744)/x_R744)*(rho_v/rho_I))"(-1)
rho_H=rho_I*(1-epsilon_H)+rho_v*epsilon_H
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DELTAP_r=4*f_m*(L_inc/D_eq)*(G"2/(2*rho_H))

h$="Mist'
Endif
Endif
Endif
Endif
Else
h_tp=1
h$='Superheat'
Re_SH=abs((m_dot_r*D_i)/(mu_SH*A_ff r))
V_r=m_dot_r/(rho_SH*A _ff r)
f SH=(1,82*log10(Re_SH)-1,64)"(-2)
DELTAP_r=f SH* (L_inc/D_eq)* (V_r"2/(2*gra))*(rho_SH*gra)
Endif
End
"l INPUTS
"Compressor"
P_dis=12,0%(10"6) [Pa]
{DOS=5,0 [°CI}
"Gas cooler"”
P_water_i=250*(10"3) [Pa]
T water_i=15 [°C]
{m_dot_w=0,1 [ka/s]}
T w_0=90 [°C]
"Evap inputs"
T _amb=25 [°C]
RH_a=0,30 []
P_amb=85*(10"3) [Pa]
V_a=3,0 [m/s]

T _amb_wb=wetbulb(AirH20;T=T_amb;R=RH_a;P=P_amb)
T _evap=T_amb_wb-8

"General constants"
Gra=9,81 [m/s"2]

"l MAIN

" Main code: Compressor

"Compressor characteristic equations”
Call comp_polynomials(P_suc; P_dis; T_suc : m_dot_r_total ; T_dis)

"Boundary conditions"
P_suc=P_r_o_E[N_inc_E]
T_suc=T_r_o_E[N_inc_E]
h_suc=enthalpy(R744;T=T_suc;P=P_suc)

"Work rate & DOS"
W_dot_c=m_dot_r_total*(h_dis-h_suc)
h_dis=enthalpy(R744;T=T_dis;P=P_dis)
DOS=T_suc-T_evap
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Main code: Gas Cooler

"Geometry"
L_GC=30,32 [m]
t_tube_GC=0,00275 [m]
D_ii_GC=0,016 [m]
D_oi_GC=0,026035 [m]
R_f_ii_GC=0,0000
R_f_io_GC=0,0000
N_inc_GC=16
Abs_R_SS=1,5%(10"(-5))
D_io_GC=D_ji_GC+2*_tube_GC
D_H_r_GC=D_ii_GC

D_H w=D_oi_GC-D_io_GC

A _ff_r_ GC=1/4*pi*D_ii_GC"2

A_ff_w=1/4*pi*D_oi_GC"2-1/4*pi*D_io_GC"2

A _r_GC=pi*D_ii_GC*L_GC

A_w=pi*D_io_GC*L_GC

L_inc_GC=L_GC/N_inc_GC

A r_inc_GC=A _r_ GC/N_inc_GC

A_w_inc=A_w/N_inc_GC

Rel_R_SS=Abs_R_SS/D_H_w

"Boundary conditions”
Inc_GCJ[0]=0
P_r o GCJ[0]=P_dis
T _r o _GC[0]=T_dis
h_r o GC|[0O]=enthalpy(R744;T=T_dis;P=P_dis)
s_r_o_GC[0]=entropy(R744;T=T_dis;P=P_dis)
P_w_i[N_inc_GC+1]=P_water_i
T w_i[N_inc_GC+1]=T_water_i
h_w_i[N_inc_GC+1]=enthalpy(Water;T=T_water_i;P=P_water i)
s_W_i[N_inc_GC+1]=entropy(Water;T=T_water_i;P=P_water_i)

"Discretisation Function"
Duplicate i=1;N_inc_GC

"Links between succeeding increments"
Inc_GCJi]=Inc_GCJi-1]+1

h_r i GCJ[il=h_r_o_GCJi-1]
P_r_i_GCJ[il=P_r_o_GCJi-1]
T r i GC[i]=T_r_o_GCJi-1]

s r_i GCJi]l=s_r_o_GCJi-1]
h_w_o[il=h_w_i[i+1]
P_w_o[i]=P_w_li[i+1]
T_w_o[i]=T_w_i[i+1]
S_w_oli]=s_w_li[i+1]

"Mean increment properties"

P_r GCJ[i]|=(P_r_o_GCJil+P_r_i_GCJi])/2
T r GC[i]=(T_r_o_GCJ[i]+T_r_i_GCJi])/2
h_r GCJi]J=(h_r_o_GC]Ji]+h_r_i_GCi])/2
s_r_GClJi]=(s_r_o_GClJil+s_r_i_GCJi])/2
P_wli]=(P_w_i[i][+P_w_oJi])/2
T_wli]=(T_w_i[i]+T_w_o[i])/2
h_wli]=(h_w_i[i]+h_w_o0[i])/2
s_wl[i]=(s_w_li[i]+s_w_o0][i])/2
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Delta_Pinch_GCI[i]=T_r_GCJi]-T_w[i]

"Fluid properties at mean increment position™
mu_r_GCJi]=viscosity(R744;h=h_r_GCJi];P=P_r_GCJi])
Cp_r_GCli]=cp(R744;h=h_r_GCJi];P=P_r_GCIi])
rho_r_GCJil=density(R744;h=h_r_GCJi];P=P_r_GCIi])
k_r_GCli]=conductivity(R744;h=h_r_GCJi];P=P_r_GCIi])
mu_w/[i]=viscosity(Water;h=h_wl[i];P=P_w[i])
Cp_wl[i]=cp(Water;h=h_w[i];P=P_wl[i])
rho_wli]=density(Water;h=h_wf[i];P=P_w][i])
k_wli]J=conductivity(Water;h=h_wl[i];P=P_wi]i])

"Convection heat transfer coefficients"

Pr_r_GCl[i]=Cp_r_GCJi]*mu_r_GCJiJ/k_r_GC]Ji]
Re_r_GCJi]=4*m_dot_r_total/(pi*D_H_r_GC*mu_r_GCIi])
Nuss_r_GCJi]=if(Re_r_GC]Ji];2300;4,36;4,36;0,023*abs(Re_r_GC]Ji])"0,8*abs(Pr_r_GCJi])"0,3)
h_c _r GCJi]=Nuss_r_GCJi]*k_r_GCJi}/D_H_r GC

Pr_w[il=Cp_wl[i]*mu_wl[i]/k_wT[i]

Re_wl[i]l=rho_w[i]*V_wl[i]*D_H_w/mu_wl[i]
Nuss_w[i]=if(Re_wI[i];2300;4,36;4,36;0,023*Re_w][i]"0,8*Pr_w[i]*0,4)
h_c_wl[i]=Nuss_w][i]*k_w[i]J/D_H_w

"Overall thermal resistance"
1/UA_GCJi]l=1/(h_c_r_GCJ[i]*A_r_inc_GC)+1/(h_c_wl[iJ*A_w_inc)+(In(D_io_GC/D_ii_GC))/(2*pi*k _

t GC[i]*L_inc_GC)+R_f ii_ GC/A_r_inc_GC+R_f io_ GC/A_w_inc

k_t GC[i]J=conductivity(Stainless_AISI304; T=(T_r_GCJi]+T_wIJi])/2)

"Heat balance"
Q_dot H[i]=UA_GCIiJ*(( (T_r_i_GCIi]-T_w_i[i]) - (T_r_o_GCJ[i]-T_w_o[i) )/( In( (T_r_i_GCIi]-

T_w_i[i]) / (T_r_o_GCJi]-T_w_o0[i]) ) ))

End

Q_dot_H[i]=m_dot_r_total*(h_r_i GC]Ji]-h_r_o_GCIi])
Q_dot_H[i]=m_dot_w*(h_w_i[i]-h_w_o0[i])

"Pressure drops”

V_r_GCJi]=m_dot_r_total/(A_ff_r_ GC*rho_r_GCIJi])

P_r o _GCJil=P_r_i_GCJi]-Delta_P_gc_R744[i]
Delta_P_gc_R744[i]=(f_D&HI[i]*L_inc_GC*rho_r_GCI[i]*V_r_GCl[i]*2)/(D_H_r_GC*2)
Delta_P_r_GCJil=(f_D&H][i]*L_inc_GC*rho_r_GCI[i]*V_r_GCJ[i1"2)/(D_H_r_GC*2)
f_D&H[i]=(1,82*log10(Re_r_GCJi])-1,64)"(-2)
V_wl[il=m_dot_w/(A_ff_w*rho_w[i])

P_w_i[i]=P_w_oli]-Delta_P_gc_waterf[i]
Delta_P_gc_water[i]=(f_DarcyWI[iJ*L_inc_GC*rho_wl[i]*V_wl[i]*2)/(D_H_w*2)
Delta_P_wl[i]=(f_DarcyWI[i]*L_inc_GC*rho_wl[i]*V_w[i]*2)/(D_H_w*2)

f DarcyW[il=moodychart(Re_wJi];Rel_R_SS)

"Increment outlet properties"
T_w_i[i]=temperature(Water;h=h_w_i[i];P=P_w_i[i])
T_r_o_GCl[i]J=temperature(R744;h=h_r_o_GC]Ji];P=P_r_o_GCJi])
s_w_i[i]=entropy(Water;h=h_w_i[i];P=P_w_i[i])
s_r_o_GCJi]=entropy(R744;h=h_r_o_GCIi];P=P_r_o_GCJi])
U_GCJi]=UA_GCJi)J/A_r_inc_GC

"Total heat transfer rate and output values"

Q_dot_H_total=sum(Q_dot_H][i];i=1;N_inc_GC)
Delta_P_w_total=sum(Delta_P_w[i];i=1;N_inc_GC)
Delta_P_r_GC_total=sum(Delta_P_r_GC]Ji];i=1;N_inc_GC)
T r o GC=T_r_o_GC[N_inc_GC]

I-UI_|
3=
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" Main code: Expansion Valve

"Inlet properties"
h_EX_i=h_r_o_GC[N_inc_GC]
T _EX_i=T_r_o_GC[N_inc_GC]
P_EX_i=P_r_o_GC[N_inc_GC]
s_EX_i=s_r_o_GC[N_inc_GC]

"Outlet properties”
0=h_EX_i-h_EX_o

T_EX_o=T_evap

P_EX o=p_sat(R744;T=T_evap)

s_EX_o=entropy(R744;h=h_EX_o;P=P_EX_0)

" Main code: Evaporator

"Geometry"
L_evap=4,15
sigma=0,002028/(0,15*H_inc) {0.03245/(4.8/2)/H_inc}
D_o E=0,0101
t fin=0,00014
t tube E=0,00041
TP_t=0,0254
TP_I=0,022
N_rows=2
N_inc_E=32
N_circuits=12
D_i E=D_o_E-t_tube E*2
A_ff r E= PI*(D i E/2)r2
A_r_inc_E=PI*D_i_E*L_inc_E
D _c= D_o_E+2*t_f|n
F_p=0,002116-t_fin
alpha_air=0,074436/(0,15*H_inc*W_inc) {2.38195/(4.8*H_inc*W_inc)}
h_air=4*A_ff_a_total*(W_e)/A_a_total
L_inc_E=L_evap/N_inc_E
W_inc=TP_|
W_e=TP_I*N_rows
H_inc=TP_t
Vol_inc=H_inc*L_inc_E*W_inc
A_fin\A=0,069973/0,074436 {2.23914/2.38195}
A_a_inc=alpha_air*Vol_inc
A_f inc=A_a_inc*A_fin\A
N_f inc=L_inc_E/F _p

A_t inc=PI*D_o_E*(L_inc_E)

A_ff_a=L _inc_E*H_inc*sigma

A_ff_a total=A_ff_a*(N_inc_E/2)*N_circuits

A a total=A_a inc*N_inc_E*N_circuits
"Boundary conditions"

inc_E[0]=0

T a i=T_amb

P_a i=P_amb

hri EX_i

"Inlet air properties"
Cp_a=cp(AirH20;T=T_a_i;R=RH_a;P=P_a i)
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rho_a=density(AirH20;T=T_a_i;R=RH_a;P=P_a i)
mu_a=viscosity(AirH20;T=T_a_i;R=RH_a;P=P_a i)
k_a=conductivity(AirH20;T=T_a_i;R=RH_a;P=P_a i)
h_a_i=enthalpy(AirH20;T=T_a_i;R=RH_a;P=P_a i)
omega_i=humrat(AirH20;h=h_a_i;R=RH_a;P=P_a i)
Re_Dc=(rho_a*V_a _max*D_c)/mu_a
Pr_a=(Cp_a*mu_a)/k_a

"Inlet refrigerant properties"
P r i E=p_sat(R744;T=T_r_i E)
x_i=quality(R744;T=T r_i E;h=h_r i E)
rho_r_ i E=density(R744;T=T_r_i E;h=h_r i E)
Cp_ri E=cp_r(x_i;P_r i Ehr i E)
mu_r i E=zmu_r(x_i;P_r i E;h r i E)
k r i E=sk_r(x_i;P_r_i E;h r i E)
s_r_i_E=entropy(R744;T=T_r_i_E;x=x_li)

"Evaporator material properties"
k_fin=k_ (Aluminum’; T_a_1i)
k _t=k_(‘Copper’; T_a i)

"Air heat transfer coefficient and friction factor - dry air”
Call chtc_dry&ff(Re_Dc;D_c;Dh_air;F_p;TP_t;theta;N_rows;TP_l;k_a;Pr_a:h_c_dry;f_a)
theta=(16*PI)/180

"Air heat transfer coefficient and pressure drop ratio - wet air”
Call chtc_wet(Re_Dc;Pr_a;F_p;D_c;N_rows;k_a;A_a_total;A t inc;N_inc_E;t fin;TP_l:h_c_wet)

"Fin efficiency - dry & wet air"
Call eta_fin(TP_t;TP_I;D_c;h_c_dry;k_fin;t_fin;A_f_inc;A_a_inc:eta;eta_o)
Call eta_fin(TP_t;TP_I:D_c;h_c_wet;k fin;t fin;A f inc;A_a_inc:eta_wet;eta_o_wet)

"Mass transfer coefficient"
Call h_mass(h_c_wet;Cp_a;F_p;D_c;N_rows;A_a _inc;A t inc;Re_Dc;TP_I;TP_t:h_m)

"Mass flow calculations”
m_dot_r=m_dot_r_total/N_circuits
G_r_E=m_dot_r/A_ff r E
V_a_max=V_a/sigma
m_dot_a=V_a*H_inc*L_inc_E*rho_a

"Discretisation function boundary values"
T r o E[0=T_r_i E
h r o E[0]=h_r_i E
P r o E[0]=P_r i E
s r o E[0]=s r i E
Cp_r_ o _E[0]=Cp_r_i_E
k r o E[O]=k_r_i E
mu_r_o_E[0]l=mu_r_i E
rho_r_o_E[O]=rho_r_i E
X_0[0]=x_i

Duplicate i=1;N_inc_E/4
T_a_i[i]=average(T_a_o[-i+17];T_a_o[-i+33])
omega_i[i]=average(omega_o[-i+17];0mega_o[-i+33])
P_a_i[il=average(P_a_ol[-i+17];P_a_o[-i+33])
End
Duplicate i=N_inc_E/4+1;N_inc_E/2
T a ifil=T_a_i
omega_i[i]=omega_i
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P_a ifil=P_a_i

End

Duplicate i=N_inc_E/2+1;24
T_a_i[i]l=average(T_a_o[-i+33];T_a_o[-i+49])
omega_i[i]=average(omega_o[-i+33];0mega_o[-i+49])
P_a_i[ilraverage(P_a_ol[-i+33];P_a_o[-i+49])
End

Duplicate i=25;N_inc_E

T a ifil=T_a_i

omega_i[il=omega_i

P_a i[il=P_a_i

End

"Discretisation Function"
Duplicate i=1;N_inc_E

"Increment refrigerant side links"
s_r_i_E[il=s_r_o_EJ[i-1]
Cp_r_i_E[i]=Cp_r_o_EJi-1]
x_i[i]=x_ol[i-1]
k_r_i_E[i]=k_r_o_E[i-1]
mu_r_i[i]=mu_r_o_EJi-1]
rho_r_i[i]=rho_r_o_EJi-1]

P_r_ i E[i]=P_r_o_EJi-1]
h_r_i_E[il=h_r_o_E[i-1]
inc_El[i]=inc_E[i-1]+1

"Increment inlet properties"
T_r_i_E[il=tempr744(x_i[il;P_r_i_E[il;h_r_i_E[i])
DP_a[il=dewpoint(AirH20;T=T_a_li[i;w=0omega_i[i];P=P_a_i[i])

"Refrigerant heat transfer coefficients"
Re_r_E[i]=abs((m_dot_r*D_i_E)/(mu_r_i[i]*A_ff r_E))
Pr_r_E[i]=(Cp_r_i_E[iJ*mu_r_i[i)/k_r_i_E[i]
f_sh[i]=(1,82*log10(Re_r_EJi])-1,64)"(-2)
Nuss_sh[i]=(f_sh[i]/8)*(Re_r_E[i]-
1000)*Pr_r_EJ[i]*(1,07+12,7*sqrt(abs((f_sh[i]/8))*abs(abs(Pr_r_E[i])(2/3)-1)))(-1)
h_c_sh[i]=Nuss_sh[i]*k_r_i_E[i}/D_i_E
Call
r744 tp(G_r_E;T_r_ i E[il;x_i[il;D_i_E;A_ff r E;A_r_inc_E;L_inc_E;gra;m_dot_r;P_r_i E;Q_flux_E[i];mu_
r_o_E[il;rho_r_o_EJi]:h_c_tp[i];h$[i];Delta_P_r_ETi])
Q_flux_E[i]=Q_dot_L[i)/A_r_inc_E
h_c_rli]l=if(x_i[i];1;h_c_tpl[i];h_c_sh[i};h_c_shli])

"Increment air properties"”
rho_ali]=density(AirH20;T=T_a_i[i;w=omega_li[i];P=P_a_1i[i])
Cp_a[il=cp(AirH20;T=T_a_i[il;w=0omega_i[i];P=P_a_i[i])
omega_sw[il=humrat(AirH20;T=T_t_o[i];R=1;P=P_a_i[i])
h_g[i]=enthalpy(Water;T=T_a_i[i];x=1)
h_fli]=enthalpy(Water;T=T_t_0[i];x=0)
AirState$[i]=if(T_t_o[i];DP_a][i];'Wet';'Dry";'Dry")
rho_a_o[i]=density(AirH20;T=T_a_o[il;w=omega_ol[i];P=P_a_o][i])
rho_a_avg[i]=(rho_al[i]+rho_a_o][i])/2

"Heat balance"
Q_dot_L[i]J=m_dot_r*(h_r_o_EJi]-h_r_i_E[i])
Q_dot_sen[i]=m_dot_a*Cp_a[i]*(T_a_i[i]-T_a_oJi])
Q_dot_lat[i]=m_dot_a*h_g[i]*(omega_i[i]-omega_o][i])
Q_dot_L[i]=Q_dot_sen][i]+Q_dot_lat[i]
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"Characteristic heat transfer"
Q_dot_L[i]=h_c_r[i]*A_r_inc_E*(T_t_i[i]-T_r_i_E[i])
Q_dot_sen[i]=if(T_t_o[i];DP_a[i];h_c_wet*A_a_inc*eta_o_wet*(T_a_i[i]-
T_t o[i]);h_c_wet*A_a_inc*eta_o_wet*(T_a_i[i]-T_t_o[i]);h_c_dry*A_a_inc*eta_o*(T_a_i[i]-T_t_0oJi]))
Q_dot_lat[i]=if(T_t_o[i];DP_a[il;h_m*A_a_inc*eta_o_wet*(omega_sw[i]-omega_i[i])*(h_f[i]-
h_g[i]);h_m*A_a_inc*eta_o_wet*(omega_sw][i]-omega_i[i])*(h_f[i]-h_g[i]);0)

"Tube wall conduction”
Q_dot_L[i]=(2*PI*K_t*L_inc_E*(T_t_o[i]-T_t_i[i]))/In(D_o_E/D_i_E)

"Increment outlet properties”
T r_o_EJ[i]=temperature(R744;h=h_r_o_E[i];P=P_r_o_E[i])
s_r_o_E[i]=entropy(R744;h=h_r_o_EJi];P=P_r_o_EJi])

Cp_r_o_E[i]=cp_r(x_o[i];P_r_o_EJil;h_r_o_EJi])

k r_o E[il=k_r(x_o[i];P_r_o_EJil;h_r_o_EJi])
mu_r_o_E[il=mu_r(x_o[i];P_r_o_EJ[i];h_r_o_E[i])
rho_r_o_EJ[i]=density(R744;P=P_r_o_E[il;h=h_r_o_E[i])
RH_a_oli]=relhum(AirH20;T=T_a_ol[i];w=omega_o[i];P=P_a_ol[i])

"Pressure drops”

P_a o[i]-P_a_i[i]+Delta_P_a][i]=0

Delta_P_a[i]l=m_dot_a"2/(2*rho_a[i]*A_ff_a"2)*((1-
(A_ff_a/(L_inc_E*H_inc))*2)*(rho_ali]/rho_a_oli]-
1)+2*f_a*(A_a_inc/A_ff_a)*(rho_a[i]/(rho_a[i]+rho_a_oJi])))

P_r o _EJi]-P_r_i_E[i]+Delta_P_r_EJ[i]=0

x_o[i]=quality(R744;h=h_r_o_E[i];P=P_r_o_EJi])
End

"Circuit outlet properties"
T_a o=average(T_a_o[1..N_inc_E/4];T_a_o[N_inc_E/2+1..24])
omega_o=average(omega_o[1l..N_inc_E/4];,omega_oO[N_inc_E/2+1..24])
P_a o=average(P_a_o[1..N_inc_E/4];P_a o[N_inc_E/2+1..24])
RH_a_o=relhum(AirH20;T=T_a_o;w=omega_o0;P=P_a_0)
ha_o=enthalpy(AirH20;T=T_a_o;w=omega_o;P=P_a_o0)
T r_o_E=temperature(R744;h=h_r_o_E[N_inc_E];P=P_r_o_E[N_inc_E])
P r o E=P_r o _E[N_inc_E]
Delta_P_r_E_total=P_r_i_E-P_r_o_E[N_inc_E]
Delta_P_a_total=P_amb-P_a o

"Evaporator heat transfer rates"
Q_dot_sen_total=sum(Q_dot_sen([i];i=1;N_inc_E)*N_circuits
Q_dot_lat_total=sum(Q_dot_lat[i];i=1;N_inc_E)*N_circuits
Q_dot_L_total=Q_dot_sen_total+Q_dot_lat_total

Main code: Cycle COP & plotting points

"Cycle heating COP"
COP_H=Q dot H_total/W_dot c

"Cycle point: Evaporator outlet / Compressor inlet"
T_R744[1]=T_suc
P_R744[1]=P_suc
h_R744[1]=h_suc
s_R744[1]=entropy(R744;T=T_R744[1];P=P_R744[1])

"Cycle point: Compressor outlet / Gas cooler inlet"
T_R744[2]=T_dis
P_R744[2]=P_dis
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h_R744[2]=h_dis
s_R744[2]=entropy(R744:T=T_R744[2]:P=P_R744[2])

"Cycle points: Gas cooler discretisation"
Duplicate i=3;N_inc_GC+1
T_R744[i]=T_r_o_GCJi-2]
P_R744[i|=P_r_o_GCJi-2]
h_R744[i]=h_r_o_GCJi-2]
s_R744[i]=s_r_o_GCJi-2]

End

"Cycle point: Gas cooler outlet / Expansion valve inlet"
T_R744[N_inc_GC+2]=T_EX i
P_R744[N_inc_GC+2]=P_EX_i
h_R744[N_inc_GC+2]=h_EX_i
S_R744[N_inc_GC+2]=s_EX_i

"Cycle point: Expansion valve outlet / Evaporator inlet"

T_R744[N_inc_GC+3]=T_EX o

P_R744[N_inc_GC+3]=P_EX_o

h_R744[N_inc_GC+3]=h_EX_o

s_R744[N_inc_GC+3]=s_EX o

"Cycle points: Evaporator discretisation”
Duplicate i=1;N_inc_E
T_R744[i+N_inc_GC+3]=T_r_o_EJi]
P_R744[i+N_inc_GC+3]=P_r_o_E[i]
h_R744[i+N_inc_GC+3]=h_r_o_E[i]
s_R744[i+N_inc_GC+3]=s_r_o_EJi]
End

"Cycle points: Water"
Duplicate i=2;N_inc_GC+2
T water[i]=T_w_i[i-1]
End
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